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xx
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ηo surface efficiency -
λ thermal conductivity W /mK
Λ vortex generator aspect ratio -
µ dynamic viscosity Pas
xxi
ν kinematic viscosity m2/s
θ louver angle degrees
ρ density kg/m3
σ contraction ratio -
ω vorticity 1/s
Subscripts
c cold
f fin
h hot
i inner
m mean
o outer
ref reference
t tube
w wall∞ free stream
Acronyms
AAM Ammonia Absorption Method
CFD Computational Fluid Dynamics
COP Coefficient of Performance
EL Exit louver
EPBD Energy Performance of Buildings Directive
HVAC&R Heating, Ventilation, Air Conditioning & Refrigeration
IAPWS International Association for the Properties of Water and
Steam
IEA International Energy Agency
IF Industrial Formulation
IL Inlet louver
LDA Laser Doppler Anemometry
LMTD Logarithmic Mean Temperature Difference
NTU Number of Transfer Units
PEC Performance Evaluation Criterion
PIV Particle Image Velocimetry
SIMPLE Semi-Implicit Method for Pressure-Linked Equations
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–Summary in Dutch–
Overheden en bedrijven zijn zich steeds meer bewust van de noodzaak om
efficie¨nter gebruik te maken van de beschikbare energiebronnen. Een verbetering
van de energie-efficie¨ntie is vaak de eenvoudigste en goedkoopste manier
om de energievoorziening te garanderen en de uitstoot van broeikasgassen te
verminderen. Elke dag worden grote hoeveelheden warmte overgedragen in
industrie¨le en huishoudelijke processen. Deze warmteoverdracht vindt plaats
in warmtewisselaars. Compacte warmtewisselaars leveren een belangrijke
bijdrage tot de energie-efficie¨ntie in de industrie, het transport en in gebouwen.
Fabrikanten van warmtewisselaars zijn voortdurend op zoek naar nieuwe en
betere ontwerpen. Energie-efficie¨ntere warmtewisselaars helpen om de 20-20-20
klimaat- en energiedoelstellingen van de Europese Unie te behalen.
Lucht wordt gebruikt in zeer vele warmteoverdrachtstoepassingen (bv.
koeling in compressieluchtsystemen, warmtepompen, airconditioningtoestellen,
koelinstallaties, autoradiatoren, enz.). Als warmte wordt uitgewisseld met lucht, is
de thermische weerstand aan de luchtzijde dominant. Om de warmteoverdracht te
verbeteren, wordt het warmtewisselend oppervlak vergroot met behulp van vinnen.
Complexe onderbroken vintypes worden gebruikt indien een grote compactheid
gewenst is. Deze vintypes verhinderen de vorming van dikke grenslagen en
leiden sneller tot instabiliteiten. Een voorbeeld zijn de louvered vinnen. Dit
vintype bestaat uit vlakke plaatjes (de lamellen of louvers) die geheld staan ten
opzichte van de aankomende stroming. Een belangrijk nadeel van onderbroken
vinnen is de grote drukval. In tegenstelling tot onderbroken vintypes, verbeteren
vlakke vinnen met longitudinale wervelgeneratoren de warmteoverdracht met een
beperkte toename in drukval. De opgewekte longitudinale wervels veroorzaken
een intense menging van de hoofdstroming met de stroming nabij de wanden.
Ze verdunnen ook de thermische grenslagen en zorgen voor het sneller optreden
van instabiliteiten. Dit resulteert in een toename van de warmteoverdracht. Er
bestaan verschillende types wervelgeneratoren. Delta winglet paren zijn zeer
aantrekkelijk wanneer zowel warmteoverdracht als drukval van belang zijn. In
buis-vin warmtewisselaars worden de zogzones achter de buizen gekenmerkt door
een slechte warmteoverdracht. Door een weldoordachte plaatsing van de delta
winglets kunnen deze zogzones verkleind worden.
In de toekomstige generatie van vinoppervlakken worden bestaande
verbeteringstechnieken gecombineerd. Dit resulteert dan in zogenaamde
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gemengde vinontwerpen. Bij een goed ontwerp heeft de gemengde vin een betere
prestatie dan wanneer de verbeteringstechnieken afzonderlijk worden toegepast.
Vermits louvered vinnen in talrijke toepassingen worden gebruikt, lijkt het
toevoegen van delta winglets aan louvered vinoppervlakken veelbelovend. Dit
motiveert het doel van dit doctoraatswerk: een studie van de thermohydraulische
prestatie van louvered vin warmtewisselaars met delta winglets. Enkel
warmtewisselaars met ronde buizen worden beschouwd.
In gemengde ontwerpen is de stroming zeer complex en sterk
driedimensionaal omdat lokale stromingsstructuren (zoals de natuurlijk
optredende hoefijzerwervels, de geı¨nduceerde wervels door wervelgeneratoren,
de zogzones, unsteadiness) gecombineerd worden met globale veranderingen van
de stroming (afbuiging van de stroming door de louvers). Een weldoordachte
plaatsing van de wervelgeneratoren op het vinoppervlak is belangrijk om
een gemengd vinontwerp met een betere prestatie te bekomen. Omdat de
thermohydraulica sterk gekoppeld is met het stromingsveld, is een goed begrip van
het stromingsgedrag in de louvered vin warmtewisselaar essentieel vooraleer er
wervelgeneratoren worden toegevoegd aan het vinoppervlak. Daarom werd eerst
het stromingsveld van louvered vin warmtewisselaars zonder wervelgeneratoren
bestudeerd. Dit onderzoek gebeurde zowel experimenteel als numeriek.
Hoefijzerwervels zorgen voor een toename van de lokale convectiecoe¨fficie¨nt
en zogzones worden gekenmerkt door een slechte warmteoverdracht. Beiden
zijn dus interessant vanuit thermisch oogpunt. Deze stromingsstructuren werden
gevisualiseerd in zes schaalmodellen van louvered vin warmtewisselaars met
ronde buizen. De modellen bestaan uit drie buizenrijen in een driehoekige
schikking. Enkel de afstand tussen de vinnen en de hoek die de louvers maken
met de aankomende stroming is verschillend. Een watertunnel werd ontworpen
en gebouwd. De stroming werd gevisualiseerd door inktinjectie. Bij lage
Reynoldsgetallen worden geen hoefijzerwervels gevormd voor de buizen en de
recirculatiezones achter de buizen zijn klein. Als het Reynoldsgetal toeneemt,
groeien de zogzones en uiteindelijk worden ze onstabiel. Ook hoefijzerwervels
worden gevormd en ze worden sterker met een toenemend Reynoldsgetal. De
vinafstand beı¨nvloedt eveneens de ontwikkeling van de hoefijzerwervels: een
grotere vinafstand leidt tot grotere en sterkere wervels. Dit illustreert dat het
verkleinen van de afstand tussen de vinnen resulteert in een dissipatie van
de wervels door wrijving. De resulterende wervels die zich rond de buis
leggen worden vernietigd door de louvers stroomafwaarts van het keerlouver
in dezelfde buizenrij. Dit effect wordt versterkt bij hogere Reynoldsgetallen,
kleinere vinafstanden en grotere louverhoeken. Bij een kleinere vinafstand wordt
de zogontwikkeling ook meer onderdrukt. Bij eenzelfde Reynoldsgetal zijn
de hoefijzerwervels in de stroomafwaartse buizenrijen sterker dan in de eerste
buizenrij. Soms worden er ook secundaire wervels gevormd. Er is ook een
verschil tussen de wervels boven en onder het vinoppervlak in de stroomafwaartse
buizenrijen.
Driedimensionale numerieke simulaties worden uitgevoerd om de
experimentele observaties meer in detail te bestuderen. Computational Fluid
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Dynamics (CFD) werd gebruikt voor de simulaties. De bestudeerde geometrie
is dezelfde als e´e´n van de geometriee¨n bestudeerd in de watertunnel. De
simulaties werden gevalideerd met experimentele data. Het verschil tussen
de wervelsystemen in de eerste en volgende buizenrijen is te wijten aan de
afbuiging van de stroming. Deze afbuiging van de stroming is typisch voor
warmtewisselaars met louvered vinnen. Door de afbuiging van de stroming
worden de lokale drukken vo´o´r de buizen in de stroomafwaarts gelegen
buizenrijen beı¨nvloed en bijgevolg ook de ontwikkeling van de hoefijzerwervels.
Er werd ook vastgesteld dat de afbuiging van de stroming door de louvers in
de eerste buizenrij hoofdzakelijk tweedimensionaal is, terwijl de stroming in de
volgende buizenrijen een sterk driedimensionaal karakter vertoont.
Vervolgens werden delta winglets aan het louvered vinoppervlak toegevoegd.
Uit de stromingsstudie blijkt dat de warmteoverdracht kan verbeterd worden door
een goede integratie van de opgewekte wervels in het stromingsveld. De delta
winglets werden geplaatst achter elke buis in een common flow down orie¨ntatie.
Op deze manier worden de zogzones verkleind. Verder wordt er ook voor
gezorgd dat de louvers de hoefijzerwervels zo weinig mogelijk vernietigen, omdat
deze wervels op natuurlijke wijze een verbetering van de thermische prestatie
veroorzaken (in tegenstelling tot de wervels gegenereerd door wervelgeneratoren
die opzettelijk worden opgewekt). De achterliggende fysica en de invloed
van de belangrijkste geometrische parameters werden numeriek onderzocht met
CFD. Warmteoverdracht is opgenomen in de simulaties. De simulaties werden
gevalideerd met een windtunnelexperiment.
De opgewekte longitudinale wervels verbeteren de warmteoverdracht op drie
manieren. Ten eerste wordt door de draaibeweging van de wervels warme lucht
verwijderd vanuit de zogzones naar de hoofdstroming en omgekeerd. Ten tweede
zorgen de wervels voor een verdunning van de grenslaag, wat ook resulteert in
een betere warmteoverdracht. Ten derde worden de zogzones verkleind omdat
de afscheiding van het buisoppervlak wordt uitgesteld. Dit laatste resulteert ook in
een kleinere vormweerstand van het buisoppervlak in vergelijking met een ontwerp
waar geen delta winglets aanwezig zijn. De totale drukval neemt echter toe, omdat
de wrijvingsweerstand toeneemt als delta winglets worden toegevoegd aan het
louvered vinoppervlak. De opgewekte wervels strekken zich stroomafwaarts niet
ver uit. Ze worden vernietigd door de afgebogen stroming in de volgende buizenrij.
Een screening en sensitiviteitsanalyse van de belangrijkste geometrische
parameters toont aan dat bij lage Reynoldsgetallen de delta winglets een
belangrijke bijdrage leveren tot de thermische en hydraulische prestatie. Bij
hogere Reynoldsgetallen daarentegen wordt de prestatie van de warmtewisselaar
hoofdzakelijk bepaald door de louvers. Bij lage Reynoldsgetallen wordt de
stroming minder afgebogen. De longitudinale wervels gegenereerd door de delta
winglets worden dus niet onmiddellijk vernietigd wanneer ze de volgende buizenrij
binnenkomen. De zogzones achter de buizen zijn ook groot en stabiel. Het
verkleinen van deze zogzones door de delta winglets heeft dus een grote bijdrage
tot de thermohydraulische prestatie. Bij hoge Reynoldsgetallen wordt de stroming
wel sterk afgebogen door de louvers. Bijgevolg strekken de opgewekte wervels
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zich niet ver uit in de warmtewisselaar. De zogzones zijn ook minder stabiel en de
invloed van de delta winglet geometrie is dus relatief gezien kleiner.
Het gemengde vinontwerp heeft een betere thermohydraulische prestatie dan
wanneer enkel delta winglets of enkel louvers worden gebruikt. De prestatie
van het gemengde vinontwerp werd ook vergeleken met bestaande vintypes. Dit
toont duidelijk het potentieel aan. Door de verbeterde warmteoverdracht kunnen
de warmtewisselaars compacter gemaakt worden en dus ook goedkoper (lagere
materiaalkost en lagere operationele kost). De combinatie van louvered vinnen en
wervelgeneratoren is voornamelijk interessant voor laag Reynoldstoepassingen,
zoals HVAC&R toepassingen of koeling in compressieluchtsystemen. Een
weldoordachte keuze van de positie en de geometrie van de delta winglets is wel
essentieel om te komen tot een warmtewisselaar met een verbeterde prestatie.
English summary
Governments and manufacturers are increasingly aware of the urgent need to better
utilize the world’s energy resources. Improved energy efficiency is often the easiest
and most economical way of improving the security of energy supply and reducing
greenhouse gas emissions. Every day large amounts of heat are transferred in
many industrial and domestic processes. This heat transfer takes place in heat
exchangers. Compact heat exchangers are important elements as contributors to
increased energy efficiency in industry, transport and buildings. Heat exchanger
manufacturers are continuously searching for new and better designs. More energy
efficient heat exchangers help to meet the 20-20-20 climate and energy targets of
the European Union.
In many applications air is one of the working fluids (e.g. coolers in compressed
air systems, heat pumps, air conditioning devices, refrigeration, car radiators, etc.).
When exchanging heat with air, the main thermal resistance is located at the air
side of the heat exchanger. To improve the heat transfer rate, the heat transfer
surface area is enlarged by adding fins. When a high compactness is needed,
complex interrupted fin surfaces are used. They prevent the formation of thick
boundary layers and encourage flow destabilization. An example is the louvered
fin design. This fin type consists of an array of flat plates (the louvers) set at an
angle to the incoming flow. The major drawback of the interrupted fin designs
is that the associated pressure drop is significant. In contrast to interrupted fin
patterns, plain fins with longitudinal vortex generators enhance the heat transfer
rate with relatively low penalty of the pressure drop. The generated longitudinal
vortices provide swirling motion to the flow field which causes an intense mixing
of the main flow with the flow in the wall regions. They also reduce the thickness
of the thermal boundary layers and encourage flow destabilization. This results
in an enhanced heat transfer. Among the different types of longitudinal vortex
generators, delta winglet pairs are very attractive as enhancement technique, when
taking heat transfer as well as pressure drop into account. If they are used in
fin-and-tube heat exchangers, the poor heat transfer region in the tube wake can be
reduced by an appropriate placement and orientation of the delta winglets.
The next generation of enhanced fin surfaces combines known enhancement
techniques, resulting in so called compound designs. The aim is that the compound
design has a better performance than the individual techniques applied separately.
As louvered fins are frequently used in many applications, the addition of delta
winglets to louvered fins seems promising. Hence, the objective of this doctoral
work is to study the thermal hydraulic performance of louvered fin and round tube
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heat exchangers with delta winglets.
In the compound designs local flow structures (including naturally occurring
horseshoe vortices, induced vortices by vortex generators, wake zones, unsteady
flow patterns) are combined with global flow alterations (flow deflection due to the
louvered surfaces), resulting in very complex, strongly three-dimensional flows.
The position of the vortex generators on the fins should be well-considered, to
ensure that the compound design results in an enhanced performance. As the
thermohydraulics are closely linked with the flow field, it is important that the
flow behaviour of louvered fin round tube heat exchangers is fully understood
before vortex generators are added. That is why first the flow field of louvered
fin round tube heat exchangers without vortex generators was studied in depth,
both experimentally and numerically.
Horseshoe vortices locally increase the convective heat transfer, while tube
wakes are zones of poor heat transfer. Hence, both are very interesting from a
thermal point of view. These flow structures were visualized in six scaled-up
models of a louver fin round tube heat exchanger. The models have three tube
rows in a staggered layout and differ only in their fin spacing and louver angle.
A water tunnel was designed and built. The dye injection technique was used to
visualize the junction flows. At low Reynolds numbers no horseshoe vortices are
developed in front of the tubes and the recirculation regions downstream of the
tubes are small. As the Reynolds number is increased the wake zones grow and
finally become unstable. Horseshoe vortices are formed and they become stronger
with the Reynolds number. Besides the Reynolds number, the fin spacing also
influences the horseshoe vortex development: increasing the fin spacing results
in a larger and stronger horseshoe vortex. This is because a reduction of the fin
spacing results in a dissipation of vortical motion by mechanical blockage and skin
friction. The two resulting streamwise vortex legs are destroyed by the louvers
downstream of the turnaround louver in the same tube row, especially at higher
Reynolds numbers, smaller fin pitches and larger louver angles. A reduction of the
fin spacing also results in a suppression of the wake development. Furthermore,
at the same Reynolds number the horseshoe vortices in the downstream tube
rows are stronger than in the first tube row, sometimes resulting in secondary
induced vortices. There is also a difference between the vortex system above and
underneath the fin surface in the downstream tube rows.
Three-dimensional numerical simulations were performed to investigate
more in depth the experimental observations and the associated flow physics.
Computational Fluid Dynamics (CFD) was used for the simulations. The geometry
which was studied numerically is the same as one of the geometries studied
experimentally in the water tunnel. The simulations were validated against
experimental data. The difference in horseshoe vortex system between the first
and the downstream tube rows is due to the flow deflection, which is typical
for louvered fin heat exchangers. The flow deflection affects the local pressure
distributions upstream of the tubes of the downstream tube rows and thus the
horseshoe vortex development at these locations. The deflection of the flow in the
first tube row is mainly two-dimensional, while the flow behaviour in the louvered
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elements of the subsequent tube rows is strongly three-dimensional.
Next, delta winglets were added to the louvered fin surface. The flow field study
suggests that heat transfer enhancement can be achieved by a good integration of
vortices in the flow field. The delta winglet pairs are placed in a common flow
down orientation behind each tube. These serve to reduce the size of the tube
wakes. Further, care is taken that the louvers do not prevent the horseshoe vortices
to form, as they provide a natural gain in thermal performance (in contrast to the
vortices generated artificially by vortex generators). The flow physics and the
influence of the most important geometrical parameters are examined numerically
using CFD. Heat transfer is included in the simulations. The numerical results
were validated against wind tunnel measurements on a compound heat exchanger.
The generated longitudinal vortices cause three important mechanisms of heat
transfer enhancement. First, due to the swirling motion of the generated vortices,
hot air is removed from the tube wake to the mainstream regions and vice versa.
Second, the induced wall-normal flow locally thins the boundary layer, which also
enhances the heat transfer. Third, the size of the wake zones is reduced because
the flow separation from the tube surface is delayed. The latter also results in a
smaller form drag of the tube surface compared to the geometry where no delta
winglets are present. However, due to the increased friction and flow blockage,
the net core pressure drop increases when delta winglets are added to the louvered
fins. Further, it was found that the vortices do not propagate far downstream as
they are destroyed by the deflected flow in the downstream louver bank.
A screening and sensitivity analysis of the most important geometrical
parameters illustrated that at low Reynolds numbers the delta winglet geometry
highly contributes to the thermal and hydraulic performance, while at higher
Reynolds numbers the performance is mainly determined by the louver geometry.
At low Reynolds numbers, the flow is more duct directed and thus the longitudinal
vortices generated by the delta winglets are not immediately destroyed by the
deflected flow when entering the downstream tube row. Also the wake zones
behind the tubes are large and stable. Hence the reduction of these wake zones by
the delta winglets has a large contribution to the thermal hydraulic performance.
At high Reynolds numbers, however, the flow is more louver directed. The
longitudinal vortices do not propagate far downstream in the heat exchanger as
they are destroyed by the deflected flow when entering the downstream tube row.
The wake zones are also less stable and thus the influence of the delta winglet
geometry is relatively seen smaller.
The thermal hydraulic performance of the compound design is better than when
only delta winglets or only louvers are used. The performance of the compound
design is also compared to existing heat exchanger types. This clearly shows
its potential. Using the augmentation in heat transfer, the heat exchangers can
be made smaller in size and thus also more economical in cost (lower material
and operational cost). The combination of louvered fins and vortex generators is
mainly interesting for low Reynolds applications, such as HVAC&R applications
or in compressed air systems. A well-considered location and geometry of the
delta winglets are essential for an improved performance of the heat exchanger.
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Introduction
1.1 Energy use in the world
Energy is very important in various sectors. It is needed in many human activities.
Also economic growth and development requires energy. According to the
International Energy Agency (IEA) [1], the main energy-using sectors are:
• Manufacturing: metal products and equipment, food and beverages,
chemicals, paper, pulp and printing, . . .
• Transport: passenger and freight transport (light-duty vehicles, trucks,
buses, trains, planes, ships)
• Households: space heating and cooling, lighting, cooking, water heating,
appliances and equipment, . . .
• Services: trade, finance, health, education, commercial services, food and
lodging, . . .
Figure 1.1a shows that the energy use between 1990 and 2006 grew in all sectors
of the economy. The overall growth in IEA countries (most of the European
countries and the United States, Canada, Japan, South Korea, Australia and New
Zealand) is 19% and in non-IEA countries 35% [1]. The difference is due
to the rapid economic development in the non-IEA countries. The increased
energy demand as well as the awareness that fossil fuel resources (such as coal,
natural gas and oil) are finite, results in increasing energy prices. There are also
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environmental concerns. Human activities, such as the burning of fossil fuels,
contribute to global warming by adding greenhouse gases to the atmosphere.
The greenhouse gasses accumulate in the atmosphere and trap heat that normally
would exit into outer space. The global warming changes climate and weather
patterns. Possible consequences are coastal flooding, more frequent and more
severe weather conditions (hurricanes, droughts, . . . ), spread of diseases, etc.
These also have a significant impact on the economy (damage due to flooding
and hurricanes, health care, . . . ). The most important emitted (or man-made)
greenhouse gas is carbon dioxide. The evolution of the CO2 emissions by sector
is plotted in Figure 1.1b. Manufacturing (39%), transport (25%) and households
(20%) are the three most important contributors to CO2 emissions.
Figure 1.1: (a) Total final energy use by sector, (b) CO2 emissions by sector [1]
1.2 Drive towards improved energy efficiency
Governments and manufacturers are increasingly aware of the urgent need to better
utilize the world’s energy resources. At the end of 2008 the European Union
approved a series of climate and energy targets to be met by 2020. These 20-20-20
targets are [2]:
• A reduction of EU greenhouse gas emissions of at least 20% compared to
1990 levels;
• 20% of EU energy use has to come from renewable resources;
• 20% reduction in primary energy use compared with projected levels, to be
achieved by improving energy efficiency.
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Improved energy efficiency is often the most economic and readily available means
of enhancing the security of energy supply and reducing greenhouse gas emissions
[1]. The EU’s Action Plan for Energy Efficiency [3], presented in 2006, identified
that the biggest energy savings are to be made in the following sectors:
• Residential and commercial buildings: saving potentials estimated at 27%
and 30%, respectively;
• Manufacturing industry: potential for a 25% reduction in energy use;
• Transport sector: potential for a 26% reduction in energy use.
Making such energy savings would allow Europe to save about 390 million tonnes
of oil equivalent each year ord100 billion per year up to 2020. The CO2 emissions
would also be reduced by 780 million tonnes per year [3]. The money saved can
be used to invest in energy efficient technologies.
Every day large amounts of heat are transferred in many industrial and domestic
processes. The heat transfer takes place in heat exchangers. Compact heat
exchangers are becoming increasingly important elements as contributors to
increased energy efficiency in industry, transport and buildings. Heat exchanger
manufacturers are continuously searching for new and better designs. More energy
efficient heat exchangers help to meet the 20-20-20 targets of the European Union.
It is the topic of this doctoral work.
In many applications air is one of the working fluids. This is illustrated by the
following examples taken from the three main energy using sectors.
Industry
Improving the performance of heat transfer processes in industry highly
contributes to increased overall process efficiency. Compressed air is one of
the most important utilities for industry. Pneumatic tools (including pavement
breakers, air hammers, drills and screwdrivers), finishing of surfaces (e.g. powder
coating, polishing, sanding, grinding, etc.), paint-spraying systems, sprinkler
systems, air cleaning, pneumatic control systems, pneumatic transport, cooling are
only some of the many applications in which compressed air is used. Compressing
air also requires a lot of energy and as such any savings made in compressed air
systems have a significant impact on costs and on the environment [4]. Up to
94% of the electrical energy used by a compressor is transformed into heat. This
waste compression heat can be recovered by circulating cooling water through
the compression elements, the oil cooler, the intercooler and/or the aftercooler
(see Figure 1.2). The produced hot water can be used as process hot water or
for pre-heating of boiler feed water, heating of buildings, shower water, etc. This
energy recovery reduces the use of traditional energy sources and, at the same
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time, lowers the amount of CO2 emissions. Indirect process savings are also
achieved by reducing the maintenance costs of associated equipment. Energy
recovery control units are available on the market [5]. They are installed between
the compressor and the cooling and heating circuit. Also compressors with built-in
energy recovery systems exist [5]. The highly efficient and compact air/water
and oil/water heat exchangers recover more than 90% of the electrical energy
input. Some equipment requires clean and dry air to avoid condensation, corrosion
and extensive damage. On ships, for example, refrigerant dryers are frequently
employed [6]. Also in these dryers high performance compact heat exchangers are
used.
Figure 1.2: Waste compression heat recovery to produce hot water [4]
Transport
Typical heat exchangers in vehicles are radiators, oil coolers, intercoolers, air
conditioners and heaters. The car radiator is used to dissipate the heat that the
coolant has absorbed from the engine. The coolant is typically a mixture of
water and ethylene glycol (also known as antifreeze). In automobiles with an
internal combustion engine, the radiator is connected to channels running through
the engine and cylinder head, through which the coolant is pumped. The coolant
moves in a closed system from the radiator to the engine, where it conducts heat
away from the engine parts and carries the heat primarily to the radiator. The
radiator is typically mounted behind the vehicle’s grille. The cold airflow required
to remove the heat from the radiator is supplied by an electric or engine-driven
fan and by the forward motion of the vehicle. A system of valves and/or baffles is
usually incorporated to operate simultaneously a small radiator inside the car. This
small radiator is called the heater core and serves to warm the interior cabin. Car
radiators are usually made from thin aluminum fins brazed to flattened aluminum
tubes. Figure 1.3a shows a car radiator and fan. The position of the radiator
and the coolant cycle are illustrated in Figure 1.3b. Oil coolers are used mainly
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in transmissions to keep the oil temperatures within safe limits. Intercoolers
are air-to-air or air-to-liquid heat exchangers. They are used on turbocharged
internal combustion engines to cool down the hot compressed air coming from the
turbocharger. Automotive heat exchangers are continuously improving towards
more compactness, lower weight and smaller pressure drop (less fan power) for
the required heat transfer duty. This results in a reduction of the fuel use and also
of the CO2 emissions.
Figure 1.3: (a) typical aluminum car radiator with fan [7], (b) closed loop cycle to cool
down the engine of a vehicle [8]
Buildings
Households are the third big energy user. As is illustrated in Figure 1.1a, the
household energy use accounted for 28% of the total final energy use in 2006.
Space heating and cooling are the largest energy users in buildings in the USA
and Europe. They contribute more than 50% to the total residential energy use
(dependent on the season, desired comfort level, building and location). Figure 1.4
shows the evolution of the total cooled floor area in Europe extrapolated to the year
2020 [9]. Between 2000 and 2020 the total cooled floor area is expected to double.
Furthermore, in the USA, Latin America and Asia the air conditioning market
is growing very fast. The working of an air conditioning system is explained in
Figure 1.5. The compressor keeps the refrigerant (e.g. R134a or R410a) flowing
through the system. It brings the refrigerant vapor from a low pressure to a high
pressure. The high pressure refrigerant vapor then enters the condenser, which is
located outside. The outside ambient air temperature is typically 5 to 15○C lower
than the saturation temperature at which the refrigerant condenses [10]. The cool
air flowing through the condenser coil absorbs enough heat to cause the refrigerant
vapor to condense. Next, the high pressure liquid refrigerant flows through a filter
dryer designed to prevent contaminants from flowing through the system. When
passing the expansion valve the pressure of the liquid refrigerant drops and also
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Figure 1.4: Evolution of the total cooled floor area in Europe from 1990 to 2020 [9]
the temperature decreases with 40○C or more [10]. The evaporator unit is installed
inside. Warm room air flows through the evaporator coil and its heat is transferred
to the cold evaporating refrigerant. This cools the air flowing over the evaporator
and the cold air is blown into the room. The refrigerant vapor then returns to the
compressor.
In Europe heat pump systems for residential heating are also becoming
increasingly popular. The heat pump system has the same basic components
as the air conditioning system: compressor, condenser, expansion valve and
evaporator. The condenser is located inside and heats water up to 40-60○C. This
warm water then flows through a convector which heats the air in the room or it
is used as domestic hot water. In an alternative system the air can also be heated
directly by the condenser before being blown into the room. The evaporator is
installed outside and absorbs heat from the outside ambient air, the ground, a
lake or a river. In the most common type of vapor-compression heat pump for
space heating, outside air is used as hot source for evaporation. Such air-source
heat pumps can also provide cooling with the use of a reversing valve. In the
cooling mode the refrigerant flows in the opposite direction as in the heating
mode: the outside heat exchanger becomes the condenser and the inside heat
exchanger becomes the evaporator. Even though the high COP value (coefficient
of performance) of heat pump systems is known since many decades, heat pumps
could not compete with the conventional boiler systems. Their price was too high
because in non-energy efficient buildings large heat pump systems are required
as their dimensions are proportional to the heat demand. However, nowadays a
strong drive towards more energy efficient buildings exists. Since the directive
on the energy performance of buildings (EPBD) [12] applies in the European
Union, buildings are better insulated and built air tighter. Consequently, the
heating demand of these buildings decreases. The required heat pump systems
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Figure 1.5: Air conditioning cycle: the condenser is located outside and the evaporator is
located inside (modified from [11])
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are more compact and - together with their high COP - the heat pumps can now
compete with conventional boiler systems. Furthermore, the Ecodesign Directive
[13] was introduced in the European Union, which provides rules for improving
the environmental performance of energy related products and stimulates system
integration. With the drive towards low energy housing, the heat pump market will
keep on growing the coming years. The heat pumps can further improve by proper
designing (or selecting) and optimizing heat exchangers [14].
The previous examples illustrate that heat exchangers with air as working fluid
are used on a large scale in all sectors. Improving the energy performance of
these heat exchangers is the main topic of this doctoral work. Before defining
the objectives of this PhD into more detail, an overview is given of the different
types of heat exchangers, focused on those with air as working fluid and how the
performance of these heat exchangers can be further enhanced.
1.3 Heat exchangers
Heat transfer takes place in a heat exchanger between two or more fluids on
different temperatures. The fluids can be in direct contact or they can be separated
from each other through a solid wall.
1.3.1 Heat exchanger classification
Heat exchangers can be classified according to construction, heat transfer
mechanisms, flow arrangement, transfer process, surface compactness, phase of
the fluids, . . . Figure 1.6 presents the classification according to construction [15]
and Figure 1.7 shows some examples. Due to the numerous applications a wide
variety of heat exchanger designs exist. This doctoral work focuses on heat
exchangers with extended surfaces, more in particular the tube-fin type. More
details on the advantages, limitations, construction and application of the other
heat exchangers can be found in [15–17].
1.3.2 Fin-and-tube heat exchangers
Fin-and-tube heat exchangers are widely used to transfer heat between a liquid
and a gas. The usual arrangement is that water, oil or a refrigerant flows in the
tubes, while air (or another gas) flows across the finned tubes. Examples include
condensers and evaporators in HVAC&R applications (Heating, Ventilation, Air
Conditioning and Refrigeration), water and oil cooling in vehicles or process
plants, compressed air cooling, etc. For automotive applications, such as car
radiators, flat tubes are usually used. The advantages of a flat tube design
over a round tube design are higher compactness, reduced material costs,
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Figure 1.6: Classification of heat exchangers according to their construction [15]
Figure 1.7: Some commonly used heat exchangers: (a) shell and tube heat exchanger [18],
(b) double pipe heat exchanger [19], (c) plate heat exchanger [20], (d) spiral heat
exchanger [20]
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reduced refrigerant charge, lower fan power and improved suitability for high
tube-side operating pressures. On the other hand, flat tube designs suffer higher
manufacturing costs and more severe performance degradation by air side surface
fouling, condensate retention and frost accumulation [21]. That is why for space
heating and cooling (e.g. air conditioning devices and heat pumps) and for
compression waste heat recovery round tube heat exchangers are preferred.
The heat transfer technology for fin-and-tube heat exchangers can be divided
into generations, as proposed by Bergles [22] and T’Joen [23]. The generations
illustrate the evolution of these heat exchangers over the past decades. They are
briefly introduced here. Their thermal hydraulics (heat transfer and pressure drop)
and flow behaviour are discussed in detail in chapter 3.
1.3.2.1 First generation: bare tube bundle
The first generation is formed by the bare tube bundles. No fins are present.
The tubes can be arranged as either staggered (Figure 1.8a) or inline (Figure
1.8b). The heat transfer performance of bare tube bundles is very poor, due to
the high heat transfer resistance at the air side. When exchanging heat with air, the
main thermal resistance is located on the air side of the heat exchanger because
the thermal conductivity of air is about one order of magnitude lower than the
thermal conductivity of the refrigerant. For typical refrigeration applications the
air side comprises 75% of the total heat transfer resistance in an evaporator and
95% in a condenser [24]. As a consequence, enhancing the performance of heat
exchangers for applications with air mainly focuses on reducing the dominant
thermal resistance on the air side. As explained in chapter 2, the thermal resistance
is inversely proportional to the product of the heat transfer surface area and the
convective heat transfer coefficient. Hence, the air side thermal resistance can
be reduced in two ways: enlarging the heat transfer surface area or increasing
the convective heat transfer coefficient. The first method is applied in the second
generation of fin-and-tube heat exchangers, while the latter is used in the third
generation of fin-and-tube heat exchangers.
Figure 1.8: (a) staggered tube arrangement and (b) inline tube arrangement
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1.3.2.2 Second generation: plain fins
In the second generation of fin-and-tube heat exchangers the heat transfer rate is
improved by adding plain fins at the air side. These fins increase the heat transfer
surface area and thus reduce the air side thermal resistance. The fins are attached to
the tubes by a tight mechanical fit, tension winding, adhesive bonding, soldering,
brazing, welding or extrusion [17]. The result is a heat exchanger with a (very)
high surface area density. The heat exchanger is referred to as compact if the ratio
of air side heat transfer area to its volume is 700 m2/m3 or higher [16]. The tubes
can be individually finned or several tubes can pass through each fin (so called
continuous fins), as is illustrated in Figure 1.9. Individually finned tubes are much
more rugged than the continuous fin designs, but also less compact.
Figure 1.9: (a) Individually finned tubes, (b) continuous fins on an array of tubes [15]
1.3.2.3 Third generation: corrugated fins, interrupted fins and vortex gen-
erators
Increasing the surface area density by reducing the spacing between the fins results
in an increased pumping power (and thus operational cost) and increased material
costs. For outdoor units there is also a practical lower limit on the fin spacing
due to frost formation. However, the thermal resistance at the air side can further
be reduced by increasing the convective heat transfer coefficient (see chapter 2).
This method is used by the third generation of fin-and-tube heat exchangers. Two
enhancement techniques can be distinguished:
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1) Main flow enhancement
When the heat exchanger performance is improved by alteration of the main
flow characteristics, the enhancement technique is referred to as main flow
enhancement. This is the case for corrugated fins and interrupted fins. The
herringbone wavy fin (1.10a) and the smooth wavy fin (1.10b) are two common
types of corrugated fin designs. The wavy surfaces periodically change the main
flow direction and cause a boundary layer thinning and a better flow mixing
compared to the plain fin surfaces. Interrupted fin surfaces prevent the formation of
thick boundary layers, which results in a lower thermal resistance. Also, at higher
velocities vortices are shed from the trailing edges of the interrupted fins. This
flow destabilization also yields an enhanced heat transfer. The major drawback of
these fin types is that the associated pressure drop is significant. Two commonly
used interrupted fin surfaces are the offset strip fin and the louvered fin [16]. They
are shown in Figure 1.11. For both fin designs, the surface is broken into small
segments, forming an array of flat plates. These flat plates are oriented in line
with the incoming flow for offset strip fins, while they are set at an angle to the
incoming flow for the louvered fins. Variations on these fin patterns are also used.
The inclined louvered fin in Figure 1.12, for instance, is a hybrid design of the
offset strip fin and louvered fin, combining the advantages of both [25]. Here the
flat plates are aligned with the main flow, but set in a staggered layout, forming a
deflecting channel.
Figure 1.10: Two common types of corrugated fin designs: (a) Herringbone wavy fin and
(b) smooth wavy fin [26]
2) Secondary flow enhancement
The heat exchanger performance can also be improved by introduction and/or
exploitation of secondary flows. This is known as secondary flow enhancement.
In contrast to main flow enhancement, secondary flow enhancement techniques
enhance the heat transfer rate with relatively low penalty of pressure drop. An
example is the generation of vortices with vortex generators. Vortex generators
INTRODUCTION 13
Figure 1.11: Two common types of interrupted fin designs: (a) offset strip fin, (b) louvered
fin [26]
Figure 1.12: Inclined louvered fins: a hybrid design of the offset strip fins and louvered
fins [25]
are protrusions from the heat transfer surface designed to generate vortices, see
Figure 1.13a. They add a swirling motion to the flow field, which causes an
intense mixing of the main flow with the flow in the wall region. They also reduce
the thickness of the thermal boundary layer and stimulate flow destabilization.
Two types of vortices may be distinguished: longitudinal and transversal vortices.
Longitudinal vortices rotate around an axis aligned with the main flow direction,
while transversal vortices rotate around an axis perpendicular to the main flow
direction which requires reversed flow. When taking heat transfer as well as
pressure drop into account longitudinal vortices are more efficient and thus they
are generally preferred for heat exchanger applications [28]. Common types of
longitudinal vortex generators are shown in Figure 1.13b. The vortex is created
due to the pressure difference between both sides of the vortex generator which
causes flow separation.
1.4 Objective and motivation of this PhD
Manufacturers of heat exchangers are continuously searching for designs with
higher heat transfer performance, lower pressure drop/pumping power, higher
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Figure 1.13: (a) generation of longitudinal vortices, (b) common types of vortex
generators for heat exchanger applications [27]
compactness, low core weight and low-cost manufacturing. Bergles [22] stated
that the next generation of fin-and-tube heat exchangers will combine existing
enhancement techniques. These are the so called compound designs. The aim
is that the mixed designs have a better performance than the individual techniques
applied separately. Louvered fins are widely used in many applications. Over the
years their design has evolved into high performance fins which are easy, fast and
cheap to produce. Taking this into consideration, the addition of an enhancement
technique to louvered fins seems promising. Hence, the objective of this PhD is
to study the thermal hydraulic performance of louvered fin and round tube
heat exchangers with vortex generators.
Enhanced heat exchangers contribute to improved overall system efficiency.
They help to reduce the impact on climate change and dependence on fossil fuels,
which is in compliance with the 20-20-20 directive of the European Union.
High velocity applications such as car radiators, where flat tubes are used,
are not considered here. In this work inlet velocities between 0.6 and 5.5 m/s
are studied (ReLp = 100 - 1000, Reynolds number based on the louver pitch
and maximum velocity in the compound heat exchanger). This range is typical
for industry and building applications. There also exists a strong drive to more
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Figure 1.14: Progress in air conditioning condenser technology, showing simultaneous air
side and refrigerant side improvements [29]
compact designs. A large heat transfer surface area per unit of volume is obtained
by a very small spacing between the fins. Nowadays, the fin spacing is typically 1
to 2 mm. To limit the associated pressure drop, there is a strong trend to smaller
tube diameters. This is also shown in Figure 1.14, in which the progress of air
conditioning condensers over the past decades is plotted. Smaller tube diameters
also result in a reduced refrigerant charge. In current finned heat exchangers for
industry and HVAC&R (Heating, Ventilation, Air Conditioning & Refrigeration),
outer tube diameters can be as small as 6.5 mm. Up to now, not a lot of research
has been performed for such small tubes. Even though their behaviour differs
from large tube diameters. For instance, heat transfer and friction correlations
obtained from large diameter experimental data are not valid for small diameter
heat exchangers. In this doctoral work the tube diameter is fixed at 6.75 mm.
The doctoral work also aims for a better understanding of the complex
three-dimensional flow field of compound designs and the physics which cause the
thermal hydraulic behaviour. This yields new ideas for heat transfer enhancement
by a better integration of vortices in the flow field. Similarly to the vortices
created artificially by vortex generators, the naturally occurring horseshoe vortices
are also considered as secondary flow enhancement. Making better use of the
horseshoe vortex system to increase heat transfer provides a natural gain in thermal
performance.
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1.5 Outline
Before giving an extensive literature review on the flow behaviour and thermal
hydraulics of compact fin-and-tube heat exchangers (chapter 3), in chapter 2 the
design methods for heat exchangers are discussed. Chapter 4 deals with the
results of flow visualization experiments in louvered fin heat exchangers. The flow
structures were visualized by dye injection in a water tunnel. To explain some of
the observations made during these visualization experiments, a numerical study
of the flow field was performed using CFD (computational fluid dynamics). The
results are reported in chapter 5. The flow field study in the louvered fin heat
exchangers allowed to identify where improvements are possible by adding vortex
generators. In chapter 6 the vortex generators are added to the geometry. The
influence of several geometrical parameters on the thermal hydraulic performance
of the compound design was studied numerically and the assocatied flow physics
are discussed. The performance of the compound design is also compared to
existing heat exchangers. A wind tunnel experiment was performed to validate
the simulation results. This is described in chapter 7. In chapter 8 the conclusions
and some recommendation for future work are formulated.
2
Design and performance evaluation of
heat exchangers
From a thermal hydraulic point of view, the design of a heat exchanger is always
a compromise between a high heat transfer rate and an acceptable pressure
drop penalty. In this chapter, first, the three main heat transfer mechanisms
are explained. Next, the thermal and hydraulic design of a heat exchanger is
discussed. The heat transfer and pressure drop characteristics are usually reported
dimensionless. The most common dimensionless numbers are listed. Finally, some
criteria to evaluate the performance of a heat exchanger are addressed. These
criteria also allow for a fair comparison of different designs.
2.1 Heat transfer modes
There are three basic modes of heat transfer [30]:
• Conductive heat transfer is the transfer of thermal energy from the more
energetic particles (atoms, molecules, ions, electrons, etc.) of a substance
to adjacent particles that are less energetic. It occurs in solids, liquids and
gases. Conduction is described macroscopically by Fourier’s law, which
states that the heat flux (i.e. the heat transfer rate per unit area normal to
the direction of the heat flow) is proportional to the temperature gradient in
the heat flow direction. As an example, consider the conduction through a
cylindrical tube wall (Figure 2.1). The tube has a length L, an inner radius
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Figure 2.1: Conduction through a cylindrical wall
ri and an outer radius ro. The inner surface is at a temperature Ti and the
outer surface at a temperature To. At the radial position r in the tube wall
(ri ≤ r ≤ ro), the area for heat transfer is A = 2pirL. According to Fourier’s
law, the heat flux q at position r can then be determined as:
q = Q
A
= −λdT
dr
(2.1)
The proportionality constant λ is known as the thermal conductivity of the
material. Q is the heat transfer rate through the tube wall. Integration of Eq.
(2.1) over the wall thickness results in:
Q = 2piLλ
ln ( ro
ri
) (Ti − To) (2.2)
If Ti < To, then Q is negative, which means that the heat flow is inward,
opposed to the integration direction.
• Convective heat transfer is the energy transfer between a solid surface at a
temperature Tw and an adjacent moving gas or liquid at another temperature
T∞. As an illustration, consider a cold air flow (temperature T∞) over a
thin hot plate at a temperature Tw as shown in Figure 2.2. Newton’s law
of cooling, which is commonly used to quantify convective heat transfer,
states that the heat flux is proportional to the difference between the wall
temperature Tw and the air temperature T∞ far away from the surface:
q = Q
A
= h (Tw − T∞) (2.3)
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Figure 2.2: Cold air flow (free stream velocity U∞ and temperature T∞) over a thin hot
plate at temperature Tw. In the vicinity of the plate two boundary layers exist: a thermal
boundary layer and a momentum (or hydrodynamic) boundary layer.
The proportionality factor h is called the convective heat transfer coefficient.
The convective heat transfer coefficient is not a thermodynamic property.
It is a parameter that incorporates the nature of the flow pattern near the
surface, the fluid properties and the geometry. The thin region adjacent to
the hot plate in which the air temperature changes from the wall temperature
to the free stream temperature is called the thermal boundary layer. This is
illustrated in Figure 2.2. At any distance x from the leading edge of the
plate, the local heat flux q can be obtained by applying Fourier’s law to
the air at y = 0 (Eq. (2.4)). Combining Eqs. (2.3) and (2.4) results in
Eq. (2.5), relating the local convective heat transfer coefficient h with the
the temperature gradient at the plate surface. This equation shows that the
convective heat transfer coefficient increases if the wall temperature gradient
increases or thus if the boundary layer thickness decreases. The technique of
boundary layer thinning is used in the third generation of fin-and-tube heat
exchangers to enhance the heat transfer performance. This enhancement
method is discussed more in depth in chapter 3.
q = Q
A
= −λair ∂T
∂y
∣
y=0 (2.4)
h = −λair ∂T∂y ∣y=0
Tw − T∞ (2.5)
Similar to the thermal boundary layer, there is also a momentum (or
hydrodynamic) boundary layer in the immediate vicinity of the plate in
which the air velocity increases from zero at the wall to the free stream
velocity U∞. This boundary layer is also indicated in Figure 2.2.
Two main types of convective heat transfer exist. If the fluid motion is
caused by a fan or pump, the process is referred to as forced convection. If
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the fluid motion is caused by buoyancy forces driven by density differences
due to temperature variations in the fluid, the process is called free or natural
convection. The convective heat transfer coefficient for forced convection is
generally larger than when free (or natural) convection occurs. Both types
of convective heat transfer often occur at the same time: the fluid is moving
due to density variations, but it is also moving because of another force.
However, very often one of the convection types is negligible compared to
the other. If this is not the case, the heat transfer mode is referred to as mixed
convective heat transfer.
• Radiation is constantly emitted by matter (solid surfaces, fluids or gases)
in the form of electromagnetic waves. It does not require an intervening
fluid and can even take place in vacuum. The rate at which energy Q is
emitted from a surface of area A is described by a modified form of the
Stefan-Boltzmann law:
Q = εσAT 4w (2.6)
The emissivity ε is a property of the surface that indicates how effectively
the surface radiates (0 ≤ ε ≤ 1). σ is the Stefan-Boltzmann constant (σ =
5.669 × 10−8W /m2K4). Equation (2.6) shows that the amount of energy
emitted by the surface is strongly dependent upon its absolute temperature
Tw.
As this doctoral work focuses on heat exchangers for heat pumps and air
conditioning devices, the main modes of heat transfer are conductive and
convective heat transfer [31]. Due to the relatively low temperatures, the heat
transfer contribution by radiation is negligible and thus it will not be considered
anymore further on.
2.2 Thermal design of heat exchangers
2.2.1 Conservation of energy
Figure 2.3 shows a simple flow diagram of a heat exchanger. A hot fluid enters the
heat exchanger and its heat is transferred to a cold fluid. Hence, the temperature
of the hot fluid decreases and the temperature of the cold fluid increases while
flowing through the heat exchanger, as is depicted in Figure 2.4a. The arrangement
of Figure 2.3 is called counterflow: the two fluids flow parallel to each other but
in opposite directions. In a coflow arrangement both fluids flow parallel to each
other in the same direction. The corresponding temperature distribution is shown
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Figure 2.3: Flow diagram of a counterflow heat exchanger with indication of three control
volumes
Figure 2.4: Temperature distributions for (a) a counterflow heat exchanger and (b) a
coflow heat exchanger
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in Figure 2.4b. The third type of flow arrangement is crossflow where the two
fluids flow normal to each other.
Applying the first law of thermodynamics (conservation of energy) on the
control volume surrounding the heat exchanger (indicated with a dashed line in
Figure 2.3) results in:
m˙h (hh,in − hh,out) = m˙c (hc,out − hc,in) (2.7)
h is the enthalpy and m˙ the mass flow rate. The subscripts h, c, in and out refer
to hot fluid, cold fluid, inlet and outlet, respectively. It is assumed that there are
no heat losses to the environment. Conservation of energy for the control volume
surrounding the cold side and the control volume surrounding the hot side of the
heat exchanger (dotted lines in Figure 2.3) yields:
Qc = m˙c (hc,out − hc,in) (2.8)
Qh = m˙h (hh,in − hh,out) (2.9)
with Q the heat transfer rate. Substituting Eqs. (2.8) and (2.9) into Eq. (2.7)
shows that the heat dissipated by the hot fluid is completely absorbed by the cold
fluid (if there are no heat losses to the environment). For single phase fluids Eqs.
(2.7)-(2.9) can be written as:
Qh = m˙hc¯p,h (Th,in − Th,out) = m˙cc¯p,c (Tc,out − Tc,in) = Qc (2.10)
with T the temperature and c¯p the mean specific heat capacity between the inlet
and outlet temperatures. In Eqs. (2.7)-(2.10) the heat exchanger is considered
as a black box, without knowing any details of the heat transfer surface and
construction of the heat exchanger. To determine the required heat transfer surface
area another equation is necessary, the so called heat transfer rate equation. Two
methods are commonly used: the ε-NTU method and the LMTD method.
2.2.2 Heat transfer rate equation
2.2.2.1 ε-NTU method
The effectiveness ε of a heat exchanger is defined as the ratio of the actual heat
transfer rate Q from the hot to the cold fluid to the hypothetical maximum possible
heat transfer rate Qmax in the heat exchanger if the heat transfer surface area A
were infinite (Eqs. (2.11)-(2.12)). Cmin is the minimum of the heat capacity rates
(m˙ ⋅ cp) of the hot and cold fluid (Eq. (2.13)).
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ε = Q
Qmax
(2.11)
Qmax = Cmin (Th,in − Tc,in) (2.12)
Cmin =min (Ch,Cc) =min (m˙h ⋅ cp,h, m˙c ⋅ cp,c) (2.13)
In general, the heat exchanger effectiveness ε is dependent on the number
of transfer units NTU, the heat capacity ratio C∗ = Cmin/Cmax and the flow
arrangement:
ε = f (NTU, C∗, flow arrangement) (2.14)
The number of transfer units NTU determines the nondimensional heat transfer
size of the heat exchanger and is defined as the ratio of the overall heat transfer
conductance UA to the minimum heat capacity rate Cmin:
NTU = UA
Cmin
= 1
Cmin
∫
A
UdA (2.15)
If the overall heat transfer coefficient U is not constant, the second equality in
Eq. (2.15) applies. For a number of specific standard heat exchanger geometries,
the functional relationship of Eq. (2.14) can be found in literature [16]. The
effectiveness ε increases monotonically to an asymptotic value with increasing
values of NTU for a specified C∗. Because of the asymptotic nature of the
ε-NTU-curves, a significant increase in NTU and thus in heat exchanger size is
required for a small increase in ε at high values of ε.
2.2.2.2 LMTD method
The LMTD is the logarithmic mean temperature difference for the two fluid
streams assuming counterflow. Referring to Figure 2.4a, the LMTD is expressed
as:
LMTD = ∆T1 −∆T2
ln (∆T1
∆T2
) (2.16)
∆T1 = Th,in − Tc,out (2.17)
∆T2 = Th,out − Tc,in (2.18)
and the corresponding heat transfer rate equation is defined as:
Q = UA F LMTD (2.19)
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The LMTD is the maximum driving temperature difference for heat transfer,
which can only be reached in a counterflow heat exchanger. However, many
heat exchangers do not have a counterflow arrangement due to other design
constraints. To correct for a layout different from counterflow, the correction
factor F is introduced in Eq. (2.19). F is dimensionless and dependent on the
flow arrangement and the inlet and outlet temperatures. Charts to determine
the correction factor F for many commonly used heat exchanger designs were
developed by Bowman et al. [32].
2.2.3 The overall heat transfer resistance
Consider a heat exchanger with finned round tubes (diameters di and do, tube
length Lt). As is clear from Eq. (2.20), the overall heat transfer resistance (UA)−1
consists of a series of resistances: convective heat transfer and fouling at the inner
surface of the tube, conduction through the tube wall, contact resistance between
the tubes and fins and fouling and convective heat transfer at the outer surface.
1
UA
= 1
hiAi
+Rf,i + ln (dodi )
2piλtLt
+Rc +Rf,o + 1
ηohoAo
(2.20)
The conduction term is deduced from Eq. (2.2) and the convection terms from
Eq. (2.3). Ai is the inner heat transfer surface area and Ao is the outer heat transfer
surface area, being the sum of the fin surface area Af and the outer tube surface
area At. hi and ho are the average convective heat transfer coefficients at the inside
and outside of the tube, respectively. They can be determined using an appropriate
correlation depending on the geometry and fluid conditions. In literature a wide
variety of correlations can be found. These correlations are obtained by fitting a
relationship to experimental data (for instance using the Wilson plot technique [33,
34]) and hence they are only valid for the ranges in which the tests were performed.
The surface efficiency ηo in Eq. (2.20) is required to compensate for the presence
of fins on the exterior tube surface. It is calculated using the fin efficiency ηf :
ηoAo = ηfAf +At (2.21)
ηoAo = ηfAf + (Ao −Af) (2.22)
ηo = 1 − (1 − ηf) Af
Ao
(2.23)
The fin efficiency ηf is the ratio of the actual heat transferred by the fin to
the amount of heat which would have been transferred if the entire fin were at
the base temperature of the fin (thus if the fin would have an infinitely high
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thermal conductivity). The fin temperature differs from the base temperature
because of conduction through the fin cross section and convective heat transfer
from the fin surface. This heat transfer causes a temperature gradient over the
fin. The fin temperature is always between the base temperature and the adjacent
air temperature. Several approximations exist for the determination of the fin
efficiency. A good overview is given in Shah and Sekulic [16].
2.3 Pressure drop
Next to the heat transfer rate, the pressure drop is an important factor when
designing a heat exchanger. A higher pressure drop across the heat exchanger
results in a higher pumping power and energy demand. Unfortunately, an increase
in heat transfer rate usually causes an increased pressure drop (e.g. inserts in tubes,
corrugated tubes, use of fins on the air side, etc.). A well designed heat exchanger
from a thermal hydraulic point of view transfers a maximum amount of heat in a
give volume while the pressure drop at both fluid sides lies within the operating
ranges of the system. The overall pressure drop on the fin side (air side) is the sum
of the following contributions:
• the pressure drop at the inlet due to a sudden contraction;
• the frictional pressure drop (including friction losses and form losses);
• the pressure drop due to the momentum variation of the fluid (density
variation and acceleration);
• the pressure drop due to an elevation change (negligible at the air side due
to the low air density);
• the pressure rise at the outlet due to a sudden expansion.
The core frictional pressure drop is usually the dominating term. In many compact
heat exchangers it contributes 90% or more to the overall pressure drop at the air
side [16].
2.4 Dimensionless numbers
To allow for comparison of different geometries, heat transfer and pressure drop
correlations are usually reported using dimensionless numbers. The most common
dimensionless numbers used to describe heat transfer and pressure drop for
compact heat exchangers are listed below. If a reference length Lref is required,
a length scale characteristic for the case studied should be selected (e.g. the tube
diameter or a fin parameter). The velocity V can be the mean inlet velocity or the
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maximum velocity in the heat exchanger (i.e. in the minimum cross sectional flow
area). The fluid properties (density ρ, dynamic viscosity µ, kinematic viscosity
ν, specific heat capacity cp, thermal diffusivity α and thermal conductivity λ) are
usually evaluated at the mean fluid temperature.
• Reynolds number Re (Eq. (2.24)), i.e. the ratio of the magnitude of the
inertia forces in the flow to the magnitude of the viscous forces in the flow. If
the Reynolds number is relatively low, the viscous forces are large compared
to the inertia forces. Any disturbances in the flow will be dampened out
by the viscosity and laminar flow will occur. If the Reynolds number is
relatively high, the viscous forces are small compared to the inertia forces.
Any disturbances in the flow will tend to grow and turbulent flow will
develop.
Re = ρV 2
µV /Lref = ρV Lrefµ (2.24)
• Prandtl number Pr (Eq. (2.25)), i.e. the ratio of momentum diffusivity
(kinematic viscosity) to the thermal diffusivity of the fluid. The Prandtl
number also indicates the relative thickness of the momentum boundary
layer compared to the thickness of the thermal boundary layer. If Pr = 1
both boundary layers coincide. If Pr < 1 (e.g. air, Pr ≈ 0.7) then the thermal
boundary layer is thicker than the momentum boundary layer. If Pr > 1 (e.g.
water, Pr ≈ 7 at 20○C) then the momentum boundary layer is thicker than the
thermal boundary layer.
Pr = ν
α
= µcp
λ
(2.25)
• Nusselt number Nu (Eq. (2.26)), i.e. the ratio of the magnitude of the
convective heat transfer rate to the magnitude of the heat transfer rate that
would occur in the same situation with pure conduction.
Nu = h (Tw − Tf)
λ/Lref (Tw − Tf) = hLrefλ (2.26)
• Stanton number St (Eq. (2.27)), i.e. the ratio of the heat transfer rate at the
surface to that transported in the fluid by its thermal capacity. Unlike the
Nusselt number, the Stanton number is not dependent on any length scale
Lref .
St = Nu
Re Pr
= h
ρcpV
(2.27)
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• Colburn j-factor (Eq. (2.28)), i.e. a dimensionless representation of the
convective heat transfer coefficient. The Colburn j-factor is a modified
Stanton number which takes into account the moderate variations in the fluid
Prandtl number.
j = St Pr2/3 = Nu
Re Pr1/3 (2.28)
• Grashof number Gr (Eq. (2.29)), i.e. the ratio of the magnitude of the
buoyancy forces in the flow to the magnitude of the viscous forces in the
flow. It is encountered in situations involving natural convection. The
Grashof number is analogous to the Reynolds number in forced convection.
Buoyancy is driven by a difference in density, which can be due to a
temperature difference or a concentration difference. If the Grashof number
is relatively high, the viscous forces are small compared to the buoyancy
forces and the flow starts a transition to the turbulent regime.
Gr = ρ g ∆ρ L3ref
µ2
(2.29)
• Richardson number Ri (Eq. (2.30)) represents the importance of natural
convection relative to forced convection. Typically, natural convection is
negligible when Ri < 0.1, forced convection is negligible when Ri > 10, and
none is negligible when 0.1 < Ri < 10.
Ri = Gr
Re2
= g ∆ρ Lref
ρV 2
(2.30)
• Fanning friction factor f (Eq. (2.31)), i.e. a dimensionless representation of
the pressure drop. The subscript c refers to the minimum flow cross sectional
area.
f = Ac
Ao
∆p
1
2
ρV 2c
(2.31)
2.5 Performance evaluation criteria
When a heat exchanger needs to be selected for a certain application, there are
usually a large number of candidates. Different geometries are evaluated based on
a cost function, the so called performance evaluation criterion (PEC). For example,
the heat transfer coefficients of the selected geometries can be compared with each
other. However, this only gives a partial indication of the performance. Also
the pressure drop or the required pumping power should be taking into account.
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Bergles et al. [35] suggested to evaluate the actual heat transfer rate versus the
gas side fan power when a compact heat exchanger with gas on one side is to
be selected. Two other performance parameters which are commonly used for
this kind of compact heat exchangers are the area goodness factor and the volume
goodness factor. The area goodness factor, introduced by London [36], is defined
as the ratio of the Colburn j factor to the friction factor f. It is an indicator of
the required heat exchanger frontal area for fixed heat transfer rate and pressure
drop and is usually plotted as function of the Reynolds number. Substituting Eqs.
(2.27), (2.28) and (2.31) into the ratio j/f results in Eq. (2.32). Here the subscript
c refers to the minimal cross sectional flow area. Eq. (2.32) shows that the area
goodness factor is inversely proportional to A2c when the bracketed quantities are
constant. Hence, high values of j/f are preferred as this means a reduction of the
minimal cross sectional area Ac and thus less frontal area.
j
f
= h
ρcpVc
Pr2/3Ao
Ac
1
2
ρV 2c
∆p
= 1
A2c
(Pr2/3
2ρ
NTU m˙2c
∆p
) (2.32)
The volume goodness factor, suggested by London and Ferguson [37], allows
for a comparison in terms of total heat transfer area or core volume. It is defined as
a convective heat transfer coefficient hst at a standard set of fluid properties which
is plotted against the pumping power per unit heat transfer surface area Est:
hst = λ
Dh
Nu = µcp
Pr2/3 1Dh j ReDh (2.33)
Est = P
Ao
= µ3
2ρ2
1
D3h
f Re3Dh (2.34)
Dh is the hydraulic diameter defined as (with L the flow depth of the heat
exchanger):
Dh = 4AcL
Ao
(2.35)
The heat transfer surface area Ao can be written as function of the heat
exchanger volume V:
Ao = 4σ
Dh
V (2.36)
with σ the contraction ratio (i.e. the ratio of the minimum cross sectional area
Ac to the frontal area Afront). The higher hst, the smaller the required heat
exchanger volume at a given Est and fixed σ and Dh. In contrast to the area
goodness factor, the volume goodness factor is strongly dependent on the hydraulic
diameter. Thus, to obtain a valid volume goodness comparison, the hydraulic
diameters of the heat exchangers which are compared must be the same [38].
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However, modifications of the volume goodness factor exist which are independent
of the hydraulic diameter [39].
Heat transfer and pressure drop determine the thermal hydraulic performance
of the heat exchanger. In general, also other factors should be considered when
selecting an appropriate heat exchanger, including development cost, material
costs, manufacturability, reliability, safety, etc. Bergles [40] reported that it seems
impossible to establish a generally applicable performance evaluation criterion.
More details on performance evaluation criteria for compact heat exchanger can
be found in Webb [41], Cowell [42] and Stone [38].

3
State-of-the-art of fin-and-tube heat
exchangers
The aim of this chapter is to give a comprehensive review of previous work on
fin-and-tube heat exchangers published in literature and to indicate how this PhD
contributes to that research field. In chapter 1 it was explained that the heat transfer
technology can be divided into generations. These generations show the evolution
of the fin-and-tube heat exchangers over the past decades. This generation idea is
used as an outline in the current chapter.
In some studies the heat exchanger is considered as a black box. Other
studies concentrate on the flow physics inside the heat exchanger. The thermal
hydraulic performance of a heat exchanger is strongly related to its flow behaviour.
Hence, understanding the flow behaviour is important for design and optimization
purposes. First, the flow structures around the tubes and the effect of the fins
are discussed. Next, the main flow and secondary flow enhancement techniques
are discussed. As in this PhD louvered fins and vortex generators are considered,
the review mainly focuses on these geometries. Finally, an overview is given of
research performed on compound designs.
3.1 Flow around an infinite cylinder
One of the most cited works on the heat transfer and pressure drop of bare tube
bundles (i.e. the first generation) is written by Zukauskas [43]. Staggered as well
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as inline tube arrangements are discussed. Zukauskas [43] also discussed the ideal
case of a two-dimensional flow around an infinite cylinder. Several types of flow
regime can be distinguised. For very low Reynolds numbers (Red < 1; Red based
on the outer tube diameter and the mean velocity of the flow) the flow divides and
reunites around the cylinder. The laminar boundary layer only separates from the
tube surface at the rear stagnation point (Figure 3.1a). At Red > 5 the laminar
boundary layer separates the surface without reaching the rear stagnation point.
Behind the tube a wake is formed by two symmetric and stable vortices (Figure
3.1b). With a further increase in Red the vortices grow in size and at Red > 40
oscillation in the wake induces asymmetry and finally vortices are periodically
shed from the rear of the tube. At Red > 90 a Von Karman vortex street is formed
by the clockwise and counterclockwise vortices, which are shed alternately from
the two sides of the cylinder (Figure 3.1c). Starting from Red = 200 a transition
to turbulence occurs in the wake. The wake is completely turbulent for Red > 300
and flow three-dimensionality appears [44]. The boundary layer on the cylinder
surface remains laminar until Red = 3 ⋅ 105 (i.e. the subcritical flow regime) [45].
The same flow behaviour around an infinite cylinder, is also found around a finite
cylinder with a high aspect ratio (the aspect ratio (AR) is defined as the ratio of the
cylinder height to the cylinder diameter), i.e. AR > 3-4 for a circular cylinder [46].
Figure 3.1: Flow around an infinite cylinder: (a) Red < 1: flow follows the tube contours;
(b) 5 < Red < 40: wake behind the tube with two symmetric and stable vortices; (c) Red >
90: Von Karman vortex street behind the tube [47]
3.2 Flow structures at the tube-fin junction
In fin-and-tube heat exchangers of the second generation the heat transfer surface
area is enlarged by adding plain fins on the tubes. This reduces the dominant
thermal resistance at the air side and thus enhances heat transfer. The use of plain
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fins (compared to corrugated or interrupted fins) is mainly interesting when a low
pressure drop is required. A higher fin density (i.e. a small spacing between the
fins) yields a higher heat transfer rate. To avoid a too strong increase in pressure
drop, the trend to higher fin densities is accompanied by a reduction of the tube
diameter. In 1960 the tubes of an air conditioning condenser typically had a
diameter of 10 mm and a fin pitch of 2 mm. Nowadays, tube diameters of 7
mm and fin pitches of 1.3 mm are common for these outdoor units [48]. For these
heat exchangers the aspect ratio of the tube part between the fins is very small (AR< 0.2). The flow around the tubes differs significantly from the two-dimensional
flow around an infinite cylinder. It is strongly influenced by the surrounding tubes
and fins. The velocity distribution and pressure gradients change and the flow
pattern changes accordingly. Three-dimensional complex flow structures arise
both upstream and downstream of the tube due to the wall effects. As listed by
Sahin et al. [49], these complex flow structures include:
• developing velocity and thermal boundary layers initiating at the leading
edges of the fins and over the tubes;
• continuous creation, destruction, separation and reattachment of new
boundary layers due to the existence of tubes;
• development of horseshoe vortices in front of the tubes;
• extending horseshoe vortices downstream of the tubes;
• recirculation in the tube wakes;
• vortex shedding in the wake of both tubes and fins.
Figure 3.2: Horseshoe vortex development at a tube-fin junction [27]
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Horseshoe vortices occur naturally in the flow (Figure 3.2): adverse pressure
gradients around the tube cause the approaching momentum boundary layer on
the fin to separate, roll up and wrap around the tube [50]. Using the particle
image velocimetry (PIV) technique, Sahin et al. [49] studied a single cylinder
between two flat plates. The plates extended 7.5 cylinder diameters upstream and
downstream of the cylinder. They showed that the size of the recirculation region
downstream of the tube becomes smaller and the centers of the recirculating zone
shift towards to the tube surface as the Reynolds number is increased from Red =
4000 to 7500. The wake is also strongly three-dimensional. Horseshoe vortices
cause fluctuations and mixing of the fluid in the vicinity of the tube-fin junction.
For higher Reynolds numbers (Red = 7500) instabilities and unsteadiness in the
wake of the tube are clearly seen. Work on annular finned tubes and plain fin heat
exchangers showed that the fin pitch has a strong impact on the development of
horseshoe vortices and wake zones and thus on the local convective heat transfer
coefficients [51–54]. Mon and Gross [51] numerically investigated the flow field
and thermal hydraulic behaviour in a four row annular finned tube bundle. A
uniform velocity profile was applied at the inlet. They found that the horseshoe
vortex system is weak at low Reynolds numbers and small fin spacing, while it
becomes substantial for higher Reynolds numbers and large fin spacing, resulting
in an increased mean convective heat transfer coefficient. These numerical results
are in accordance with the experimental findings of Sung et al. [52], who employed
mass transfer measurements on an annular finned tube placed in a developing
channel flow, and Watel et al. [53], who performed infrared thermography and
particle image velocimetry (PIV) measurements on an annular finned tube with a
uniform inlet velocity profile. Romero-Me´ndez et al. [54] studied the influence
of the fin spacing on the flow field and heat transfer around a cylinder between
two flat plates, representing a single row plain fin-and-tube heat exchanger. Flow
visualization experiments and simulations were performed. A uniform inlet
velocity profile was applied in the experiments as well as in the simulations. The
flow visualizations showed that for a small fin spacing no horseshoe vortices are
formed upstream of the tube and no wake zone is formed downstream of the tube:
the flow follows the tube contour. Horseshoe vortices and a recirculation zone
appear as the fin spacing is increased. The recirculation zone is closed at first,
but then opens to the flow downstream and finally becomes unsteady. Similar
transition in flow behaviour was found for constant fin spacing as the Reynolds
number was increased. This study illustrates that reducing the fin spacing can
result in excessive laminarization of the flow and hence dissipation of any turbulent
or vortical motion by mechanical blockage and skin friction. The flow structures
affect the thermal hydraulics of the heat exchanger. Romero-Me´ndez et al. [54]
simulated the local Nusselt distribution over the plain fin surface of a stand-alone
finned round tube. They found a peak in Nusselt numbers at the position of the
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horseshoe vortex upstream of the tube and small Nusselt numbers in the wake
downstream of the tube. This is illustrated in Figure 3.3. Note that at the fin
leading edge the Nusselt numbers are high, but they decrease very fast due to the
development of the boundary layer.
Figure 3.3: Local Nusselt distribution over the fin surface (ReDo = 630 and s/Do =
0.365) [54]
Romero-Me´ndez et al. [54] considered a single tube. Ahrend et al. [55]
performed particle image velocimetry (PIV), laser Doppler anemometry (LDA)
and ammonia absorption method (AAM) measurements in a three row plain fin
heat exchanger with a staggered tube arrangement. The top and bottom walls of
the test section were used as fins. The tubes are thus located in a developing
channel flow. They found that the intensity of the horseshoe vortex system reduces
significantly starting from the second row. These findings are not in accordance
with the results of Bougeard [56], who performed an infrared thermography
investigation of local heat transfer in a two tube row plate fin assembly composed
of one fin and circular disks fixed on each side of it. The tubes are placed in
a staggered layout. At the inlet of the test section a uniform velocity profile
existed. The convective heat transfer coefficient distribution over the fin surface
and the span-averaged convective heat transfer coefficient are shown in Figure 3.4.
Similar to the calculation results of Romero-Me´ndez et al. [54], they found that
the convective heat transfer coefficients are high at the fin leading edge but then
rapidly decrease due to the developing boundary layer. Furthermore, the horseshoe
vortex effect in the first tube row is small (so only little increase of local heat
transfer), while the convective heat transfer coefficients in front and around the
second tube row significantly increase because the horseshoe vortex was magnified
and composed of two vortices. The small horseshoe vortex system in the first tube
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row is due to the leading edge effect, as explained by Kim and Song [57]: if the
distance between the leading edge and the tube is too short the vortex is weak
because the boundary layer is thin. In the study of Ahrend et al. [55], however,
this leading edge effect was not present because the top and bottom walls of the
test section were used as fins and thus there was no leading edge. Wu et al. [58]
developed a 3-D CFD model predicting the air flow and heat transfer in a louvered
fin and round tube heat exchanger. They found that a stagnant flow region exists
downstream of the round tubes where the heat transfer rate is low and that the heat
transfer in the second tube row is less effective than in the first tube row due to the
smaller driving temperature difference.
Figure 3.4: Plain fin and two tube rows assembly: (a) convective heat transfer coefficient
distribution (Vin = 1.5 m/s), (b) span-averaged convective heat transfer coefficient for
three different frontal velocities [56]
The multiple vortex structure, reported by Bougeard [56], is dependent on the
fin spacing and frontal velocity and was also found by other authors [59–61]. Sung
et al. [52] showed that the influence on the local heat transfer rate of the secondary
and ternary vortices is smaller than the impact of the primary vortices.
O¨ztu¨rk [62] compared the flow characteristics of a single tube mounted between
two flat plates to the flow characteristics of multiple staggered tubes in the passage
of a fin-and-tube heat exchanger. The plates (representing the fins) extended ten
tube diameters upstream of the center of the tubes in the first tube row. Thus a
developing channel flow was considered. The time-averaged streamline patterns
obtained with the PIV technique are presented in Figure 3.5. In the downstream
tube rows of the multiple tube layout the saddle point S in front of the tube is
located closer to the tube surface than in the single tube configuration. The size of
the wake zones behind the tube is also remarkable smaller in the multiple tube
configuration. The foci occur closer to the tube surface due to the staggered
arrangement of the tubes.
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Figure 3.5: Time-averaged PIV streamline patterns: (a) single tube configuration and (b)
multiple staggered tube configuration [62]
3.3 Main flow enhancement: louvered fins
High fin densities are preferential from a heat transfer point of view. However,
there is an upper limit. If the fin spacing is too small then the development
of horseshoe vortices is suppressed and large and stable recirculation zones are
formed downstream of the tubes. This causes zones of poor heat transfer. A
high fin density also results in high material and operational costs. Next to
enlarging the heat transfer surface area, the air side thermal resistance can also be
reduced by increasing the convective heat transfer coefficient. Flow manipulation,
such as boundary layer thinning and vortex shedding, results in an increased
convective heat transfer coefficient compared to the plain fins. This is the aim
of the enhancement techniques used in the third generation of fin-and-tube heat
exchangers. Two enhancement techniques can be distinguished:
• Main flow enhancement: the gross characteristics of the main flow are
altered by geometric changes or pressure variations;
• Secondary flow enhancement: introduction or exploitation of local
(secondary) flow structures.
As explained in chapter 1, typical examples of main flow enhancement are the
use of corrugated fin patterns (e.g. wavy fins) or interrupted fin patterns (e.g.
offset strip fins, louvered fins, ⋯). In this doctoral work only the louvered fins
are discussed. More information about the other fin patterns can be found in [63].
Vortex generators are a common example of secondary flow enhancement. They
are discussed in section 3.4.
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3.3.1 Geometry of a louvered fin array
Figure 3.6 shows a louvered fin heat exchanger and a cross section of the
interrupted louvered part of the fin surface between the tubes. The fin type consists
of an array of flat plates (the louvers) set at an angle to the incoming flow. The
entrance, turnaround and exit louvers are typical for the louvered fin geometry.
In Figure 3.6 the characteristic geometrical parameters are also indicated: the fin
pitch Fp, the louver pitch Lp, the fin spacing s, the louver angle θ and the fin
thickness tf . Due to the interruptions the formation of thick boundary layers is
prevented and flow destabilization is stimulated. The influence of the boundary
layer restarting on the heat transfer is illustrated in Figure 3.7. The local Nusselt
number distribution on the top surface of the fin is plotted (ReLp = 550; for
the geometrical details see Atkinson et al. [64]). High heat transfer rates are
shown at the leading edges of each louver, i.e. where the thermal boundary layer
restarts. The Nusselt number decreases rapidly over the louver (due to the growing
boundary layer). At the trailing edge of each louver the convective heat transfer
coefficient slightly increases due to the acceleration of the air when it enters the
gap between the louvers. The averaged thermal boundary layer for a louvered
fin is thinner than for the corresponding plain fin and thus louvered fins have a
higher overall convective heat transfer coefficient. Unfortunately, the associated
pressure drop is also higher than for uninterrupted surfaces. This large pressure
drop penalty is the main disadvantage of louvered fin heat exchangers.
3.3.2 Heat transfer and pressure drop correlations
Research performed on actual-sized louvered fin heat exchangers focuses on
overall heat transfer and pressure drop performance. During the experiments the
heat exchanger is considered as a black box. In a wind tunnel the mass flow rates,
inlet temperatures and outlet temperatures are measured at the air side and liquid
side of the heat exchanger. At the air side the pressure drop over the heat exchanger
is also measured. These experimental data are used to derive correlations for
design purposes. Typically a Wilson plot method is used for the data reduction
[33, 34]. Numerous experimental studies on the air side performance of louvered
fin and flat tube heat exchangers have been performed [65–67]. Flat tubes are
commonly used in the automotive industry. Chang et al. [68–70] and more recently
Dong et al. [71] reported heat transfer and friction correlations based on a large
data base of test samples. The results of Dong et al. [71] also showed that mainly
the flow depth and fin pitch influence the thermal hydraulic performance. This
was confirmed by a Taguchi analysis performed by Qi et al. [72]. They concluded
that besides the flow depth and the fin pitch to fin thickness ratio, also the number
of louvers is an important geometrical parameter. In residential air conditioning
and heat pump systems louvered fin heat exchangers with round tubes are more
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Figure 3.6: Louvered fin heat exchanger with round tubes [31]. Section A-A shows the
louver array with indication of the geometrical parameters
Figure 3.7: Local Nusselt number distribution over the top surface of a louvered fin [64]:● measured; — computed
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frequently applied. In contrast to the heat exchangers with flat tubes, general
design correlations for round tube louvered fin heat exchangers are rare. Wang
et al. [31] proposed a heat transfer and friction correlation based on a total of 49
samples with different geometrical parameters. The heat transfer correlation can
describe 95.5% of the data within ±15% and shows a mean deviation of 5.72%.
The friction correlation predicts 90.8% of the data within ±15% with a mean
deviation of 8.73%.
Although very valuable, these black box studies do not provide any information
on the flow field and heat transfer mechanisms inside the heat exchanger. To gain
a better insight in the internal heat exchanger behaviour, experiments on scaled-up
models of heat exchangers and numerical simulations have been performed.
Two-dimensional studies focus on the louver bank only. If the presence of the
tubes is also considered, then three-dimensional studies are performed.
3.3.3 Two-dimensional flow field and heat transfer over the lou-
vers
The characteristics of the flow passing through a louvered element and the
resulting thermohydraulics have already been investigated extensively in the past.
Most of these studies are two-dimensional. Through a finite-difference analysis,
Achaichia and Cowell [65] illustrated that increasing the Reynolds number results
in a transition of the flow from duct-directed to more louver-directed (see Figure
3.8). This is an example of ‘boundary layer driven flows’. At low Reynolds
numbers the thick boundary layers block the passage between the louvers, forcing
the flow to go straight through. As the Reynolds number increases, the boundary
layers become thinner and the passage opens up, aligning the flow with the louvers
and extending the flow path. This results in an increased heat transfer rate. But as
the flow path is extended, the frictional pressure drop also increases. The degree
to which the flow follows the louvers is called the flow efficiency η. It is defined
as the ratio of the mean flow angle α to the louver angle θ. A high value of η
corresponds to a flow almost parallel to the louvers, resulting in large convective
heat transfer coefficients. Thus high values of η are good from a heat transfer point
of view, which explains the term ‘flow efficiency’ for η. Achaichia and Cowell [65]
developed a correlation for the Stanton number of a flat tube louvered fin heat
exchanger which is dependent on the flow efficiency. This correlation illustrates
the strong link between the heat transfer rate and the mean flow behaviour in
louvered fin heat exchangers.
Besides the Reynolds number, the flow efficiency is also strongly dependent
on the geometry. This is shown by Zhang and Tafti [73] through numerical
simulations. The flow efficiency increases with an increase in the louver angle
and a decrease in the fin pitch and fin thickness because these geometry variations
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Figure 3.8: Duct- vs. louver-directed flow in louvered fin compact heat exchangers
result in a change of the width of the duct and/or the size of the gap between
the louvers. These numerical findings were confirmed by the flow visualization
experiments of DeJong and Jacobi [74]. Three different louvered fin arrays were
placed in a water tunnel. The dye injected in the test section follows a streakline
through the louver array. The flow efficiency was determined from the recorded
flow images as the ratio of the actual transverse distance travelled by the dye
to the ideal distance if the flow were aligned with the louver. This is a good
approximation for louver angles smaller than 30○ [73]. The results are presented in
Figure 3.9. At high Reynolds numbers the flow efficiency is high because the flow
is more aligned with the louvers, while at lower Reynolds numbers there is a strong
drop off in flow efficiency (the flow is more duct directed). The maximum flow
efficiency is asymptotically approached as the Reynolds number increases and its
value is dependent on the geometry. Zhang and Tafti [73] presented a correlation
for the flow efficiency based on a large database of numerical simulations.
Figure 3.9: Flow efficiency as function of Reynolds number for three different louvered fin
arrays [74]
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Tafti et al. [75] and Tafti and Zhang [76] numerically studied the transition
from steady to unsteady flow in a multilouvered fin array. They found that
the initial instability appeared in the wake of the exit louver and then moved
upstream inside the array as the Reynolds number increases. This is explained
by an accumulation of perturbations in the flow. Each louver can be seen as an
individual roughness element perturbing the flow. Due to the cumulative effect
of these perturbations flow instabilities are developed, first downstream of the fin
but then gradually moving upstream with increasing Reynolds number. Louver
angle and fin thickness were shown to have the largest impact on the onset of
unsteadiness, while the effect of the fin pitch is weaker. Furthermore, they found
that the geometry has a strong influence on the propagation of instabilities into
the louver bank. The effect of the fin pitch and louver angle on the propagation
rate is illustrated in Figure 3.10. Here the louver numbers indicate the location
in the fin array at which the instabilities start to appear for a given Reynolds
number. A smaller distance between the fins results in a suppression of unsteady
patterns, while a smaller louver angle causes less perturbation of the flow (in the
limiting case of θ = 0○ the fin is plain). These numerical results agree well with
the observations made by DeJong and Jacobi [74] through flow visualization in a
water tunnel. Vortex shedding in interrupted fin arrays above a critical Reynolds
number was also reported for offset strip fins [77] and inclined louvered fins [25].
The unsteady flow patterns increase the heat transfer, but also the pressure drop.
Figure 3.10: Effect of the fin pitch and louver angle on the propagation of instabilities into
the louver bank [76]
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The wake of one louver can influence another louver. This is known as
fin interference. Zhang and Tafti [78] classified two types of thermal wake
interferences. Intra-fin interference (Figure 3.11a) occurs between louvers in the
same fin and is dominant when the flow is more duct directed. Inter-fin interference
(Figure 3.11b) occurs between adjacent rows of louvers when the flow is more
louver directed. Their computations showed that both types have a significant
impact on the total heat transfer capacity of the multilouvered fins. The impact of
the thermal wakes on the local heat transfer from a louver was also illustrated by
the experimental and numerical study of Lyman et al. [79]. They concluded that at
higher Reynolds numbers the heated wakes were more concentrated and convected
further downstream while at lower Reynolds numbers the heated wakes were more
diffuse. As thermal wakes are zones of poor heat transfer, in an optimum louver
array geometry the louvers are not (or as less as possible) located in the wakes of
the upstream louvers. Suga and Aoki [80] suggested an expression to calculate the
optimum fin pitch to louver pitch ratio. This expression is function of the louver
angle. Zhang and Tafti [78] found that using the actual flow angle instead of the
louver angle results in a more optimum geometry.
Figure 3.11: Mean temperature contours with thermal wake effects [78]
3.3.4 Three-dimensional simulations: importance of the
louver-tube connection
Even though two-dimensional studies are very interesting to investigate in detail
the flow efficiency, the onset of unsteadiness and the thermal wake effects of the
upstream louvers, they have the disadvantage of neglecting the thermal resistance
of the fins (fin efficiency) and the influence of the tube wall. The tube wall is
the primary heat transfer surface where the largest temperature difference exists
for heat transfer. The tube wall also provides around 10% to 30% of the total
heat transfer surface [81] and its boundary layer governs a portion of the fin
heat transfer near the junction. Moreover, the presence of the tubes leads to the
development of horseshoe vortices and wake zones, which have a considerable
impact on the local convective heat transfer coefficients.
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Figure 3.12: Computational domain of the four louver geometries studied by Tafti and
Cui [82]
The interrupted section presented in Figure 3.6 needs to be connected to the
tubes to form the heat exchanger. In modern heat exchangers this is done through
a transition of the angled louvers to a flat fin surface (the so called landing), which
is then connected to the tubes. This transition is due to the manufacturing process
of the fins (die forming of thin aluminum sheets). Cui and Tafti [84] performed
a three-dimensional numerical study of the flow and heat transfer of one louver
representing an infinite array of louvers. The computational domain is shown
in Figure 3.12d. It consisted of an angled louver, a transition part and a flat
landing to the wall of a flat tube. They found that the flow on the angled louver
is nominally two-dimensional. This justifies the two-dimensional studies of the
flow efficiency discussed above. In the transition region, however, the flow is
strongly unsteady and three-dimensional. The transition part was characterized by
an energetic vortex jet, which was formed underneath the louver, and strong flow
acceleration near the junction with the flat landing, which significantly improved
the tube surface heat transfer. This study was extended by Tafti and Cui [82]
to four variations of the transitional louver geometry ranging from completely
neglecting the tube surface to including the transition of angled louver into the
flat landing to the tube wall (see Figure 3.12). They concluded that for best louver
heat transfer performance the transition and flat landing should be kept as small as
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Figure 3.13: Three-dimensional computational domain of louvered fin and flat tube heat
exchanger: (a) simplified model neglecting the tube width and flat landings (Atkinson et
al. [64]), (b) more realistic model including tube width and flat landings (Perrotin and
Clodic [83])
possible. However, for the tube heat transfer the presence of the transition zone
is advantageous: the tube heat transfer was increased by over 100% compared
to a straight louver without transition due to the high velocities caused by the
transition portion. Both studies of Tafti and Cui [82, 84] ignored the effects of
entrance, turnaround and exit louvers. Ebeling and Thole [85] showed that these
louvers have a strong benefit to the tube wall heat transfer as the flow turns result
in significant thermal boundary layer thinning.
Atkinson et al. [64] and Perrotin and Clodic [83] evaluated two- and
three-dimensional numerical models of flow and heat transfer over louvered fin
arrays. Atkinson et al. [64] developed a basic 3-D model (Figure 3.13a) which
incorporated the effects of heat transfer of the tube surface, but neglected the
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Figure 3.14: Friction factors and Stanton numbers by Atkinson et al. [64]. Friction factor:△, computed, 2-D model; ◻, computed, 3-D model A; ◇, measured. Stanton number: ▲,
computed, 2-D model; ∎, computed, 3-D model A; X, computed, 3-D model A with uniform
fin temperature; u, measured. Fp = 2.17 mm, Lp = 1.1 mm, θ = 22○, t = 0.05 mm, Pt = 8
mm.
tube width and the flat landings between the tubes and the louver ends. Limited
computations were performed using a model in which the tube width was also
represented. The 3-D computational domain of Perrotin and Clodic [83] was more
realistic (Figure 3.13b), because the tube geometry (including the tube width)
and the flat landings were taken into account. The transition from angled louver
to flat landing was neglected. In both studies the comparison of the simulation
results to the experimental observations indicated that the 3-D models gave much
more accurate predictions than the 2-D models for heat transfer and pressure
drop. Figure 3.14 shows friction factors and Stanton numbers computed and
measured by Atkinson et al. [64]. For the Stanton number, for instance, Atkinson
et al. [64] found that the 2-D model overpredicted the measured values by 90%
while the 3-D model only overpredicted by 25% compared to the experimental
results. They reported that mesh refinement can further reduce the overprediction.
For the friction factors the overprediction by the 2-D model is smaller and the
3-D model shows a very good agreement with the measurements. Malapure et
al. [86] performed a three-dimensional parametric CFD study to determine the heat
transfer and pressure drop characteristics of a louvered fin heat exchanger. Similar
to the basic model of Atkinson et al. [64], they used a computational domain in
which the flat landings and tube width were neglected. Design curves, which can
predict the performance of a louver geometry, are presented.
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The above literature review shows that the flow and thermal hydraulic behaviour
in 2-D louver banks is well understood. Three-dimensional studies are rare,
especially of round tube heat exchangers. Flow structures at the tube-fin junction
in heat exchanger with interrupted fin surfaces have not been investigated yet.
3.4 Secondary flow enhancement: vortex generators
Louvered fins improve the heat exchanger performance by alteration of the main
flow characteristics. They are an example of main flow enhancement. The heat
exchanger performance can also be improved by introduction and/or exploitation
of secondary flows. A typical example of this secondary flow enhancement is
the generation of vortices by vortex generators. In contrast to horseshoe vortices
which occur naturally in the flow, the vortices produced by vortex generators are
created intentionally. As these vortices affect the secondary flow patterns, the
associated pressure drop is relatively low (compared to interrupted or corrugated
fin designs) [27]. This makes them popular for heat exchanger applications.
Longitudinal vortex generators are generally preferred over transverse vortex
generators, because the pressure drop penalty is lower for the same heat transfer
enhancement [87]. In compact heat exchangers the flow at the gas side is usually
laminar, because the fin spacing is small and the mean velocity is low. That is why
only longitudinal vortex generators in laminar flows are considered here. Extensive
reviews on vortex generators (both transverse and longitudinal) in laminar and
turbulent boundary layers can be found in Jacobi and Shah [27] and Fiebig [28,88].
3.4.1 Geometry of longitudinal vortex generators
Longitudinal vortices are generated by longitudinal vortex generators due to the
pressure difference between the front surface facing the flow and the back surface.
They provide swirling motion to the flow field which causes an intense mixing of
the main flow with the flow in the wall regions. They also reduce the thickness
of the thermal boundary layers and encourage flow destabilization. This results
in an enhanced heat transfer. Commonly used longitudinal vortex generators are
presented in Figure 3.15. They can have a rectangular or a delta shape. A wing
intersects the heat transfer surface at its base (indicated as b), while a winglet
intersects at its chord (indicated as c). The vortex generators can be punched out
or mounted on the surface. Two important geometrical parameters are the angle of
attack α and the aspect ratio Λ. Both are shown in Figure 3.15.
3.4.2 Heat transfer and friction correlations
Heat tranfer and friction correlations obtained through a black box approach
are also available for these geometries. Wang et al. [90] correlated the Nusselt
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Figure 3.15: Typical longitudinal vortex generators with indication of the geometrical
characteristics [89]
numbers and friction factors for a flat tube bank with four vortex generators per
tube. Fin-and-tube heat exchangers with round tubes were studied by Tang et
al. [91]. Wind tunnel experiments on five different fin configurations with a large
number of tube rows (N = 12) and a large tube diameter (Do = 18 mm) were
performed. One of the tested geometries was a plain fin heat exchanger with
vortex generators. The Nusselt number and friction correlations were obtained
from the measurements. This work was extended by Tang et al. [92] for other
numbers of tube rows (N = 6, 9 and 12). They found that the heat transfer and
friction performance of the tested fin-and-tube heat exchangers is independent of
the number of tube rows when N ≥ 6. Design correlations were also proposed.
Zhang et al. [93] reported Nusselt and friction correlations for round tube heat
exchangers with vortex generators with a smaller tube diameter (Do = 10 mm).
Both inline and staggered tube arrangements were tested with 4 and 5 tube rows.
Nowadays, tube diameters used in HVAC&R heat exchangers are typically 7 mm.
Correlations for these small diameters are not available in open literature.
In general, correlations for configurations with vortex generators are rare. Most
of the studies on vortex generators focus on the flow physics and the effects on
the thermal hydraulics. These studies are three-dimensional due to the nature of
the vortices. Vortex generators on flat plates, in channels and in channels with
tubes have been investigated. The latter is representative for fin-and-tube heat
exchangers. A large number of studies in this field have been published. Only the
findings relevant for this doctoral work are discussed here.
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3.4.3 Vortex generators on flat plates
Torii et al. [94] studied the flow field and local heat transfer downstream of a
single delta winglet vortex generator on a flat plate at a fixed freestream velocity
of 4 m/s. They found an increase in local heat transfer of over 200% in the
downwash region of the vortex flow. Their work was extended to multiple delta
winglets by Yanagihara and Torii [95]. They concluded that arrays producing
counter-rotating pairs of vortices result in the highest heat transfer enhancement.
Torii et al. [96] identified, besides the main leading edge longitudinal vortex, a
horseshoe type corner vortex at the junction of the high pressure side of the delta
winglet with the plate. In some cases also much weaker induced vortices were
observed. This is illustrated in Figure 3.16. Gentry and Jacobi [97, 98] studied the
effect of a delta wing vortex generator at the leading edge of a flat plate. Different
angles of attack, aspect ratios and Reynolds numbers were investigated. Mass
transfer measurements and flow visualizations (smoke injection in a wind tunnel
and dye injection in a water tunnel) were performed. The delta wing generates
two tip vortices. This is illustrated in the flow image of Figure 3.17a obtained
through dye injection in a water tunnel. The two vortices strongly interact with
each other such that they spread apart and move away from the plate as they
are carried downstream. When the vortex cores entered the velocity boundary
layer, periodic waves were observed. They also concluded that vortex strength is
more important than vortex location in local mass transfer enhancement. They
found that the average heat transfer can be increased by 50-60% compared to
the base case without vortex generator. The enhancement effect of the vortices
generally increases with aspect ratio, attack angle and Reynolds number. The
largest enhancement is found at the location where the vortex flow is directed
towards the surface, because this flow thins the boundary layer.
Figure 3.16: Vortex system generated by a delta winglet [96]
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Figure 3.17: Flow images of the vortices generated by a delta wing at the leading edge of
(a) a flat plate and (b) a channel [98]
3.4.4 Vortex generators in a rectangular channel
Gentry and Jacobi [98] also studied the effect of the leading edge delta-wing in a
developing channel flow. The trajectory followed by the vortices in the developing
channel flow differs from that of the flat plate flow. This is illustrated in Figure
3.17b. Near the channel entrance the vortices interact, spread and travel away from
the winged surface, similar as in the flat plate flow. However, once the vortices
reach the channel center, the symmetry of the channel causes the vortices to travel
in parallel paths down the channel centerline. No periodic waviness was detected,
because for the considered experimental range the vortex cores stayed outside the
velocity boundary layer of the developing flow. Furthermore, they found that the
vortices have a significant impact on the convective heat transfer on both channel
walls. Average mass transfer enhancements up to 50% were obtained for the entire
channel. The pressure drop penalty was also measured and it increases with aspect
ratio, angle of attack and Reynolds number. Brockmeier et al. [99] evaluated the
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performance of five heat exchanger surfaces in a channel flow: a plain fin with
rectangular cross section, a plain fin with triangular cross section, an offset strip fin,
a louvered fin and a geometry with multiple rows of delta wings mounted on one
channel wall. They found that the delta wing configuration requires the smallest
heat transfer surface area for a fixed heat duty and pumping power. Fiebig et
al. [100] performed an experimental study of single delta wing, rectangular wing,
delta winglet and rectangular winglet in developing channel flows. They found that
the delta wings provide the highest local heat transfer enhancement (greater than
200% immediately behind the delta wing; 60% increase in drag) and were most
effective per area vortex generator. As a wing produces two strong tip vortices,
while a winglet only produces one main leading edge vortex, it seems more
interesting to compare a wing with a pair of winglets. To obtain counter-rotating
vortices (which result in the larges heat transfer enhancement [95]), the winglets
of a pair can be oriented in two different ways. If the transverse distance between
the leading edges of the winglet pair is less than the transverse distance between
their trailing edges, the winglet pair is referred to as a common inflow pair (Figure
3.18a). It is characterized by an inflow (downwash region or flow towards the
surface) in between the vortex cores. For a common outflow pair (Figure 3.18b) the
transverse distance between the leading edges is larger than the transverse distance
between the trailing edges and it is characterized by an outflow (upwash) between
the vortex cores. In the downwash region the boundary layer is thinned, which
results in a local heat transfer enhancement. The increase in heat transfer due to a
common inflow pair of delta winglets is almost double of that due to a single delta
winglet [101].
Figure 3.18: Possible orientations of the winglets of a winglet pair resulting in
counter-rotating vortices: (a) common inflow pair, (b) common outflow pair [27]
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Biswas et al. [102] studied the effect of punching a delta wing on the Nusselt
number and friction factor in a developing channel flow. Their simulations showed
a larger enhancement in heat transfer and higher friction coefficients when the delta
wing is mounted on the channel wall than when a punched hole is present beneath
the wing. This is because for the punched delta wing a velocity field normal to
the spiral flow motion is induced, which reduces the longitudinal vortex strength.
In contrast to the heat transfer results of Biswas et al. [102] for delta wings, Wu
and Tao [103] found that for a rectangular winglet in a channel flow the averaged
Nusselt number of the whole channel with punched hole is slightly higher than
without punched hole. The heat transfer is mainly improved in the region near
the vortex generator. This was explained by the experimental observation that air
flows through the punched hole and disturbs the main flow [104]. The averaged
friction factor is lower with hole than without hole. Generally, vortex generators
in actual heat exchangers are punched due to the ease of manufacturing. Biswas
et al. [102] also investigated the performance of a delta wing and delta winglet
pair and compared the results with the base case of a channel flow without vortex
generator. The simulations were performed for an unpunched wing and winglet
pair in a channel with a fully developed velocity profile at the inlet. Figure 3.19a
shows the spanwise average Nusselt numbers in the channel. There is a strong drop
off in spanswise Nusselt number of the wing where the wing-span is attached to
the plate. At the same location, the winglet pair is characterized by an increase in
spanwise Nusselt number due to the effect of the leadinge edge vortices. Overall, it
is concluded that the delta wing has a better thermal performance than the winglet
pair. The difference is explained by the stronger longitudinal vortices generated
by delta wings compared to delta winglet pairs. The resulting frictional losses
for delta wings are also higher. This is illustrated in Figure 3.19b, in which
the spanwise average friction coefficients (multiplied with the Reynolds number
based on the channel height) are plotted as function of the streamwise direction.
Figure 3.19c shows the variation of a merit function M with Reynolds number.
The merit function is defined as the ratio of the exergy transferred to the sum
of the exergy transferred and the exergy destroyed (the derivation of this cost
function can be found in Biswas et al. [102]). The delta winglet pair shows a better
performance than the delta wing with regard to this merit function. Biswas et al.
[102] concluded that, although the delta wing performs better from a heat transfer
point of view, the delta winglet pair is more effective from a thermodynamic point
of view. These numerical findings are in agreement with the experimental results
of Tiggelbeck et al. [105]. Experiments on counter-rotating delta and rectangular
winglet pairs, and delta and rectangular wings were performed. They concluded
that winglet pairs are more attractive as enhancement technique than wings, when
taking heat transfer as well as pressure drop into account. The delta forms are
more efficient than rectangular forms. This was also reported by Fiebig [87].
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Figure 3.19: Effect of the type of vortex generator on the variation of (a) the spanwise
average Nusselt number, (b) the spanwise average friction coefficient and (c) the merit
function as defined by Biswas et al. [102]
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The discussion above clearly shows the potential of vortex generators as
enhancement technique. Unlike the flow over a flat plate or in a channel where
the vortices are not disturbed, in actual compact heat exchangers downstream
obstacles (such as tubes, interrupted surfaces or other vortex generators) affect
the trajectory and behaviour of the generated longitudinal vortices. That is why
channels with these obstacles are more representative to study heat exchangers.
3.4.5 Vortex generators in a rectangular channel with tubes
As the use of delta winglets in rectangular channels shows very promising results,
they are also widely applied in fin-and-tube heat exchangers. Next to a better
fluid mixing, boundary layer modification and promotion of flow destabilization,
the vortex generators applied in actual fin and tube heat exchangers can cause
an additional enhancement through tube-wake management. An appropriate
placement and orientation reduces the poor heat transfer region in the tube wake.
As mentioned before, counter rotating vortices result in the largest heat transfer
augmentation and thus the delta winglet pair orientations of Figure 3.18 are
preferred. For the common inflow arrangement, also called common flow down
configuration (Figure 3.20a), the delta winglet pair is usually placed downstream
of the tube in the near wake region in order to introduce high momentum fluid
behind the tube and improve the poor heat transfer in the wake region, explained
by Joardar and Jacobi [106]. For this configuration, the increase in heat transfer
is always accompanied by an additional pressure drop, however this pressure
drop penalty is less than for other enhancement techniques (such as corrugated or
interrupted fins). In the common outflow arrangement, also called common flow up
configuration (Figure 3.20b), the delta winglet pair is placed more upstream close
to the tube forming a nozzle-like flow passage in which the fluid is accelerated.
Torii et al. [107] showed that the separation point on the tube wall travels
downstream. This delay in separation results in a smaller wake and a suppression
of vortex shedding. Hence, the form drag across the tube is reduced. This is
interesting for heat exchanger applications, because if the additional pressure loss
caused by adding vortex generators is less than the reduction in form drag, the
overall pressure drop in the heat exchanger decreases by adding vortex generators,
while the heat transfer is enhanced [107].
3.4.5.1 Delta winglets in a common flow down configuration
Figure 3.21 shows time averaged streamlines and temperature distributions in a
horizontal section close to the fin surface for a staggered tube bundle without and
with vortex generators obtained numerically by Lemouedda et al. [108]. Without
vortex generators a pronounced wake region is present behind each tube. The
temperature in these regions is high (and thus the heat transfer is poor) because
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Figure 3.20: Location and orientation of winglet pairs on the fin of a round tube heat
exchanger: (a) common flow down configuration, (b) common flow up configuration [107]
Figure 3.21: Streamlines and temperature distributions in a horizontal section closely to
the fin surface for a staggered tube arrangement: (a) without delta winglets and (b) with
common flow down delta winglet pairs [108]
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there is no mixing with the main flow. When common flow down delta winglets
are added, the size of the wakes is significantly reduced and the mainstream flow
is directed towards the tubes leading to better heat transfer.
Tiwari et al. [109] studied a single tube in a rectangular duct with delta winglet
vortex generators in a common flow down configuration. Numerical simulations
were carried out for isothermal fins and laminar flow conditions. Increased
spanwise Nusselt numbers upstream and downstream of the tube were found,
due to the formation of horseshoe vortices and a reduction of the wake zone
respectively. Figure 3.22 clearly shows the enhanced heat transfer in the near
wake region if delta winglets are used. Pressure drop results were not reported.
Overall Nusselt numbers and friction factors were experimentally determined by
Fiebig et al. [110]. Inline and staggered tube bundles consisting of three tube
rows and delta winglets in common flow down orientation behind each tube were
tested. For the inline arrangement the heat transfer increased by 55-65% and the
friction factors increased by 20-45% for the range of Reynolds numbers from 600
to 2700 (based on the inlet velocity and two times the channel height). For the
staggered arrangement a heat transfer augmentation of 9% was found accompanied
by a 3% increase in friction factor for the same Reynolds number range. When
tubes are placed in a staggered layout the wake zones are smaller than for inline
tube arrangements. As the vortex generators mainly work on these wake regions,
this explains the much larger heat transfer enhancement for common flow down
delta winglets in inline tube bundles compared to staggered tube bundles. The
optimal common flow down position of the delta winglet pair was experimentally
determined by Pesteei et al. [111]. The best thermal hydraulic performance was
found for delta winglets located at ∆x = 0.5Do and ∆y = 0.5Do (Do is the
outer tube diameter and ∆x and ∆y are respectively the streamwise and spanwise
distance between the tube center and the point where the leading edge of the
winglet intersects with the fin surface). Increasing the angle of attack results
in better heat transfer because stronger vortices are produced which enhance the
fluid mixing. Unfortunately, also the flow resistance (and thus the pressure loss)
increases with the angle of attack. Fiebig et al. [112] found that the best heat
transfer performance is achieved for an angle of attack equal to 45○. The same was
reported by Leu et al. [113] for rectangular winglets.
3.4.5.2 Delta winglets in a common flow up configuration
The common flow up configuration was first tested by Torii et al. [107]. They
performed experiments for an inline and staggered tube layout with and without
delta winglets. The results are promising and the best performance was obtained
at low Reynolds numbers (heat transfer increase up to 30% and pressure loss
reduction up to 55% for the staggered arrangement in the considered Reynolds
range). This is because at low Reynolds numbers the wake regions downstream of
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Figure 3.22: Spanwise average Nusselt number as function of the streamwise direction:
(a) plane channel, (b) channel with circular tube and (c) channel with circular tube and
delta winglet pair in common flow down orientation [109]
the tubes are wide and long and the delta winglets reduce their size significantly.
Kwak et al. [114] investigated experimentally the heat transfer and pressure drop
for various numbers of tube rows in staggered fin-and-tube heat exchangers with
delta winglet in common flow up orientation in the first tube row. They found
that the heat transfer enhancement was almost independent of the number of tube
rows (increase of about 10-30% compared with the plain fin geometry), except
for two rows where it is higher (20-35% increase), see Figure 3.23a. For two,
four and five tube rows the pressure drop showed a slight increase compared with
the plain fin geometry, but for the bundle with three tube rows the pressure drop
penalty was significantly reduced (a decrease of 34-55% as is shown in Figure
3.23b). This is because in a staggered tube layout the flow acceleration caused
by the delta winglets in the first tube row is most effective for the first and third
tube row (largest form drag reduction). The even tube rows are not affected (due
to the staggered layout) and the delta winglet effect does not reach the fifth tube
row. In another experimental work, Kwak et al. [115] started from the staggered
bundle with three tube rows and delta winglets in the first tube row and studied
the effect of adding common flow up delta winglet pairs to the second tube row.
When two delta winglet rows are used, the Colburn j-factors are slightly higher
compared to the geometry with one delta winglet row. However, the pressure
loss was comparable with the plain fin configuration. In other words, the strong
reduction in pressure loss for one row of delta winglets, was not found if two
delta winglet rows were used. This is because the second row of winglets obstruct
and decelerate the flow generated at the first row. Inline tube arrangements were
also studied but heat transfer and pressure drop were worse than for the staggered
layout.
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Figure 3.23: (a) heat transfer enhancement and (b) pressure drop penalty for a staggered
tube bundle with delta winglets in the first tube row in common flow up orientation:
influence of the number of tube rows (Reynolds number based on the inlet velocity and
twice the fin spacing; G0: plain fin geometry without vortex generators) [114]
Jain et al. [116] performed a numerical study of a single tube in a rectangular
channel with a delta winglet pair in common flow up configuration. Compared
to the plane channel, they found increased Nusselt numbers upstream of the tube
(due to the formation of a horseshoe vortex) and downstream of the tube (due
to the vortices generated by the delta winglets which reduce the wake size).
Unfortunately, pressure drop results were not reported. Joardar and Jacobi [106]
performed a numerical analysis of three different common flow up configurations
for a seven row heat exchanger with inline tube pattern. The influence of the
delta winglets on the flow field was clearly illustrated. In the nozzle-like passage
between the winglets and the tube (Figure 3.24a), the flow is accelerated and it
impinges on the downstream tube. The wake is also smaller (compare to Figure
3.24b where no vortex generators are present) because the separation from the
tube is delayed. Both effects result in a heat transfer enhancement. They also
found that the horseshoe vortices in the downstream tube rows contribute much
less to the heat transfer augmentation than the horseshoe vortex in the first tube
row. This is due to the inline tube arrangement. Furthermore, the staggered delta
winglet array of Figure 3.25a results in the same increase in heat transfer as the
inline delta winglet array of Figure 3.25b, but the staggered array causes a smaller
pressure drop penalty (note that both configurations have the same number of
delta winglets). He et al. [117] found similar results when rectangular winglets
are used instead of delta winglets. The influence of the position and the angle
of attack of delta winglets in a common flow up position in the first tube row
of a two row compact heat exchanger with staggered layout was investigated by
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Song and Nishino [118]. Heat transfer and pressure drop were simulated and the
area goodness factor (relative to the baseline case without vortex generators) was
calculated. They showed that an optimum configuration can be found.
Figure 3.24: Streamlines in a plane close to the fin surface: (a) first tube row with vortex
generators, (b) second tube row without vortex generators [106]
Figure 3.25: Two configurations with the same number of winglets (studied by Joardar and
Jacobi [106] for delta winglets and by He et al. [117] for rectangular winglets): (a)
staggered winglets array, (b) inline winglet pairs (alternating tube row)
Fujino [48] reported that the fin efficiency decreases and the temperature
distribution over the fin is non-uniform when punched vortex generators are used,
because the holes in the fins interrupt the heat flux path (in general this is also the
case for all types of interrupted fin designs, such as louvered fins and offset strip
fins). This is why he suggested a new design with divided vortex generators, as
shown in Figure 3.26. Numerical simulations were performed for a steady laminar
flow at a constant velocity of 1.3 m/s (typically for air conditioners). In each of
the three cases the wake zones are significantly reduced compared to the plain fin
design. The heat transfer improved, but also the pressure drop increased. However,
the temperature distribution is much more uniform when divided winglets are used
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(types B and C) than if the winglets are undivided (type A). This prevents the
reduction in fin efficiency. Also the pressure drop penalty is lower for divided
winglets. Thus the heat transfer to pressure drop ratio of types B and C is better
than for type A.
Figure 3.26: The three common flow up geometries tested by Fujino [48]: (a) undivided
delta winglets, (b) delta winglets divided into two sections, (c) delta winglets divided into
three sections
As is shown in Figure 3.20, common flow up winglets are usually placed more
upstream than common flow down winglets, because then the separation point on
the tube surface is moved more downstream. However, they can also be located in
the downstream region of the tubes. In this case the winglets guide the main flow
into the wake region. The influence of the angle of attack of delta winglet vortex
generators mounted behind each tube in a plate-fin-and-tube heat exchanger with
three circular tube rows was studied by Lemouedda et al. [108]. The geometry
is shown in Figure 3.27. The angle of attack α of the delta winglets was varied
between -90○ and +90○. The winglets are rotated on a vertical axis located at
the center of the delta winglet base and thus the delta winglets remain at the
same position in the wake of the tubes. An angle of attack between -90○ and
0○ corresponds with a common flow up configuration, while an angle of attack
between 0○ and 90○ corresponds with a common flow down configuration. The
optimal designs for staggered and inline tube arrangements were determined by
applying the Pareto optimal strategy. It was demonstrated that the optimal use of
delta winglets significantly improves the heat exchanger’s performance and that
optimal designs for staggered arrangements show better performance than those
for inline arrangements. However, for a given pressure drop the heat transfer
enhancement for inline configurations is larger (compared to the case without
vortex generators). This is illustrated in Figure 3.28.
3.4.5.3 Other vortex generator types in plain fin-and-tube heat exchangers
Although the common flow down and common flow up configurations of delta
winglets are very popular due to their effect on the wake regions, also other
arrangements of vortex generators are used in fin-and-tube heat exchangers. El
Sherbini and Jacobi [89] performed full scale wind tunnel tests of a plain fin
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Figure 3.27: Geometry studied by Lemouedda et al. [108]: (a) location of the delta
winglets behind the tube, (b) geometrical details of the delta winglets.
Figure 3.28: Performance plot of the optimal designs with and without delta winglets for
inline and staggered tube bundles [108]
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and tube heat exchanger before and after adding a single row of delta wings
attached to the leading edge of the fin. Heat transfer increases up to 31% with
a pressure drop penalty smaller than 10%. Annular vortex generators (i.e. circle
segments positioned around the tube) were studied by Wang et al. [26]. They cause
higher pressure drops and the longitudinal vortices produced are less intense than
those generated by delta winglets. Lin et al. [119] compared block shape vortex
generators in a common flow down configuration and annular vortex generators.
They concluded that the block shape vortex generators give the best heat transfer
performance for moderate and high Reynolds numbers. He et al. [120] performed
full-scale wind tunnel testing of a plain fin round tube heat exchanger before
and after implementation of four types of vortex generators placed at the leading
edge of the fin. As illustrated in Figure 3.29, they considered a new vortex
generator array deployed in a V shape at 10○ and 30○ angle of attack and two
conventional single pair delta winglets with one area being half of the other. The
V array is inspired on the group movement of animals in nature. Performance
evaluation based on a modified area goodness factor and the volume goodness
factor indicated the superiority of the design with the 30○ array among all the
investigated geometries. Song et al. [121] performed a numerical analysis of flat
tube heat exchangers with vortex generators mounted on both sides of the fin (see
Figure 3.30). This study was motivated by the idea that vortex generators with
a large height are required to enhance the heat transfer on both surfaces forming
the channel, but these vortex generators cause a high pressure drop which might
dominate over the heat transfer augmentation. From this point of view the use of
vortex generators with a small height mounted on both surfaces of the fin seems
more promising. Numerical results indicated that the design with vortex generators
on both fin sides yields a higher thermal hydraulic performance than the design
with vortex generators mounted on only one side of the fin. The relative position of
the vortex generators on both fin sides has a very large impact on the performance
and should thus be well considered.
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Figure 3.29: (a) the four types of vortex generators studied by He et al. [120], (b) the
vortex generators are located at the leading edge of the fin, (c) a photograph of the tested
heat exchanger
Figure 3.30: Finned two row flat tube bank analyzed by Song et al. [121]: (a) with vortex
generators mounted on one side of the fin and (b) with vortex generators mounted on both
fin sides
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3.5 Combination of enhancement techniques
The literature review above clearly shows the potential of enhanced fin surfaces.
As explained in chapter 1, the next generation of fin-and-tube heat exchangers
is expected to combine different known enhancement techniques, resulting in so
called compound designs [22]. The aim is that the compound design has a higher
performance than the individual techniques applied separately. Up to date, only a
few studies have dealt with this topic.
A first example is the use of different fin patterns in the subsequent tube rows of
the heat exchanger. Kang and Kim [122] determined the air side thermal hydraulic
characteristics of fin-and-tube heat exchangers with two tube rows. The four fin
configurations which were tested in a wind tunnel are shown in Figure 3.31: a
plain fin geometry, an offset strip fin geometry with X shape arrangement and their
combinations. The hybrid fin with a plain fin in the front row and an offset strip fin
in the rear row shows the highest heat transfer performance for a given fan power
for velocities above 0.5 m/s. This is because the first tube row is characterized
by a high heat transfer rate (due to the large driving temperature difference and
the major contribution of the developing flow region) and the pressure drop for a
plain fin is relatively low (compared to the offset strip fin). In the second tube row,
however, the temperature difference between the air and the refrigerant is smaller
and thus the use of an enhanced fin (such as the offset strip fin) is advantageous
to obtain a high heat transfer rate, but it results in a higher pressure drop penalty.
Similar experiments for two row heat exchangers were performed by Byun et al.
[123]. They determined Colburn j-factors, friction factors and goodness factors
for four different fin types (louver, single side slit, double side slit and plain fins)
and their combinations. It was concluded that the heat transfer is more dependent
on the fin pattern in the front tube row than on the one in the rear tube row. The
friction losses are mainly affected by the fin types, rather than the fin arrangements.
Both studies show that the performance of heat exchangers can be increased when
selecting a proper combination of fin patterns.
Another example of a compound design is the combination of vortex generators
with corrugated or interrupted fins in the same tube row. Thus main and secondary
flow enhancement techniques are combined. Tian et al. [124] performed a
numerical study on the air side performance of a wavy fin-and-tube heat exchanger
with delta winglets in common flow down orientation behind each tube. For
an inline tube arrangement the vortices generated by the delta winglets not only
enhance the heat transfer of the fin surface in the tube wake regions, but also
of the surface of the downstream tube. For a staggered tube layout, however,
the vortices do not last over a long distance due to the blockage caused by the
downstream tube and the change in main flow direction. They are destroyed at
the first wavy trough downstream of the winglet and thus only increase the heat
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Figure 3.31: Geometric details of the fin configurations studied by Kang and Kim [122]
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transfer in the tube wake. When delta winglets are used in the wavy fin design
with inline tube arrangement the Colburn j-factor and friction factor increases with
15.4% and 10.5%, respectively, at Re = 3000 (based on the outer tube diameter and
the mean velocity at the minimum flow cross-sectional area). For the staggered
configuration the Colburn j-factor and friction factor are increased by 13.1% and
7.0%, respectively. Tian et al. [125] also examined the effect of the tube row
number, the angle of the wavy fin and the angle of attack of the delta winglets in
the staggered tube bundle. An angle of attack equal to 30○ resulted in the highest
j/f ratio.
Fan et al. [126] investigated the possibility of replacing a three tube row
wavy fin-and-tube heat exchanger by a two row heat exchanger with the same
longitudinal tube pitch by applying appropriate enhancement techniques. The
heat transfer and pressure drop of the existing three row wavy fin heat exchanger
(Figure 3.32a) was calculated and compared to the simulation results of seven two
row plain fin heat exchangers with different arrangements of vortex generators.
None of the seven designs met the thermal hydraulic requirements of the wavy
fin. Next, four compound designs with offset strip fins and delta winglet vortex
generators were simulated. These are shown in Figure 3.32b-e. Fan et al. [126]
found that the design of Figure 3.32c transfers the same amount of heat as the
original wavy fin design. The pressure drop is slightly increased, but the volume
and the fin material of the new design is significantly reduced (because there were
only two tube rows in the new design). Thus when size and cost are taking
into account the combination of delta winglets and offset strip fins seems very
promising.
Figure 3.32: (a) Wavy fin-and-tube heat exchanger with three tube rows, (b)-(e) four
compound designs with offset strip fins and delta winglet vortex generators [126]
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The combination of offset strip fins and vortex generators was also studied by
Ge et al. [127]. During their flow visualizations and wind tunnel measurements
only the fin array was considered (thus the presence of the tubes was neglected).
Experiments were performed on an offset strip fin array without vortex generators
(baseline case) and six delta wing enhanced arrays. Four of these designs had
delta wings on the leading edges of the first row fins at the inlet of the array (2, 4
or 8 delta wings per leading edge). As the longitudinal vortices dampen out while
traveling through the array, also two configurations were tested with delta wings
attached at the leading edges of all fifth row fins in addition to the delta wings
at the leading edges of the first row fins (4 or 8 delta wings per leading edge).
A schematic is shown in Figure 3.33. The thermal hydraulic analysis revealed
that the use of delta wings significantly enhances the heat transfer. Unfortunately,
the pressure drop penalty was also considerable especially for the configurations
with more than 2 delta wings per leading edge and the configurations with delta
wings in the fifth fin row. The j/f ratio was evaluated for the baseline array and
three enhanced arrays (2 delta wings per leading edge in first fin row, 4 delta
wings per leading edge in first fin row and 4 delta wings per leading edge in first
and fifth fin row). The enhanced array with 2 delta wings per leading edge in
the first tube row outperforms the baseline array for Re < 1200 and Re = 3700
(Reynolds number based on the hydraulic diameter and the maximum velocity in
the fin array). The largest enhancement in j/f is about 10% at Re = 600. The other
two enhanced arrays show a lower j/f than the baseline array over the considered
Reynolds number range (Re = 600 - 3700, reduction of j/f up to 35%). This is
mainly due to the higher friction factors.
Figure 3.33: Schematic of the offset strip fin array with delta wing vortex generators on the
leading edges of the first row fins and the leading edges of the fifth row fins [127]
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Joardar and Jacobi [128] tested a louvered fin heat exchanger with flat tubes
before and after adding leading edge delta wings on the heat exchanger face. By
adding delta wings the average heat transfer enhancement was 21% under dry
conditions and 23.4% under wet surface conditions for inlet velocities between
1 and 2 m/s. The associated pressure drop penalty was about 6%. Joardar and
Jacobi [128] believe that further improvements are possible by optimizing the
wing geometry and placement. They suggested that the use of an array of vortex
generators along the flow path instead of only leading edge vortex generators
might be worth considering. Also Lozza and Merlo [129] indicated that a very
careful optimization is required when adding vortex generators to louvered fins.
As mentioned in section 3.3.4, the tube wall provides around 10% to 30% of the
total heat transfer surface. Lawson and Thole [130] calculated that a 50% increase
of the tube wall heat transfer corresponds to a 7.5% increase in overall heat transfer
for the heat exchanger. Sanders and Thole [131] studied the augmentation of
tube wall heat transfer and the associated pressure drop when delta winglets are
added to a louvered fin and flat tube heat exchanger. They used a simplified
louvered fin geometry where the louvers spanned the entire transverse distance
between two adjacent tubes. As no flat landings were present between the tube
and the louvers, the delta winglets were placed on the louvers itself. A parametric
study was performed in an attempt to optimize the geometry. A realistic louvered
fin geometry including the transition and flat landing between the louvers and
the tube wall was investigated by Lawson and Thole [130]. The delta winglets
were stamped into the flat landings and again the heat transfer augmentation and
associated pressure drop were evaluated. They showed that the transition zone and
the flat landing must be taken into account to make accurate tube wall heat transfer
measurements. When winglets are placed on the louvers which span the entire
fin (as studied by Sanders and Thole [131]) the generated vortices are disrupted by
downstream louvers and hence the tube wall heat transfer is much lower than when
the winglets are placed on the flat landings. With winglets on the flat landings,
Lawson and Thole [130] found an enhancement in tube wall heat transfer up to
47% with a corresponding pressure drop penalty of 19%.
3.6 Closure
In this chapter the state-of-the-art of louvered fin heat exchangers and vortex
generators was discussed. The flow field and thermal hydraulic behaviour of
louvered fin arrays is well understood. However, in actual heat exchangers the
louvers are connected with the tubes through a transition zone and flat landing
due to manufacturing constraints. In this transition zone the flow is strongly
three-dimensional. The tubes also contribute to the overall pressure drop and
heat transfer. In air conditioning devices and heat pumps round tubes are usually
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used. The junction flows are more complex than in flat tube heat exchangers. The
horseshoe vortices formed upstream of the tubes and the wake zones behind are
much more pronounced and they have a significant impact on the local heat transfer
distribution. The research on these flow structures in compact heat exchangers has
mainly focused on annular finned tubes and plain fin heat exchangers, but not on
heat exchangers with interrupted fins. Even though the interruptions probably have
a large impact on for instance the horseshoe vortex legs which wrap around the
tube and the size and behaviour of the tube wakes. It is important that the horsehoe
vortices are not destroyed as they provide a natural gain in thermal performance.
The use of longitudinal vortex generators as enhancement technique got a lot of
attention the past years. They increase the heat transfer rate with a smaller pressure
drop penalty than corrugated or interrupted fin designs. In some cases even a
reduction of the pressure drop is achieved. Different configurations were discussed
and it was shown that the vortex generator geometry, placement and orientation
have a significant impact on the overall performance. Due to the many influencing
parameters, an optimization is best done through computational analysis.
A proper combination of existing enhancement techniques can further increase
the heat exchanger’s performance. As louvered fins are frequently used in many
applications (such as heating, ventilation, air conditioning, refrigeration, car
radiators, etc.), it is believed that a mixed design of louvered fins and vortex
generators - with a better performance than the individual techniques operating
separately - might have a wide applicability. Because this enhancement strategy
is rather recent, only a few studies on this kind of compound designs were
found in literature and they all focused on flat tube heat exchangers (typically for
automotive applications). In this doctoral work compound designs of louvered
fins and vortex generators for round tube heat exchangers are investigated.
Applications are HVAC&R and compressed air cooling.
In the compound designs local flow structures (including natural and induced
vortices, wake zones, unsteady flow patterns) are combined with global flow
alterations (flow deflection due to the louvered surfaces), resulting in very
complex, strongly three-dimensional flows. The heat exchanger’s performance can
be improved by a good integration of these flow structures in the main flow field.
Hence, the position of the vortex generators on the fins should be well-considered,
to ensure that the compound design results in an enhanced performance. As the
thermohydraulics are closely linked with the flow field, it is important that the flow
behaviour of louvered fin round tube heat exchangers is fully understood before
vortex generators are added. That is why in the next two chapters first the flow field
of louvered fin round tube heat exchangers without vortex generators is studied in
depth, both experimentally (through flow visualizations in a water tunnel - chapter
4) and numerically (Computational Fluid Dynamics, CFD - chapter 5). The results
of these chapters are used to define an appropriate location of the vortex generators
70 CHAPTER 3
on the louvered fins. In chapter 6 vortex generators are added. A parametric
CFD study of the compound design is performed to evaluate the influence of
some geometrical parameters. The associated flow physics is discussed. The
thermal hydraulic performance of the compound design is also compared to the
performance of existing heat exchangers to illustrate its potential. The simulation
results were validated with own wind tunnel measurements reported in chapter 7.
In chapter 8 the conclusions and some recommendations for future research are
formulated.
4
Flow visualizations in louvered fin heat
exchangers
Louvered fin heat exchangers are characterized by a flow behaviour which strongly
affects the thermohydraulics (i.e. heat transfer and pressure drop). The flow
deflection, for instance, but also the horseshoe vortices and wake zones around
the tubes contribute to the overall performance. As the objective of this doctoral
work is to create an improved compound design by introducing vortex generators,
first the possible locations of the vortex generators should be identified within the
already compact louvered structure. A bad location might result in a compound
design with a lower performance than when no vortex generators are present.
Due to the large degree of freedom (combination of the fin geometry, the vortex
generator geometry and the location of the vortex generators in the fin stack) a
trial and error approach would be very time consuming, which is not desired. That
is why the problem is approached starting from the flow behaviour in louvered
fin heat exchangers without vortex generators. General trends are explored and
then specific vortex generator locations are selected where improvements might
be possible. These will further be investigated in chapter 6.
The flow behaviour in a louvered fin and round tube heat exchanger is studied
both experimentally and numerically. Dye injection in a water tunnel was used
to visualize flow structures in scaled-up heat exchanger models. The observations
are reported in this chapter. To explain some of the experimental observations,
numerical simulations were performed on the same geometry. These numerical
results are discussed in the next chapter.
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4.1 Experimental setup
4.1.1 Water tunnel setup
A closed loop water tunnel for flow visualization experiments was designed and
built, see Figure 4.1. Water is circulated using a pump with frequency controller
(1). It passes through the inlet reservoir (2), the settling chamber (3) and the
contraction section (4), before entering the test section (5). The water then flows
into the collector (6) from where it is pumped back into the inlet reservoir through
a recirculation pipe. A screen with circular holes (7) is placed in the inlet reservoir
to make sure that the vortical motions caused by the inlet jet do not propagate to
the rest of the water tunnel. A honeycomb flow straightener (cell size 1/4 inch
- 2 inch long) (8), placed in the settling chamber, breaks the largest vortices and
aligns the flow. A mirror, mounted at 45○ underneath the test section, allowed for
recording bottom view images of the flow through the scaled-up model in the test
section. A digital camera was used to record the flow images.
Figure 4.1 also shows the dimensions (in mm) of the water tunnel setup. The
test section, with removable lid, has a length of 1000 mm, a width of 440 mm and
a height of 270 mm. It is made of transparent plexiglass. Four bent stainless
steel plates were welded together forming the contraction section. The walls
of the contraction are shaped according to the sinusoidal contours suggested by
Byrkin et al. [132] with the inflection point on 1/3 of the contraction length. The
contraction length of 1300 mm is determined with the design curves of Rouse and
Hassan [133]: long enough to avoid flow separation, but also not too long to avoid
too thick exit boundary layers. The contraction ends in a 100 mm long constant
area cross section. The area contraction ratio was chosen 6.25:1, so within the
range 6-9 recommended by Mehta and Bradshaw [134] to ensure a uniform flow
at the inlet of the test section. The cross section of the test section combined with
the area contraction ratio determines the cross section of the settling chamber.
The settling chamber length was chosen as half of the hydraulic diameter of the
settling chamber [135]. The distance between the honeycomb and the contraction
entry is 1/4 of the hydraulic diameter. The inlet reservoir, settling chamber and
collector were manufactured using multiplex plates with a thickness of 18 mm.
The resulting uniformity of the velocity profile was verified through laser Doppler
anemometry in another tunnel with the same design [136]. The results showed that
the velocity profile is very flat across the test section.
4.1.2 Scaled-up models
A scaled-up model (8.3:1) of a louvered fin compact heat exchanger with round
tubes was placed in the test section at a distance equal to the hydraulic diameter
of the channel from the test section inlet. The heat exchanger tubes were oriented
FLOW VISUALIZATIONS IN LOUVERED FIN HEAT EXCHANGERS 73
Figure 4.1: Water tunnel setup used for the flow visualization experiments: the different
components are numbered and the dimensions are indicated (in mm)
vertically. The scaling factor was selected to obtain sufficient spatial resolution,
while keeping the dimensions of the test section within acceptable limits. DeJong
and Jacobi [137] showed that the channel walls can have a profound impact on
flow visualization in louvered fin arrays. They presented a calculation method
to determine the minimum number of fins required to avoid wall effects. This
method was used to guide the selection of the scaling factor. Using the minimum
required number of fins results in a flow which is similar to the case of an infinite
stack of fins, the so called ‘periodic’ solution. The number of fins of the tested
heat exchanger models was 12, 15 or 18 depending on the fin spacing. All flow
visualizations were performed in the center of the models.
Six scaled-up models of a louvered fin compact heat exchanger were tested.
They have a staggered 3-2-3 tube layout. In the second tube row two half-tubes
are added to avoid bypass flow (see Figure 4.2a). The width of the heat exchanger
models (three transversal tube pitches Pt) is the same as used by Romero-Me´ndez
et al. [54] in their water tunnel experiment and by Ahrend et al. [55] in their wind
tunnel experiment. This width also allowed a full louver array on both sides of
the tubes around which the visualizations were performed in each of the three
tube rows. There was no influence of the side walls of the test section. This was
verified by injecting dye over the test section width. The geometrical parameters
of the unscaled models and the scaled models are listed in Table 4.1. The six
models differ in their fin spacing s (and thus fin pitch Fp) and louver angle θ.
The parameter values were selected based on a literature survey. Sahin et al. [60]
reported that a fin spacing s/Do between 0.35 and 0.5 corresponds to a minimum
pressure drop and high heat transfer for a plain fin-and-tube heat exchanger. The
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Figure 4.2: (a) Assembly of tubes, fins and rings. The rings, with height equal to the fin
spacing, ensure the correct distance between the fins; (b) Transparent scaled-up model
with largest fin spacing (s/Lp = 1.60 and θ = 22○).
parameter symbol unscaled scaled
Outer tube diameter Do (mm) 6.75 56.00
Fin thickness tf (mm) 0.12 1.00
Louver pitch Lp (mm) 1.5 12.5
Louver angle θ (○) 22; 28 22; 28
Fin pitch Fp (mm) 1.71; 2.05; 2.53 14.2; 17.0; 21.0
Transversal tube pitch Pt (mm) 17.6 146.3
Longitudinal tube pitch Pl (mm) 13.6 112.9
Table 4.1: Geometrical parameters of the unscaled and scaled test models
largest fin pitch studied here is between these limits (Fp = 2.53 mm - s/Do = 0.36).
The database of Wang et al. [31] contains samples with a fin pitch ranging from
1.20 to 1.99 mm for louvered fin heat exchangers similar to the geometry tested
in this study. The smallest fin pitch was chosen in this range (Fp = 1.71 mm
- s/Do = 0.24). The fin pitch of the third scale model was set in between the
two other scaled-up models (Fp = 2.05 mm - s/Do = 0.29). The louver angle
in actual louvered fin heat exchangers typically lies between 14○ and 35○ [138].
Here, louver angles of 22○ and 28○ were selected.
The geometry of the louver elements between the tubes is shown in Figure 4.3.
Each louver element consists of an inlet louver, an exit louver and two louvers
on either side of the turnaround louver. The louvered fins for the models with
a louver angle of 22○ and the models with a louver angle of 28○ were made
with different manufacturing techniques. For θ = 22○, the fins and louvers were
laser cut in transparent polycarbonate sheets with a thickness of 1 mm. Then the
louvers were glued together with the fins. A mold was used to ensure that their
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Figure 4.3: A close-up image of the louver array between two tubes. (a) the angled louvers
are glued to the fin; (b) angled louvers are connected with the fin via a transition part
using thermoforming
positions and angle were correct. A close-up image of the louver-tube junction
is shown in Figure 4.3a. In reality the louver transitions from an angle θ into a
flat landing adjoining the tube surface. This transition is due to the manufacturing
process of the fins (stamping of thin aluminum sheets with advanced dies). To
make the models more realistic, it was decided to thermoform the second series of
louvered fins (louver angle θ = 28○). In this manufacturing process a transparent
polycarbonate sheet (thickness 1 mm) was heated in an oven to a pliable forming
temperature so that it could be stretched into a mold and cooled to the final shape of
the louvered fin. Figure 4.3b shows a close-up image of the resulting louver-tube
junction with the angled louver, transition part and flat landing. The spanwise
dimensions of the flat landing and transition part were chosen as in [82, 84], i.e.
0.25⋅Lp for the minimum flat landing (between the turnaround louver and tube)
and 0.5⋅Lp for the transition part.
Next, the fins and tubes were assembled together. Figure 4.2a shows how the
test model was built up. Rings (outer diameter 56 mm, i.e. Do) with a height equal
to the fin spacing were slid over the tubes (outer diameter 50 mm) ensuring the
correct distance between the fins. The tubes and rings are made of plexiglass. The
end rings are screwed onto the tubes securing the assembly. The scaled-up model
with the largest fin spacing and θ = 22○ is shown in Figure 4.2b.
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4.2 Experimental procedure
Flow visualization was performed by injecting dye in the test section (indicated as
(9) on Figure 4.1). The density difference between the dye and the surrounding
water should be as small as possible to ensure a minimal flow disruption.
Considering the resulting image contrast as well as a maximum duration of the
tests (the circulating water changed color after a while), a solution of Acid Blue
9 in water was selected. The dye was gravimetrically fed to a 1.2-mm-diameter
injection tube. The injection rate was adjusted with a drip valve to match the
injection velocity to the water velocity in the test section. Dye was injected
approximately 1.5 cm upstream of the heat exchanger model. Thin circular
discs (diameter 20 mm, thickness 0.1 mm) were mounted over the height of the
injection tube at a mutual distance of 5 mm to suppress the vortex development and
propagation from the tube surface. Consequently, the effect of the dye injection
system on the flow field had disappeared once the heat exchanger was reached.
This was verified through numerical simulations as is described in appendix A.
A similar injection system was also used by T’Joen [23] during his water tunnel
experment. Dye was also injected through a 1.2 mm diameter hole at the rear of
the tube to observe the flow motion of the wake zone behind the tube. Dissolving
0.075 grams of Acid Blue 9 powder in 0.5 liters of water resulted in a negligible
density difference between the dye solution and surrounding water. The densities
were measured with an Anton Paar DMA 4100 density meter with an accuracy of
0.1 kg/m3. The Richardson number Ri (Eq. (2.30)), which represents the ratio of
the buoyancy forces to inertial forces, is close to zero. This ensures that forced
convection is dominant over free convection, also for low Reynolds number flows.
For louvered fin heat exchangers the louver pitch Lp is commonly used as the
characteristic length scale and the velocity in the minimum cross sectional area
Vc as the characteristic velocity [74]. This (maximum) velocity Vc is determined
using the contraction ratio σ (Eqs. (4.1)-(4.2)).
σ = (Fp − tf) (Pt −Do)
FpPt
(4.1)
Vc = Vfront
σ
(4.2)
For a Reynolds number ReLp of 185 or higher no vertical drop of the dye was
observed over the test section. Up to a Reynolds number ReLp of about 1000
a straight dye line could be visualized throughout the test section. Above this
Reynolds number turbulent motions became noticeable. The flow visualizations
were performed up to a Reynolds number ReLp of about 880. Figure 4.4 shows
a dye streakline through the test section at ReLp = 850 with the scaled-up model
(s/Lp = 1.28) placed at the end of the test section.
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Figure 4.4: Dye streakline for ReLp = 850 with the scaled-up model (s/Lp = 1.28) placed
at the end of the test section
The inlet velocities were determined by measuring the time required for a dye
streak to travel a distance of 250 mm (with the scale model placed at the end
of the test section). Each measurement was repeated ten times and the averaged
value was used to determine the velocity. The resulting averaged water velocities
ranged from 1 to 6 cm/s. The uncertainty on the corresponding Reynolds numbers
was determined according to Moffat [139]. Twice the standard error of the time
measurements was used as uncertainty on the mean value of time. The distance
was measured using a ruler and an uncertainty of 0.5 cm was used in the error
propagation. The maximum velocities in the scaled-up models were determined
using the contraction ratio σ (Eqs. (4.1)-(4.2)). An uncertainty of 0.4 mm was
assumed for the louver pitch. The water temperature was measured using a
thermometer (uncertainty value of 0.2○C). The thermodynamic properties of water
were calculated based on the IAPWS IF-97 formulation [140]. The uncertainties
on the water density and dynamic viscosity are 0.001% and 1%, respectively
[140, 141]. The root-sum-square method for error propagation [139] resulted in
uncertainties on the Reynolds numbers which were smaller than 4.4%.
4.3 Flow field through the heat exchanger
Figure 4.5a-b shows the side and bottom view of a scaled-up model placed in the
test section of the water tunnel. The test section walls as well as the flow direction
are indicated. The path followed by a dye streakline through the heat exchanger is
dependent on the injection position upstream of the scaled-up model. As this study
focuses on junction flows, streaklines flowing around a tube in the first, second or
third tube row were visualized.
First, dye was injected upstream of the middle tube in the first tube row (solid
arrow in Figure 4.5b). When entering the heat exchanger, the dye accelerates
due to the contraction. As shown in Figure 4.6, the dye streakline entering at the
bottom of the channel formed by the fins bends upwards. Thus the actual flow
cross section is smaller than the geometric flow cross section. This is known as the
vena contracta effect [142].
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Figure 4.5: Dye injection positions upstream of the scaled-up heat exchanger in the test
section: (a) side view; (b) bottom view; (c) dye injection positions for vortex visualization
over the tube height. The cameras show the angle under which side view images of the
horseshoe vortices were recorded.
Figure 4.6: Vena contracta effect: the actual flow cross section is smaller than the
geometric flow cross section (ReLp = 205, s/Lp = 1.60 and θ = 22○)
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Further downstream, the streakline wraps around the tube. At low ReLp the
streakline follows the tube contour till an angle of about 110○-130○ (measured from
the front stagnation point), where it separates from the tube surface. The separation
point is dependent on the Reynolds number and fin spacing: an increase in ReLp or
fin spacing results in a decrease of the separation angle. This is consistent with the
flow separation on a circular cylinder [143]. At higher ReLp a horseshoe vortex
is formed in front of the tube because the adverse pressure gradients cause the
approaching boundary layer to separate and roll up to form a spanwise vortex at the
leading edge. The vortex is wrapped around the tube, resulting in two streamwise
vortex legs. However, these vortex legs are destroyed by the downstream louvers
(i.e. downstream of the turnaround louver) of the first tube row, especially at higher
ReLp, smaller fin pitches and larger louver angles. In the passage between the tubes
the flow accelerates because of the reduced cross section.
Next, the dye enters the louver array of the second tube row. At high Reynolds
numbers the dye streakline was no longer visible, because of the intense mixing
due to unsteady flow. At lower ReLp, where the dye streakline was still visible,
a duct or more louver directed flow was observed depending on the Reynolds
number, fin spacing, louver angle and relative position of the streakline in the
fin passage. The deflection of the flow in louvered fin designs, quantified by
the flow efficiency, and the influencing parameters have already been extensively
investigated in the past (e.g. Zhang and Tafti [73], DeJong and Jacobi [74]).
These studies were performed for two-dimensional fin arrays. However, for
three-dimensional flows the flow deflection is quite different. This is discussed
in more detail in chapter 5.
Next, the flow enters the third tube row. The flow follows the path of least
resistance: the streakline rolls up forming a horseshoe vortex in front of the tube
and then wraps around the tube or it is deflected towards the louver array in
the third tube row. Both flow paths are illustrated in Figure 4.7. The path of
least resistance is determined by the relative position in the fin passage where
the streakline enters the third tube row. This position (close to the fin surface or
more in the center of the fin passage) is in turn determined by the degree of flow
deflection at the exit of the second tube row. Finally, the streakline leaves the heat
exchanger. Figure 4.7a also shows that for a streakline close to the fin surface,
the dye colors the wake zone behind the tube (in the case of Figure 4.7a the tube
in the first tube row). This was not observed for a streakline at some distance of
the fin surface (see Figure 4.7b). This suggests that the dye streakline is forced
towards the wake zone by the louvers. The same flow effect was also observed
in the heat exchanger models with θ = 28○, as illustrated in Figure 4.8a. Two
recirculation bubbles are clearly visible. Here dye was injected 1.5 cm upstream
of the heat exchanger model in front of the louver array (dashed arrow in Figure
4.5b). The dye streakline enters the scaled-up model, accelerates and deflects. The
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Figure 4.7: Streakline through the staggered tube layout for two different injection
positions over the fin passage (ReLp = 193, s/Lp = 1.28 and θ = 22○) in front of the middle
tube of the first tube row. (a) the dye colors the wake zone behind the tube and a horseshoe
vortex is present in front of the tube of the third tube row; (b) the wake zone is not colored
and no horseshoe vortex is seen in the third tube row because the streakline is further away
from the fin surface.
Figure 4.8: Streakline through the staggered tube layout for two different injection
positions over the fin passage. (a) a horseshoe vortex is formed in front of the tube in the
second tube row and two recirculation bubble are clearly visible downstream of the tube
(s/Lp = 1.06; θ = 28○ and ReLp = 284); (b) a horseshoe vortex is visible in front of the
tube and the vortex leg wraps around the tube without being destroyed by the louvers or
wake (s/Lp = 1.28; θ = 22○ and ReLp = 368).
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degree of flow deflection is again dependent on the relative injection position over
the fin passage, the geometry and the Reynolds number. In front of the middle
tube in the second tube row a horseshoe vortex (or even multiple vortices as is
shown in section 4.7.2) is developed which wraps around the tube. Depending
on the relative position of the dye streakline in the fin passage the recirculation
region is filled with the dye or the vortex legs move around the tube without being
destructed by the louvers or wake. The streakline exits the heat exchanger via the
louver array in the third tube row (see Figure 4.8b).
4.4 Flow in the vicinity of the tube-louver junction
As discussed previously, in actual louvered fin heat exchangers the angled louver
transitions to a flat landing. In the scaled-up models with louver angle of 28○
this transition part is present. This section focuses on the flow at the tube-louver
junction. Cui and Tafti [84] performed numerical simulations in a louver geometry
and showed that the flow in the transition region is strongly three-dimensional.
They found that the louver top surface experiences large velocities due to the
reduction of the flow area between two adjacent louvers as the louvers approach
the flat landing and that underneath the louver a vortex jet is formed. Figure 4.9
shows a flow image of the tube-louver junction in the second tube row for ReLp =
489, s/Lp = 1.60 and θ = 28○. The injection point over the fin passage was chosen
such that the dye streakline exiting the louver bank of the first tube row deflects
towards the junction of the louver bank in the second tube row (in other words, the
dye streakline did not roll up forming a horseshoe vortex). Figure 4.9a, a side-view
flow image of the second tube row, reveals that the dye streakline splits up over
the louvers upstream of the turnaround louver. Zooming in on the inlet louver (see
Figure 4.9b) shows that a vortex is present in the transition part underneath the
louver surface. This vortex is formed because the streakline entering the louver
bank through the transition zone is accelerated due to the area contraction and at
the same time experiences a twisting motion due to the guidance of the transition
zone (twist of 0○ to θ over a short distance). This results in a region of intense
rotation. The vortex propagates towards the angled louver and then moves away
from the louver surface in the mainflow direction. This is in accordance with the
numerical findings of Cui and Tafti [84]. The flow acceleration over the louver top
surface near the junction was also observed during the flow visualizations.
4.5 Wake regions behind the tubes
To study the flow motion in the wake zone behind the tube, dye was injected
through a 1.2 mm diameter hole at the trailing edge (180○ from the front stagnation
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Figure 4.9: Side-view flow image of the fin junction in the louver array of the second tube
row (s/Lp = 1.60, θ = 28○ and ReLp = 489). (a) The dye streakline splits up over the
upstream louvers; (b) close-up image of the dashed rectangular in figure (a) showing the
vortex formed underneath the inlet louver.
point) of the middle tube of the first tube row. The injection point is located 0.2⋅Fp
above the fin surface. To avoid disturbing the flow field behind the tube, the dye
was gravimetrically fed from the dye reservoir with a negligible velocity. The flow
images were recorded at least 5 minutes after the start of the dye injection to give
the dye the time to color the wake zone.
Figure 4.10 shows the resulting top view flow images. For the smallest ReLp
the dye moved upstream attached to the tube wall and then separated forming a
closed recirculation zone with two recirculation bubbles (see Figure 4.10a-b). At
the same Reynolds number, a reduction of the fin spacing resulted in a decreased
width of the recirculation region. For s/Lp = 1.06 the recirculation region was
very small, as is illustrated in Figure 4.10c (ReLp = 206, s/Lp = 1.06 and θ =
22○). In the limiting case of a very small fin spacing the flow around the tube
would not separate but follow the tube contours, which is in accordance with the
findings of Romero-Me´ndez et al. [54]. As the Reynolds number was increased,
the separation point moved upstream on the tube surface and the wake almost
covered the entire back of the tube (see Figure 4.10d). When ReLp was further
increased the dye only made the foci (singular points in the wake around which
the streamlines spiral [144]) of the two symmetric recirculation vortices visible
(Figure 4.10e-f-g). This is because dye was injected at the rear of the tube, then
moved upstream attached to the tube wall and finally followed the separation line
nearest to 180○. This separation line determines the focus of the recirculation
vortex. At small Reynolds numbers the wake was steady. As the Reynolds number
was increased, the separation line started to fluctuate due to instabilities. Further
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Figure 4.10: Wake zone downstream of the middle tube of the first tube row:
(a) s/Lp = 1.60, θ = 22○ and ReLp = 196;
(b) s/Lp = 1.28, θ = 22○ and ReLp = 196;
(c) s/Lp = 1.06, θ = 22○ and ReLp = 196;
(d) s/Lp = 1.06, θ = 22○ and ReLp = 288;
(e) s/Lp = 1.60, θ = 28○ and ReLp = 214;
(f) s/Lp = 1.60, θ = 28○ and ReLp = 289;
(g) s/Lp = 1.60, θ = 28○ and ReLp = 385;
(h) s/Lp = 1.28, θ = 28○ and ReLp = 830.
increasing the Reynolds number resulted in larger fluctuations and finally the
wake region became unsteady, see Figure 4.10h. At higher Reynolds numbers
the dye was not detectable anymore due to the intense mixing. For the largest fin
spacing unsteadiness started at lower ReLp than for the smaller fin spacings, which
illustrates that a reduction of the fin spacing has a stabilizing effect on the wake.
The flow results of Figure 4.10 are in accordance with the findings of Wang et
al. [26]. Romero-Me´ndez et al. [54] studied the flow field around a single cylinder
between flat plates. For a similar fin spacing they reported unsteady wake flow at
lower Reynolds numbers than observed in the current study. This is because for a
staggered layout the wake zone behind each tube is smaller and more stable than
for a stand-alone tube configuration and hence the wake unsteadiness is postponed
to higher Reynolds numbers.
As explained in section 3.2, the wake flow structures behind the tubes in
fin-and-tube heat exchangers differ from the two-dimensional flow around an
infinite cylinder. The presence of the fins with boundary layers causes a highly
three-dimensional flow behaviour behind the tubes. This was also observed during
the flow visualizations in the first tube row. In top view flow images wake
circulation with a rotation axis perpendicular to the fin surface was observed and
in side view flow images wake circulation with a rotation axis parallel to the fin
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Figure 4.11: Side view flow image of the wake zone behind the middle tube of the first tube
row (s/Lp = 1.60, θ = 28○ and ReLp = 303). The dashed lines represent the fin surfaces.
surface was observed. Figure 4.11 shows a side view flow image of the wake zone
behind the middle tube of the first tube row (s/Lp = 1.60, θ = 28○ and ReLp = 303).
The dashed lines represent the fin surfaces. A circulation with a clockwise sense
of rotation is clearly observed in the upper half of the flow channel. In general,
at low Reynolds numbers and small fin spacings the dye slowly filled the wake
zone across the fin spacing. At higher Reynolds numbers and/or fin spacing wake
circulation with a rotation axis parallel to the fin surface was detected behind the
tubes. O¨ztu¨rk [62] found a similar three-dimensional tube wake behaviour in a
plain fin heat exchanger using the PIV technique.
Van Eylen [145] studied the tube wake behaviour in the second and third tube
row of the scaled-up models. The wake patterns in the second tube row are similar
to the ones in the first tube row, but the wake instabilities and unsteadiness start
at lower Reynolds numbers. In the third (last) tube row the wake behaviour is
different. The wake is wider because there is no staggered tube row downstream.
Unsteadiness also occurs at much lower Reynolds numbers compared to the first
and second tube row. The steady wake zone is mainly two-dimensional and it
shows good agreement with the wake flow behind an infinite cylinder (see section
3.1). This is because the tubes in the last tube row are located close to the trailing
edges of the fins. The distance between the tube trailing edge and the fin trailing
edge is about 0.5⋅Do. Hence, the influence of the fins on the wake flow is much less
in the last tube row than in the two upstream tube rows. The flow also decelerates
when it leaves the heat exchanger due to the increase in flow area. Van Eylen [145]
also compared the wake flows in louvered fin heat exchangers with the wake flows
in plain fin heat exchangers with the same fin and tube dimensions. It was found
that the transition from a stable tube wake to unsteadiness occurs at lower Reynolds
numbers in the louvered fin heat exchangers. This indicates that the wake transition
in louvered fin heat exchangers is triggered by the louvers: the louvers of the third
tube row trigger the oscillations of the tube wakes in the second tube row and the
louvers of the second tube row trigger the oscillations of the tube wakes in the first
tube row. The transition to unsteady flow caused by the louvers is discussed next.
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4.6 Transition to unsteady flow
DeJong and Jacobi [74, 77] experimentally showed that the onset of vortex
shedding in offset strip fins and louvered fins depends on the Reynolds number
and the position in the array. At low Reynolds numbers the flow is steady laminar.
As the Reynolds number is increased, the initial instabilities appear in the wake of
the exit louver. The flow instabilities move gradually upstream into the array as the
Reynolds number is further increased. These observations are in agreement with
the numerical findings of Tafti et al. [75] and Tafti and Zhang [76]. They explained
that the transitional behaviour is due to the accumulation of perturbations in the
flow. Each louver can be seen as an individual roughness element that perturbs
the flow when a fluid element passes over it. The cumulative effect of these
perturbations causes the flow to develop instabilities. T’Joen et al. [146] studied
the flow transition in inclined louvered fins, a hybrid design of the louvered fins and
offset strip fins. They found that the onset of unsteady flow started at much lower
Reynolds numbers than in the offset strip fins and louvered fins. This is because
the instabilities in inclined louvered fins are not triggered by the accumulation of
perturbations, but they are geometrically driven by the recirculation zones formed
on the inclined parts of the inlet and turnaround louver.
In contrast to these previous studies which only focused on the flow transition
in a two-dimensional interrupted fin bank, in the current work the onset of
instabilities through a three row fin-and-tube heat exchanger was investigated.
Streaklines in the middle of a louver bank in each tube row were visualized.
Unsteadiness in the second and third tube row was studied by injecting dye in
front of the middle tube in the first tube row (solid arrow in Figure 4.5), while
unsteadiness in the first tube row was studied by injecting dye in front of a louver
bank in the first tube row (dashed arrow in Figure 4.5). During the visualization
experiment ReLp was stepwise increased with values of 20 starting at ReLp = 200.
It was concluded that the flow becomes unsteady gradually. The first instabilities
appeared in the wake of the scaled-up model: the streakline making contact with
the shear layer on the downside of the trailing edge of the fin showed a wavy
pattern after a certain traveled distance downstream of the model (Figure 4.12a).
As ReLp was increased the unsteady behaviour intensified: the wave amplitude
grew and small vortices became apparent (Figure 4.12b). The vortices became
larger and appeared after a shorter traveled distance (Figure 4.12c). At higher
Reynolds numbers the instabilities entered the heat exchanger and moved upstream
into the third tube row towards the turnaround and inlet louver. When the first wavy
oscillations were observed in the wake of the exit louver in the second tube row,
the third tube row and downstream region of the heat exchanger were characterized
by a chaotic mixing (Figure 4.12d). Thus, the onset of unsteadiness in an upstream
tube row intensifies the mixing in the downstream tube row(s).
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Figure 4.12: Exit and downstream region of the scaled-up model with s/Lp = 1.60 and θ =
22○. (a) ReLp = 289 - small wavy oscillations in the downstream region; (b) ReLp = 326 -
growing wave amplitude; (c) ReLp = 362 - large vortices moving upstream towards the
heat exchanger; (d) ReLp = 451 - large scale mixing in the third tube row and downstream
region
Figure 4.13: Various stages in the transition to unsteady flow in the downstream region of
the first tube row for the scaled-up model with s/Lp = 1.28 and θ = 28○
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Figure 4.14: The Reynolds number ReLp at which the first unsteady flow patterns were
detected at the inlet louver (IL) or exit louver (EL) of tube row i (1,2,3). The filled symbols
correspond with a louver angle of 22○, while the open symbols correspond with a louver
angle of 28○.
A similar transitional behaviour as in the third tube row was observed in the
second and first tube row when the Reynolds number was further increased. This
is illustrated in Figure 4.13, where the different stages of the flow transition
downstream of the exit louver of the first tube row for s/Lp = 1.28 and θ = 28○ are
presented. First, the dye streakline is steady laminar. Then wavy oscillations were
formed which evolved to small vortices. The vortices grew and moved towards the
exit louver. Finally large scale vortex shedding was observed.
Figure 4.14 shows the Reynolds numbers at which the first unsteady flow
patterns were detected in the streakline making contact with the inlet louver (IL)
and exit louver (EL) in each of the three tube rows for the six configurations.
Vortices shed from the inlet louver of the first tube row (IL1) were not observed
within the considered Reynolds range and thus are not plotted in Figure 4.14. The
largest uncertainty on these values is 11%. This uncertainty takes into account the
uncertainty on the Reynolds number ReLp and the uncertainty due to the stepwise
increase in ReLp during the test. The plot clearly shows that the first instabilities
appear in the wake of the scaled-up models and then propagate upstream as the
Reynolds number is increased. The onset of unsteadiness is dependent on the fin
spacing and louver angle: a reduction of the fin spacing or louver angle postponed
the onset of instabilities to higher ReLp. This is in accordance with the findings
of Tafti and Zhang [76] and DeJong and Jacobi [74]. A smaller distance between
the fins results in a suppression of unsteady patterns, while a smaller louver angle
causes less perturbation of the flow (in the limiting case of θ = 0○ the fin is plain).
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Figure 4.15: Illustration of the origin of the side view flow images of the horseshoe
vortices. On the left hand side the water tunnel setup is shown and on the right hand side
the test section with scaled-up heat exchanger model and a close-up of the horseshoe
vortex upstream of the first tube row.
4.7 Horseshoe vortex system
Horseshoe vortices occur naturally in the flow and they influence the local
convective heat transfer coefficients [56]. They are important for design and
optimization purposes. Dye was injected in the test section to visualize horseshoe
vortices in front of the tubes in the three tube rows. In the current research the fins
are interrupted and at least 12 fins are used in the scaled-up models to avoid wall
effects. Consequently, top view images suffer from extensive parallax effect and
quantitative data could not be obtained from them. Mainly side view images are
reported here. The camera positions are indicated in Figure 4.5b and an example
of a side view flow image is presented in Figure 4.15 by way of illustration.
4.7.1 First tube row
The solid arrow in Figure 4.5b shows the dye injection position for vortex
visualizations in the first tube row. The flow images are presented in Figure 4.16
for the three fin spacings and θ = 28○. The reported Reynolds numbers are the
mean values of the Reynolds numbers of the different flow images (which were
within each other’s uncertainty interval). Dye was injected one millimeter below
the middle fin. For all Reynolds numbers, the dye streakline did not impact on
the tube, but remained at some distance forming a saddle point, as described by
Sahin et al. [60]. For the smallest Reynolds number (ReLp = 220) no horseshoe
vortex was formed. As the Reynolds number was increased, a three-dimensional
horseshoe vortex was developed which wrapped around the tube. At higher
Reynolds numbers the vortex rotates more than once around its axis, which shows
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Figure 4.16: Horseshoe vortex in front of the middle tube of the first tube row for θ = 28○,
different Reynolds numbers ReLp and the three fin spacings (flow direction from left to
right)
that the horseshoe vortex becomes stronger with increasing Reynolds numbers.
Besides the Reynolds number, the vortex strength is also dependent on the fin
spacing. For instance, at ReLp = 286 a weak horseshoe vortex was formed in front
of the tube for s/Lp = 1.60, while for the two other fin spacings the vortex was
only detected at ReLp = 341 (for s/Lp = 1.28) and at ReLp = 381 (for s/Lp = 1.06).
Thus, at the same Reynolds number, the horseshoe vortex is larger and stronger for
the largest fin spacing. This agrees well with the findings of Mon and Gross [51],
who reported that a reduction of the fin spacing results in a dissipation of vortical
motion by mechanical blockage and skin friction. Similar flow behaviour was
found in the scaled-up models with a louver angle θ = 22○. Wang et al. [26]
performed flow visualizations in a plain fin staggered configuration with a large
fin spacing (s/Do = 0.50) for three different Reynolds numbers (ReWang = 500,
1500 and 2500; based on the hydraulic diameter). In all cases a horseshoe vortex
was observed in front of the tube. Recalculating these three Reynolds numbers
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to our configuration with the largest fin spacing (s/Do = 0.36) yields ReLp = 191,
572 and 954. In contrast to the observations of Wang et al. [26], no vortex was
detected at ReLp = 191. However, this may be explained by the smaller fin spacing
compared to the fin spacing used by Wang et al. [26]. Also in the water tunnel of
Wang et al. [26] the height of the test section is equal to the fin spacing (in other
words the top and bottom test section walls serve as the plain fins). Because there
is no fin leading edge, the boundary layer upstream of the tube is able to develop,
becomes thicker and triggers a horseshoe vortex at lower ReLp. This is consistent
with the leading edge effect explained by Kim and Song [57], who showed that the
distance between the leading edge of the fin and the tube row has a major impact
on the vortex development: if the distance is too short the vortex development is
not significant because the boundary layer is thin.
Figure 4.17: Primary and secondary vortices over the tube height in front of the middle
tube of the first tube row for s/Lp = 1.60 and θ = 22○
The vortex system over de tube height was also visualized by injecting dye
on four different positions. The dye injection positions are illustrated in Figure
4.5c and the visualization results are shown in Figure 4.17 (s/Lp = 1.60, θ = 22○).
The three Reynolds numbers are chosen high enough to be sure that horseshoe
vortices are formed at the tube-fin junctions (positions 1 and 4). In the first tube
row the horseshoe vortices formed under (position 1) and above (position 4) the fin
seem quite similar at the same ReLp. A quantitative evaluation of the horseshoe
vortices is presented in chapter 5. The images taken when the dye is injected from
position 3 reveal the formation of a weak secondary vortex, which is rotating in
the opposite direction as the primary (main) horseshoe vortex in position 4. As it
was not located in the vicinity of the tube-fin junction, this vortex was induced
by the primary vortex. Its vortex strength increases with increasing Reynolds
number. Images obtained when injecting the dye from position 2 revealed a less
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prominent secondary vortex, as only at the highest Reynolds number a weak “three
dimensional effect” was observed. These induced vortices were also observed for
smaller fin spacings, but they were more suppressed.
4.7.2 Downstream tube rows
The dashed arrow in Figure 4.5b shows the dye injection position for vortex
visualizations in the second tube row. By varying the injection position, the flow
over the fin passage upstream of the tube of the second tube row was visualized
through a combination of the different images (see Figure 4.18). The flow images
are presented in Figure 4.19 for s/Lp = 1.60, θ = 22○ and ReLp = 205. Streakline
6 flows both up and down the face of the tube and then passes around the bases
of the tube. No vortex was observed. The streakline does not flow parallel with
the fin, but is slightly deflected, which is in accordance with the boundary layer
driven flow behaviour in louvered fin heat exchangers [73]. Streakline 5, which
is closer to the upper fin, flows up the face of the tube, then along the fin away
from the tube and into a small vortex rotating in the counterclockwise direction.
As the streakline moves still closer to the fin (streakline 4), the dye flows into a
large vortex rotating in the clockwise direction. This primary vortex (also called
the main horseshoe vortex) is situated between the small counter-rotating vortex
and the tube. As the movement of the streakline continues towards the fin, the
dye flows into an upstream vortex with the same rotation direction as the primary
vortex (see streaklines 2 and 1). This vortex is called a secondary horseshoe vortex.
The saddle points of the primary and secondary vortex can be clearly seen in a top
view image (Figure 4.20). For higher Reynolds numbers the vortices are stronger
and the small counter-rotating vortex between the primary and secondary vortex
becomes more apparent, as is shown in Figure 4.21a for ReLp = 284. When moving
the streakline towards the bottom fin (streaklines 7 and 8) a similar vortex system
was detected. Streakline 8 in Figure 4.19 reveals a weak secondary vortex. This
vortex becomes clearer in Figure 4.21b at a higher Reynolds number (ReLp =
373). Similar observations were reported by Baker [147], who performed smoke
visualizations around a cylinder mounted on a flat plate. Baker [147] showed that
the number of vortices that are formed in the tube-fin junction is dependent on the
Reynolds number and the boundary layer characteristics.
While in the first tube row no horseshoe vortices were formed at ReLp = 205, in
the second tube row multiple vortices were detected. Thus at the same Reynolds
number the vortex strength and the number of vortices is higher in the second tube
row than in the first tube row. This is due to the difference in boundary layer
thickness. The distance between the leading edge of the fin and the tube in the
first tube row (indicated as α in Figure 4.22a) is shorter than the distance between
the exit louver in the first tube row and the tube in the second tube row (β in
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Figure 4.18: Streaklines approaching the second tube row: by moving the dye injection
tube vertically, it was possible to visualize the flow on eight different positions upstream of
the tube of the second tube row.
Figure 4.19: Vortices in front of the tube in the second tube row for s/Lp = 1.60, θ = 22○
and ReLp = 205. The flow images are numbered in accordance with the streakline
numbers of Figure 4.18.
Figure 4.22a). Thus the boundary layer in the second tube row is able to develop
more and becomes thicker than in the first tube row. Hence, the vortex system
is larger and stronger. This is consistent with the measurements of Bougeard [56]
who performed an infrared thermography investigation of the local convective heat
transfer coefficients in a plate fin and tube assembly. He reported a small horseshoe
vortex effect in the first tube row (small increase of local heat transfer), whereas in
front and around the second tube the convective heat transfer coefficient values
were higher due to the occurrence of two horseshoe vortices. In contrast, the
measurements of Ahrend et al. [55] in a three row plain fin heat exchanger showed
that the intensity of the horseshoe vortex system reduces significantly starting from
the second tube row. However, this is because they used the top and bottom walls
of the test section as fins and thus a thick boundary layer was present upstream of
the tubes of the first tube row. The horseshoe vortices formed in the first tube row
are thus strong. They thin the fin boundary layers while propagating downstream,
which explains the reducing horseshoe vortex effect with the tube row number. In
actual plain fin heat exchangers, however, there is always a fin leading edge. As a
result, the boundary layer in the first tube row is less developed than the boundary
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Figure 4.20: Saddle points S1 and S2 in front of the tube of the second tube row (s/Lp =
1.60; θ = 22○; ReLp = 205)
Figure 4.21: (a) counter-rotating vortex pair formed in front of the tube in the second tube
row (ReLp = 284); (b) secondary vortex with the same rotation direction as the primary
vortex developed upstream above the fin surface for ReLp = 373 (s/Lp = 1.60; θ = 22○)
layer in the second tube row.
Nevertheless it is remarkable that the difference in vortex number and strength
between the first and second tube row is so significant for the tested louvered
fin heat exchangers. As is shown in Figure 4.22, for the plain fin designs β′ is
much larger than α′. Consequently, as the boundary layer thickness grows with
the distance from the fin leading edge, the boundary layer in the second tube row
is more developed (and thus thicker) than in the first tube row. This explains the
stronger horseshoe vortex system in the second tube row. However, for the tested
louvered fin heat exchangers α does not differ a lot from β (see Figure 4.22). Thus
one expects that the boundary layer upstream of the tubes in both tube rows is of
similar thickness. This suggests that there is another factor which influences the
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Figure 4.22: Plain fin surface for boundary layer development upstream of the tube in the
first tube row (α) and upstream of the tube in the second tube row (β): (a) louvered fin
heat exchanger and (b) plain fin heat exchanger
vortex development in louvered fin heat exchangers. Compared to the plain fin
designs, in the louvered fin heat exchangers the flow entering the second tube row
is more deflected due to the interrupted fin surface (especially at higher ReLp).
This flow deflection, quantified by the flow efficiency, affects the local pressure
distribution and thus the vortex strength of the horseshoe vortex system in the
second tube row. T’Joen et al. [25] already showed that in inclined louvered fins
the flow deflection influences the local boundary layer thickness. In chapter 5 the
influence of the flow deflection on the horseshoe vortex development in louvered
fin heat exchangers is studied more in depth using numerical simulations.
In Figure 4.23 the horseshoe vortices in the second tube row for the three fin
spacings are shown (θ = 22○). The flow images for s/Lp = 1.60 and 1.28 are very
similar, while for s/Lp = 1.06 the development of the horseshoe vortex is much
more suppressed. This is caused by the dissipation of vortical motion due to the
small fin spacing.
Figure 4.23: Horseshoe vortex in front of the tube in the second tube row (θ = 22○)
FLOW VISUALIZATIONS IN LOUVERED FIN HEAT EXCHANGERS 95
Figure 4.24: Horseshoe vortex formed in front of the tube of the third tube row (s/Lp =
1.60 and θ = 22○): (a) ReLp = 279; (b) ReLp = 440
Horseshoe vortices in front of the middle tube of the third tube row were also
observed. However, because the dye was injected upstream of the scaled-up model
and thus traveled a long distance through the model before entering the third tube
row and because unsteady flow patterns already appeared in the third tube row at
low Reynolds numbers (see section 4.6), it was very difficult to record images with
sufficient contrast. Figure 4.24 shows flow images for the largest fin spacing s/Lp
= 1.60 and ReLp = 279 and 440. The observations were similar to the ones in
the other tube rows: an increase in Reynolds number and fin spacing resulted in
stronger vortices.
4.8 Closure
In this chapter the flow structures in louvered fin heat exchangers were
experimentally studied. As the thermal hydraulic performance of heat exchangers
is strongly linked with the flow behaviour, a good understanding of these flow
structures is important for design and optimization purposes. Wake zones,
for instance, are regions of poor heat transfer while using horseshoe vortices
could increase the local convective heat transfer coefficients. The use of vortex
generators to reduce the size of the wake zones behind the tubes might improved
the thermal performance of the heat exchanger.
During the visualizations it was found that the horseshoe vortices in the
downstream tube rows are stronger than in the first tube row. There also seems
to be a difference between the vortex system above the fin surface and the
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vortex system underneath the fin surface in the downstream tube rows. It is
expected that this is due to the flow deflection, which influences the horseshoe
vortex development. In the next chapter the results of numerical simulations are
described. These were performed to investigate more in depth the experimental
observations and the associated flow physics. This also allows a quantitative
evaluation of the flow structures, which was not possible using dye injection.
5
Numerical study of flow deflection and
horseshoe vortices in louvered fin heat
exchanger
The flow visualizations in the water tunnel revealed that the horseshoe vortex in the
downstream tube rows is stronger than in the first tube row, sometimes resulting
in the formation of secondary induced horseshoe vortices. Partially this is due to
the thicker boundary layer in the downstream tubes rows, but it is thought that
also the flow deflection affects the vortex development in the downstream tube
rows. Three-dimensional numerical simulations are performed to explain these
experimental observations and to have a closer look at the flow physics.
5.1 Three-dimensional computational domain
The three-dimensional computational domain is shown in Figure 5.1. Three tube
rows in a staggered arrangement are considered. The geometrical parameters,
listed in Table 5.1, were selected based on the database of Wang et al. [31].
The geometry is the same as one of the geometries studied experimentally in the
water tunnel (see Table 4.1 - s/Lp = 1.06 and θ = 28○). Figure 4.3b illustrates the
geometry of the louver elements between the tubes. Each louver element consists
of an inlet louver, an exit louver and two louvers on either side of the turnaround
louver. Each louver transitions from an angle θ into a flat landing adjoining the
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Figure 5.1: Three-dimensional computational domain used for the simulations
parameter symbol value
Outer tube diameter Do (mm) 6.75
Fin thickness tf (mm) 0.12
Louver pitch Lp (mm) 1.5
Louver angle θ (○) 28
Fin pitch Fp (mm) 1.71
Transversal tube pitch Pt (mm) 17.6
Longitudinal tube pitch Pl (mm) 13.6
Dimensionless fin spacing (cfr. chapter 4) s/Lp 1.06
Table 5.1: Dimensional details of the computational geometry
tube surface. The spanwise dimensions of the flat landing and transition part
were chosen as in [82, 84], i.e. 0.25⋅Lp for the minimum flat landing (between the
turnaround louver and tube) and 0.5⋅Lp for the transition part. Periodic conditions
are applied on both sides of the domain as well as on the top and bottom. The
height of the computational domain is equal to the fin pitch Fp and the width is
equal to transversal tube pitch Pt. The geometry is located in the middle with
half a fin spacing above the fin surface and half a fin spacing below. The entrance
length upstream of the fin equals 5 times the fin pitch Fp and the domain extends
7 times the tube diameter Do downstream of the fin, as was suggested by Jang et
al. [148].
5.2 Computational method
Computational Fluid Dynamics (CFD) was used for the simulations. First the
computational domain was meshed, i.e. divided into a finite number of elements
or cells. The mesh was generated using Gambit©. The computational domain
was divided into several subdomains. Most of the air subdomains were meshed
with quad elements. Only the subdomains with the transition zone between
the angled louver and flat landing were meshed using unstructured tetrahedral
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elements. Boundary layer meshes were applied on the fin surface. The quality
of the mesh was carefully assessed during the meshing. Some illustrations of the
mesh are provided in appendix B. Only 5% of the cells of the resulting mesh have a
skewness larger than 0.36. Moreover, these highly skewed cells are mainly located
in the unstructured tetrahedral mesh, which is a small section of the entire mesh.
When the unstructured tetrahedral mesh is not considered, 95% of the cells have a
skewness lower than 0.15. The aspect ratio is smaller than 2.3 for 95% of the cells.
As this chapter focuses on the flow behaviour and not on the heat transfer, only the
air surrounding the heat exchanger was meshed and not the heat exchanger itself.
In chapter 6 heat transfer is included into the simulations.
The mass and momentum equations were solved using the CFD software
ANSYS Fluent© 12.0.16. The energy equation was turned off during all
simulations. The flow is assumed to be laminar. This assumption is reasonable
for the considered Reynolds numbers (ReLp = 220 - 915). The corresponding
Reynolds number range based on the hydraulic diameter of the fin channel and
the inlet velocity is ReDh = 260 - 1100. This is much below the critical Reynolds
number of 2200 for flow transition in a parallel plate duct [30]. In the studied
geometry, however, flow transition occurs at lower Reynolds numbers than 2200
because the flow is geometrically disturbed. The experimental observations of
Antoniou et al. [149] indicate that the flow in louvered fin arrays is laminar for
Reynolds numbers ReLp up to approximately 1300. Other authors also used
the laminar flow assumption for their heat exchanger simulations, often verified
against experimental data [80, 83, 144, 148, 150].
At the inlet a uniform velocity parallel to the fin was imposed. At the outlet
the static pressure was set to 0 Pa (pressure outlet boundary condition). No slip
boundary conditions were applied on the walls. The double precision segregated
solver was used to solve the standard Navier-Stokes equations [151]. The SIMPLE
algorithm was applied for the pressure-velocity coupling (Semi-Implicit Method
for Pressure-Linked Equations [152]). The discretization of the convective terms in
the governing equations is done via a second order upwind scheme, while a second
order central differencing scheme is applied for the diffusive terms. The gradients
are evaluated via the least squares cell based method. The pressure gradient
in the momentum equations is treated via a second order discretization scheme.
Convergence criteria were set to 10−8 for continuity and velocity components.
Setting smaller values for these criteria did not result in any notable differences
in the flow field prediction. Air properties were set to a constant value (ρ =
1.225 kg/m3 and µ = 1.7894⋅10−5 Pas). For each simulation the mass balans was
checked: the difference between the mass flow rate at the air inlet and outlet was
negligible.
In the flow passage of compact heat exchangers the flow is dominated by flow
separation, recirculation and reattachment [153]. Most of the time unsteady flows
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are encountered, even at low Reynolds numbers. Accurate predictions are only
possible by analyzing unsteady three-dimensional flows [144]. Hence, unsteady
simulations were performed (first order accurate in time). The time step varied
between 1 ms and 1 µs (dependent on the Reynolds number). This allowed
the residuals to decrease below 10−8 in less than 50 iterations per time step.
The mass-weighted average pressure drop was monitored during the iterations to
determine if the simulations had converged. Also local velocity components in
the louver and tube wakes were monitored. Once convergence was reached, they
varied around a mean value. As it is not the objective of this study to discuss
the time variations into detail, only time-averaged data are reported here. The
data was averaged out over the time interval an air particle needs to travel three
times the length of the computational domain. Averaging out over a longer time
interval did not result in any notable differences in the simulation results. By way
of illustration, Figure 5.2 shows the variation of the pressure drop across the heat
exchanger as function of the time at ReLp = 715 (time step = 80 µs). The maximum
variation is about 3 Pa. The mean pressure drops averaged over the time interval
an air particle needs to travel 3, 9 and 27 times the length of the computational
domain are also plotted. The differences are very small (< 0.04%).
Figure 5.2: Variation of the pressure drop across the heat exchanger as function of the time
at ReLp = 715 (time step = 80 µs)
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5.3 Validation of the numerical results
The grid independency was checked using two different mesh sizes. The coarse
mesh consists of 2,300,000 cells and the fine mesh counts 6,700,000 cells. First
the pressure drop results were compared. The fanning friction factor is calculated
as proposed by Kays and London [154], using Eq. (5.1). It includes the entrance
and exit pressure loss. Ac and Ao are the minimum cross sectional flow area and
the exterior heat transfer surface area, respectively. Gc is the mass flux of the air
based on the minimum flow area. σ is the contraction ratio (Eq. (4.1)). Because
the simulations were performed under isothermal conditions, Eq. (5.1) reduces to
Eq. (5.2). In Figure 5.3 the fanning friction factors for both mesh sizes are plotted
as function of the Reynolds number ReLp (based on the louver pitch Lp and the
velocity in the minimum cross sectional area, Eq. (5.3)). The difference between
the friction factors calculated with both mesh sizes is small: the mean deviation
is 1.2%. The experimental correlation of Wang et al. [31] and the corresponding
uncertainty bars at seven Reynolds number are also shown in Figure 5.3. The
simulated values are within the correlation uncertainty.
f = Ac
Ao
ρm
ρin
[2ρin∆p
G2c
− (1 + σ2)( ρin
ρout
− 1)] (5.1)
Figure 5.3: Friction factor as function of the Reynolds number ReLp: comparison between
the experimental correlation of Wang et al. [31] and two mesh resolutions
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Figure 5.4: Horseshoe vortex system upstream of the second tube row at ReLp = 468: (a)
flow visualization image; (b) numerical simulation on coarse grid (2,300,000 cells); (c)
numerical simulation on fine grid (6,700,000 cells)
f = Ac
Ao
[2ρin∆p
G2c
] (5.2)
ReLp = ρVcLp
µ
(5.3)
Next, the simulated flow fields are compared with flow images obtained using
dye injection in the water tunnel in the same heat exchanger geometry. Figure 5.4
shows the horseshoe vortex system in the central plane upstream of a tube in the
second tube row at ReLp = 468. The calculated flow field is visualized using the
pathlines tool. The streamline pattern obtained from the experiments (Figure 5.4a)
is nearly identical to that of the simulations (Figure 5.4b and c). The horseshoe
vortex above the fin surface is stronger and located further upstream of the tube
than the horseshoe vortex underneath the fin surface. Also note that the differences
in flow field between the coarse (b) and the fine (c) mesh are negligible.
The small differences between both mesh resolutions together with computing
resource and time considerations, justify the use of the coarse mesh for the
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simulations. Furthermore, the average cell size of the coarse mesh (about 0.8⋅tf ) is
smaller than the average cell size of the three-dimensional model used by Perrotin
and Clodic [83] (their average cell size equals the fin thickness) and the minimum
cell size used by Atkinson et al. [64] (their minimum cell size equals the fin
thickness). Both studies reported a good to very good agreement between the
experimental data and the numerical predictions of pressure drop and heat transfer
in louvered fin flat tube heat exchangers if 3-D simulations are used (see section
3.3.4).
To further validate the coarse mesh results, the numerical flow efficiency in the
midplane between the tubes of the first tube row is compared to the correlation
of Zhang and Tafti [73]. The numerical flow efficiency is calculated from the
simulations as suggested by Zhang and Tafti [73]. It is defined as the ratio of
the mean flow angle αm to the louver angle θ (Eq. (5.4)). The mean flow angle
αm is obtained by averaging the local flow angles αj throughout the louver bank
(excluding the inlet, turnaround and exit louver) (Eq. (5.5)). The local flow
angle αj near a louver is calculated using Eq. (5.6) (with j = [1, . . . , N] the
index corresponding with the louver number; for the presented geometry is N =
4). αj is the ratio of the average normal velocity across the top boundary of the
block surrounding the louver (indicated as (2) in Figure 5.5) to the average normal
velocity across the left boundary of this block (indicated as (1) in Figure 5.5) [73].
Note that this definition implies that the mean velocity components Ux and Uy
are not determined at the same locations. T’Joen [23] reported that it makes more
sense to determine these values at the same location. The flow around the louver
is best described by an integration path which is one fin pitch long perpendicular
to the louver and intersecting it in the middle. In this doctoral work, however,
the local flow angles are calculated along two integration paths as described by
Zhang and Tafti [73]. This allows a valid comparison between the numerical
flow efficiencies and their correlation. The results are plotted as filled circles in
Figure 5.6. There is a very good agreement between the correlation of Zhang and
Tafti [73] and the simulated flow efficiencies of the first tube row obtained with
the coarse mesh resolution: the maximum deviation is 1%. Figure 5.6 also shows
the numerical flow efficiencies of the second and third tube row. These calculated
values clearly differ from the correlation of Zhang and Tafti [73]. This is discussed
in section 5.4.
η = αm
θ
(5.4)
αm = 1
N
N∑
j=1 ∣αj ∣ (5.5)
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Figure 5.5: Louver geometry: each louver - excluding the inlet, turnaround and exit louver
- is surrounded by a block of which the left boundary (1) and the top boundary (2) serve as
integration paths (Eqs. (5.6) and (5.8)-(5.10))
Figure 5.6: The correlation of Zhang and Tafti [73] and the simulated flow efficiencies in
the three tube rows at z∗ = 0.5 (midplane between two tubes) for the coarse mesh
resolution
αj = arctan⎡⎢⎢⎢⎢⎣
1
Lp ∫(2)Uydx
1
Fp ∫(1)Uxdy
⎤⎥⎥⎥⎥⎦ , j = [1, . . . , N] (5.6)
In Figure 5.7 the wake region downstream of a tube in the second tube row
is presented at ReLp = 286, both experimentally (water tunnel experiment) and
numerically (coarse mesh resolution). The two recirculation bubbles, which
are characteristic for the flow around a tube at low ReLp [49], are clearly
visible. Note also the good agreement between the predicted and visualized
saddle point upstream of the tube. The good agreement between the experimental
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Figure 5.7: Wake zone behind the tube in the second tube row (ReLp = 286): (a) flow
image obtained in the water tunnel, (b) numerical simulation
visualization and numerical prediction of the tube wake further validates the
numerical simulations. In the flow image the wake appears slightly smaller than in
the numerical prediction, but this is due to the diffusion of the dye near the edges,
making them less sharp than the numerical prediction.
5.4 Flow efficiency
Up to date, the flow deflection has only been studied in two-dimensional louvered
fin arrays [65, 73, 74]. Thus the influence of the tubes is neglected. This is an
acceptable approximation for flat tube heat exchangers as shown by Cui and Tafti
[84]. However, when round tubes are considered, the flow is three-dimensional
throughout the whole heat exchanger. This is illustrated in Figure 5.8. This figure
shows the local velocity components near a louver (interrupted lines) and the mean
velocity components (full bold line) at ReLp = 468. The results for the first tube
row are shown in the left column of Figure 5.8 and the results for the second
tube row are shown in the right column of Figure 5.8. The local velocities are
plotted as function of the dimensionless transversal position z∗ over the louver
length (z∗ = 0.5: halfway the louver; z∗ = 0: at the transition of the angled louver
to the transition part, see also Figure 5.8b). Only half of the louver is shown (0≤ z∗ ≤ 0.5) as the velocity variations on the other louver half are similar. The
mean velocity components Ui,m (i = x, y, z - the directions are indicated in Figure
5.8b) are obtained by averaging the magnitude of the local velocity components
throughout the louver bank (excluding the inlet, turnaround and exit louver) (Eq.
(5.7)). The local velocity components Ui,j near a louver (with j = [1, . . . , N] the
index corresponding with the louver number; for the presented geometry is N = 4)
are calculated as the average normal velocity across the left boundary (indicated as
(1) in Figure 5.5) or the top boundary (indicated as (2) in Figure 5.5) of the block
surrounding the louver. This is expressed by Eqs. (5.8)-(5.10). For Uy,j and Uz,j
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the magnitude is considered because these velocity components change sign in the
second half of the louver array.
Ui,m = 1
N
N∑
j=1Ui,j , i = x, y, z (5.7)
Ux,j = 1
Fp
∫(1)Uxdy, j = [1, . . . , N] (5.8)
Uy,j = 1
Lp
∣∫(2)Uydx∣ , j = [1, . . . , N] (5.9)
Uz,j = 1
Fp
∣∫(1)Uzdy∣ , j = [1, . . . , N] (5.10)
Figures 5.8c, 5.8e and 5.8g show respectively the velocity components in the
main flow direction (Ux), the velocity components because of the flow deflection
caused by the louvers (Uy) and the velocity components due to the flow area
contraction between the round tubes (Uz) in the first tube row. For z∗ > 0.1 the
velocities Ux,j and Uy,j remain nearly constant. This is in accordance with the
findings of Cui and Tafti [84]. The velocities increase from louver 1 to louver
3 and then decrease again to louver 4. This acceleration is due to the flow area
contraction between the tubes. Uz,j is zero at z∗ = 0.5 and increases monotonically
when approaching the tube. For z∗ < 0.1 the effect of the transition zone from flat
landing to angled louver on the velocity components can be seen, mainly for Ux,j
and Uy,j . The velocity components in the second tube row (Figures 5.8d, 5.8f
and 5.8h) show a different behaviour as in the first tube row. For z∗ < 0.1 the
effect of the transition zone is similar as in the first tube row, but for z∗ > 0.1 the
Ux,j and Uy,j velocities are not constant. This is explained by the staggered tube
arrangement. Referring to Figure 5.8d, for the first louver Ux,1 starts at a low value
at z∗ = 0.5, because the wake zone behind the upstream tube extends to the louver
bank in the second tube row (see Figure 5.7). At lower z∗, Ux,1 increases and
reaches a local maximum between z∗ = 0.3-0.4. This is because the flow wraps
around the upstream tube, accelerates due to the cross sectional area contraction
and follows the wake contours towards the louver bank (see Figure 5.7). Ux,2
(louver 2) shows a similar behaviour, but less pronounced. At the third and fourth
louver Ux,j remains nearly constant: the influence of the wake zone and flow
acceleration is dampened out. The behaviour of Uy,j (Figure 5.8f) is quite similar
to the behaviour of Ux,j . In contrast to the first tube row where the Uz,j increase
monotonically with decreasing z∗ for the four louvers, this is no longer the case
in the second tube row. Figure 5.8h shows that Uz,j is zero at z∗ = 0.5. Uz,1
and Uz,2 (louvers 1 and 2) reach a local maximum around z∗ = 0.4, caused by
the staggered tube arrangement. This is an effect which is not present in the first
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Figure 5.8: Local velocity components per louver and mean velocity over half of the louver
length in the three tube rows (ReLp = 468): (a) legend, (b) indication of the X, Y and Z
directions and the dimensionless transversal position z∗ over the louver length, (c) X
velocities in the first tube row, (d) X velocities in the second tube row, (e) Y velocities in the
first tube row, (f) Y velocities in the second tube row, (g) Z velocities in the first tube row,
(h) Z velocities in the second tube row
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tube row. The influence of the tube layout is not present anymore at louvers 3 and
4: Uz,3 and Uz,4 increase monotonically with decreasing z∗ and agree well with
the corresponding velocities in the first tube row. The local velocity behaviour in
the third tube row is not shown here, because it is similar to the behaviour in the
second tube row.
Figure 5.8 clearly illustrates that for the given geometry the flow over the angled
louver is no longer two-dimensional. Next to a velocity component in the main
flow direction and a velocity component due to the flow deflection caused by
the louvers, there is also a velocity component due to the flow area contraction
between the round tubes. Hence, the question arises if the flow efficiency values
obtained from two-dimensional studies are also applicable to louvered fin heat
exchangers with round tubes and multiple tube rows.
Figure 5.9 shows the flow efficiency (calculated using Eqs. (5.4)-(5.6)) in the
first tube row as function of the transversal position z∗ over the louver length for
five different Reynolds numbers ReLp. As ReLp increases, the flow efficiency
increases. This is consistent with previous work [65, 73, 74]: as the Reynolds
number increases, the boundary layers become thinner and the louver passage
opens up, aligning the flow more with the louvers. The flow efficiency remains
constant over most of the louver length. For z∗ < 0.1 a local maximum occurs
and then the flow efficiency shows a fast drop off to 0.5 at the end of the angled
louver (z∗ = 0). The peak represents the effect of the transition zone from the
angled louver to the flat landing, which is present to connect the fin with the tube.
This influence can thus be seen on the angled louver, however, it is limited to a
small region. As this peak is caused by the tube in the same tube row, it might be
classified as an intra-tube row effect.
Figure 5.6 shows the flow efficiency in the three tube rows at the position z∗ =
0.5 (thus halfway the louver length). At this position the flow behaves as if it is
two-dimensional. The correlation of Zhang and Tafti [73] is also shown. This
correlation is deduced from 2-D numerical simulations on multi-louvered fins.
It agrees well with the calculated flow efficiencies in the first tube row. This is
because the flow entering the heat exchanger at position z∗ = 0.5 behaves as a
2-D flow in a louver bank with infinite louver length. The flow efficiencies in the
downstream tube rows are clearly higher than in the first tube row. The difference
between the second and third tube row is small: the louver alignment in the second
tube row is a bit better than in the third tube row.
In Figure 5.10 the variation of the flow efficiency over the louver length z∗ is
plotted for the second and third tube row, respectively. Only half of the louver is
shown (0 ≤ z∗ ≤ 0.5) as the flow efficiency on the other louver half shows a similar
behaviour. The distributions in these downstream tube rows are quite similar. The
flow efficiency is no longer constant over most of the louver length. As in the
first tube row, a peak is seen at z∗ = 0.1 (intra-tube row effect). However, the
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Figure 5.9: Transversal variation of the flow efficiency in the first tube row from halfway
the louver bank (z∗ = 0.5) towards the transition part of the louver (z∗ = 0).
peak is more pronounced than in the first tube row. At the highest ReLp, the
flow efficiency even exceeds 1, which means that the mean flow angle αm in the
xy-plane as computed through Eqs. (5.5)-(5.6) is larger than the louver angle θ. In
contrast to the first tube row, the flow efficiency distributions of the downstream
tube rows show local minima and maxima for z∗ between 0.3 and 0.5. Referring
to the mean velocities in Figure 5.8 (full bold lines), the X and Y velocities in
the first tube row are nearly constant for z∗ > 0.1, which is in accordance with
the constant flow efficiency and two dimensional flow behaviour. The increase of
Ux,m and decrease of Uy,m for z∗ < 0.1 is caused by the intra-tube row effect.
Uz,m increases monotonically when approaching the transition part of the louver
(intra-tube row effect). The velocity components in the second (and third) tube
row differ significantly from those in the first tube row. Only for z∗ < 0.1 the
velocity profiles are similar as in the first tube row: the intra-tube row effect is
dominant here. The wake zone behind the upstream tube causes a local maximum
in flow efficiency around z∗ = 0.47. At the highest Reynolds numbers the flow
efficiency even exceeds unity. The local minimum in the flow efficiency between
z∗ = 0.3-0.4 is because the flow wraps around the upstream tube, accelerates due
to the cross sectional area contraction and follows the wake contours towards the
louver bank (see Figure 5.7). The influence of the wake zone and accelerated flow
illustrates that the local minima and maxima between z∗ = 0.3 and 0.5 are due to
the staggered tube arrangement. It might be classified as an inter-tube row effect
because the minima and maxima in flow efficiency are caused by the tube in the
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Figure 5.10: Flow efficiency distribution over half of the louver length in the (a) second
tube row and (b) third tube row
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upstream tube row. This inter-tube row effect is not present in the first tube row.
These results illustrate that the flow efficiency values obtained with
two-dimensional studies on louvered fin arrays are only representative for the flow
deflection in the first tube row of a staggered louvered fin heat exchanger with
round tubes. In the downstream tube rows an inter-tube row effect is present.
As a result, the flow efficiency does not stay constant over the angled louver, but
shows strong variations in the downstream tube rows. The previous discussion
also illustrates how the flow in the louvered sections in the second and third tube
row is in fact three-dimensional compared to the nominal two-dimensional flow in
the first tube row. The deflection of the flow also has an influence on the horseshoe
vortex development. This is discussed next.
5.5 Horseshoe vortices
In chapter 4 the horseshoe vortex development in louvered fin and round tube
heat exchangers was studied experimentally. It was found that only at high ReLp
(depending on the fin pitch) a horseshoe vortex is formed upstream of the tube. The
vortices are also stronger in the downstream tube rows than in the first tube row,
sometimes resulting in the formation of secondary induced horseshoe vortices.
The experiments also revealed a difference between the vortex systems above and
underneath the fin in the downstream tube rows. In this section, the numerical
results are used to explain these experimental observations.
Figure 5.11 shows the vorticity magnitude in a plane parallel to the fin surface
at a distance of 0.2⋅(Fp - tf ) above the fin. The water tunnel experiments showed
that the vortex cores are located in (the vicinity of) this plane. The vorticity is a
vector field defined as the curl of the velocity field (Eq. (5.11)). It thus quantifies
the tendency of a fluid element to spin.
ω⃗ = ∇⃗ × v⃗ (5.11)
Two Reynolds numbers are considered: ReLp = 220 and ReLp = 468. The
vorticity upstream of the first tube row is low for both Reynolds numbers, which
illustrates that no strong horseshoe vortex is formed in the first tube row. Upstream
of the tube in the second and third tube row the vorticity magnitude is higher. At
ReLp = 468 the development of a horseshoe vortex above the fin surface can clearly
be distinguished, while for the low Reynolds number (ReLp = 220) the vortex
system is weak. The horseshoe vortex wraps around the tube (see Figure 5.11b),
but is destroyed by the louver just downstream of the turnaround louver. Hence,
the vortex does not extend far downstream. This is in contrast to the plain fin heat
exchangers where the effect of the horseshoe vortex is also seen in the downstream
tube rows [26]. Figure 5.11 also clearly shows the boundary layer separation from
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Figure 5.11: Vorticity magnitude (in 1/s) in a plane parallel with the fin surface at a
distance of 0.2⋅(Fp - tfin) above the fin: (a) ReLp = 220 and (b) ReLp = 468
the tube wall at about 90○ from the front stagnation point. Figure 5.12 illustrates
the vorticity magnitude in a symmetry plane upstream of a tube in each tube row
at ReLp = 468. There is a clear difference between the vortex system above and
underneath the fin: while the vortex above the fin in the second and third tube row
is well pronounced, the vortex strength underneath the fin is much less. In the first
tube row the vorticity magnitude is symmetric around the fin. These numerical
findings are in accordance with the experimental observations reported in section
4.7.
The difference in horseshoe vortex development is due to the flow deflection in
the downstream tube rows. To explain the differences in vortex strength between
the first and the downstream tube rows as well as the differences between the
vortex system above and underneath the fin, the pressure distributions upstream
of the tubes are plotted. The pressure coefficient Cp (Eq. (5.12)) is calculated
along the intersection line between the symmetry plane of the tube parallel with
the xy-plane and the fin surface upstream of the tube in each of the three tube rows.
This results in six Cp distributions per Reynolds number (on the top and bottom
fin surface in each tube row). The results for six Reynolds numbers are plotted
in Figure 5.13. The Cp coefficient is reported as function of the dimensionless
position ∆x/Do. ∆x = 0 corresponds with the leading edge of the tube and the
minimum value of ∆x/Do corresponds with the fin leading edge (for the first tube
row) or the interruption at the upstream exit louver (for the downstream tube rows).
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Figure 5.12: Vorticity magnitude (in 1/s) upstream of the three tubes in the symmetry plane
at ReLp = 468: (a) first tube row; (b) second tube row; (c) third tube row
Cp(x) = p(x) − pout1
2
ρV 2in
(5.12)
In the first tube row (Figure 5.13a and b) the Cp curves for the different
Reynolds numbers show the same trend. The pressure distributions at the top and
bottom fin surface are equal (the curves in Figures 5.13a and b coincide at the same
ReLp). This is because the flow field upstream of the first tube row is symmetrical
above and underneath the fin, as illustrated in Figure 5.12. The decrease of Cp with
increasing ReLp is caused by the increase in inlet velocity Vin (see Eq. (5.12)). In
the second and third tube row the influence of the Reynolds number and relative
position to the fin is much more pronounced, as can be seen in Figures 5.13c-f.
At low Reynolds numbers the Cp values at the top and bottom fin surface are
equal in the vicinity of the tube and they show a similar trend as in the first tube
row. However, when moving upstream (decreasing ∆x/Do) both curves diverge,
reaching a maximum difference at the exit louver of the upstream tube bank. This
difference is caused by the flow deflection when entering the second or third tube
row. This flow deflection, which is typical for louvered fin heat exchangers, causes
a local decrease of the pressure underneath the fin surface and a slight increase
of the pressure above the fin surface, as is illustrated in Figure 5.14a. This figure
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Figure 5.13: Pressure distribution at the top and bottom fin surface in the symmetry plane
upstream of the tubes in the three tube rows for different Reynolds numbers: (a) first tube
row, top fin surface; (b) first tube row, bottom fin surface; (c) second tube row, top fin
surface; (d) second tube row, bottom fin surface; (e) third tube row, top fin surface; (f)
third tube row, bottom fin surface
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shows the static pressure contours (made dimensionless with the inlet pressure) in
the plane parallel with the xy-plane upstream of the tube of the second tube row at
ReLp = 220. The higher pressure above the fin surface results in a local maximum
in the Cp curves at ∆x/Do = -0.75 (Figure 5.13c and e), while the lower pressure
underneath the fin surface explains the small Cp values at this location (Figure
5.13d and f). The effect of these pressure zones diminishes further downstream;
in the vicinity of the tube the pressure field is almost symmetric to the fin, which
explains the coincidence of the Cp curves near the tube at low Reynolds numbers
(Figure 5.13c-d and Figure 5.13e-f). The boundary layer does not separate and no
horseshoe vortex is formed. At higher Reynolds numbers the Cp curves no longer
coincide in the vicinity of the tube. The pressure distribution at the top of the fin
surface shows a local minimum, which is more pronounced for increasing ReLp.
Figure 5.14b shows that at higher Reynolds numbers (ReLp = 915) the influence of
the flow deflection on the pressure distribution extends further downstream. While
the pressure field at low ReLp is almost symmetric in the vicinity of the tube, this
is no longer the case at higher ReLp. Figure 5.14b shows that at ReLp = 915
an adverse pressure gradient is present above the fin near the leading edge of the
tube, causing the boundary layer to separate, roll up and form a horseshoe vortex.
These minima in the Cp curves can be related to the position of the horseshoe
vortex, as shown below. This is in agreement with the findings of Baker [147],
who performed smoke visualizations of the flow field and pressure measurements
upstream of a cylinder mounted on a flat plate. The Cp curves at the bottom of the
fin surface also show a local minimum close to the tube, however, this minimum is
much less pronounced than at the top of the fin surface. Hence, in the downstream
tube rows the horseshoe vortex above the fin surface is stronger than the horseshoe
vortex underneath the fin surface.
Figure 5.14: Contours of the ratio of the static pressure to the inlet pressure in the
xy-plane upstream of the second tube row: (a) ReLp = 220; (b) ReLp = 915
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Figure 5.15: Position of the vortex core and minimum in Cp measured from the tube
leading edge in the second tube row for different Reynolds numbers (filled symbols: above
fin surface; open symbols: underneath fin surface)
Next, the locations of the local minima in the pressure distribution curves of the
second tube row above and underneath the fin surface were measured as well as the
numerically predicted locations of the horseshoe vortex cores (i.e. the centre of the
rolled up streamlines). The results are plotted as function of the Reynolds number
in Figure 5.15. The locations of the horseshoe vortices measured in the water
tunnel are also shown for three Reynolds numbers (ReLp = 377, 468 and 715).
The results show that the horseshoe vortex center is located a bit downstream of
the position where the pressure coefficient reaches its minimum. In the minimum
of Cp the pressure gradient changes sign. The adverse pressure gradient causes the
boundary layer to separate and roll up. The vortex core is located a bit downstream
of the separation point. Furthermore, as the Reynolds number is increased, the
horseshoe vortex above the fin surface moves upstream, away from the tube, while
the horseshoe vortex underneath the fin surface tends to move towards the tube.
The same results were found in the third tube row. An increase in ReLp results in
higher velocities and a better alignment with the louvers. Consequently, at higher
ReLp the flow ‘impinges’ on the top fin surface and the boundary layer separates
more upstream of the tube. The horseshoe vortex thus moves upstream. On the
other hand, the stagnation zone underneath the fin surface grows with increasing
ReLp and hence the separation point at the bottom fin surfaces is pushed towards
the tube with increasing ReLp. This is illustrated in Figure 5.16 where the velocity
magnitude in the xy-plane upstream of a tube in the second tube row is plotted for
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Figure 5.16: Contour plot of the velocity magnitude in the xy-plane upstream of a tube in
the second tube row. The arrows indicate the location of the horseshoe vortices.
Figure 5.17: Horseshoe vortices upstream of a tube in the second tube row at ReLp = 715:
the horseshoe vortex above the fin surface is located more upstream than the horseshoe
vortex underneath the fin surface
two Reynolds numbers (ReLp = 341 and ReLp = 715). The arrows indicate the
location of the horseshoe vortices. Figure 5.17 shows the horseshoe vortices in the
second tube row at ReLp = 715. The difference in horseshoe vortex location above
and underneath the fin surface is clear.
5.6 Closure
Chapters 4 and 5 provide a better understanding of the complex three-dimensional
flow behaviour in a heat exchanger with rectangular shaped louver layouts between
the round tubes. The horseshoe vortex development in the downstream tube
rows is strongly influenced by the flow deflection. Horseshoe vortices are very
interesting from a thermal point of view as they locally increase the convective
heat transfer coefficients due to boundary layer modification and a mixing effect.
Utilizing the horseshoe vortex system to improve heat transfer provides a natural
gain in thermal performance (in contrast to vortices created artificially by vortex
118 CHAPTER 5
Figure 5.18: (a) X shaped louver layouts around the tubes [31] and (b) rectangular shaped
louver layouts between the tubes
generators). Hence, it is important that the louvers do not destroy the horseshoe
vortices immediately or even prevent them to form. From this point of view the
use of X shaped louver layouts around the tubes (Figure 5.18a) [31] seems less
preferential than the rectangular shaped louver layouts (Figure 5.18b) as in X
shaped designs the horseshoe vortices are immediately destroyed by the louvers
or even prevented to form. At higher Reynolds numbers, however, the absence
of the horseshoe vortices might be outweighed by the benefits associated with the
X shaped louver layout (i.e. more louvered fin surface per unit of heat transfer
surface area and a better flow mixing in the tube wakes), see also section 6.7.1.
Considering the current drive for increased energy and material efficiency, the way
forward for many applications appears to be working at lower Reynolds numbers
and adapting the designs to these conditions. In the current study, a rectangular
shaped louver layout is used. This results in a lower pressure drop compared to X
shaped louver layouts. The reduced heat transfer is compensated by the addition
of vortex generators. The aim is that the compound heat exchanger has a higher
thermal hydraulic performance than the individual techniques applied separately.
The flow field study suggests that heat transfer enhancement can be achieved by a
good integration of vortices in the flow field. This means that the vortex generators
should be located in such a way that:
• the size of the wake zones behind the tubes is reduced;
• the horseshoe vortices are not prevented to form;
• the pressure drop penalty is as small as possible.
The addition of vortex generators to the louvered fin design is investigated in the
next chapter.
6
Thermal hydraulics of compound
designs
In chapters 4 and 5 the flow field in louvered fin heat exchangers was studied.
Zones of poor heat transfer (wake regions) and local heat transfer enhancement
(due to vortex development) were identified. In this chapter vortex generators
are added to the louvered fin heat exchanger to further improve its performance.
As explained in section 3.4, delta shaped vortex generators are highly attractive
as enhancement technique when heat transfer as well as pressure drop are taken
into account. Hence, this vortex generator type is selected for the compound
design. Delta winglet pairs are placed in a common flow down orientation behind
each tube. These serve to reduce the size of the tube wake zones. First the flow
physics which affect the thermal and hydraulic characteristics are studied. Next,
the influence of the most important geometrical parameters is examined and a
sensitivity analysis is performed. Finally, the performance of the compound design
is compared to existing heat exchanger types. Compared to chapter 5, heat transfer
is added to the CFD simulations.
6.1 Including heat transfer into the simulations
Figure 6.1 shows the three-dimensional computational domain of the louvered fin
geometry with vortex generators. It is similar to the geometry of Figure 5.1,
but now delta winglet vortex generators are punched out of the fin surface in a
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Figure 6.1: (a) Three-dimensional computational domain used in thermal hydraulic study,
(b) top view showing the delta winglet location
common flow down arrangement behind each tube. Also here periodic conditions
are applied on both sides of the domain as well as on the top and bottom. The
height of the computational domain is equal to the fin pitch Fp and the width is
equal to transversal tube pitch Pt. The geometry is located in the middle with
half a fin spacing above the fin surface and half a fin spacing below. The entrance
length upstream of the fin equals 5 times the fin pitch Fp and the domain extends
7 times the tube diameter Do downstream of the fin, as was suggested by Jang et
al. [148]. The impact of the main geometrical parameters on the flow field and the
thermal and hydraulic performance were evaluated.
Because the conjugate heat transfer was computed, the air domain as well
as the solid fin material were meshed. The quality of the mesh was carefully
assessed during the meshing. The computational domain was divided into several
subdomains. The fin material was meshed with quad elements (three cells over the
fin thickness). Most of the air subdomains were also meshed with quad elements.
Only the subdomains with the transition zone between the angled louver and flat
landing and the subdomains surrounding the delta winglets were meshed using
unstructured tetrahedral elements. The mesh gets finer towards the fin surface to
capture the temperature and velocity gradients in the near wall regions. Some
illustrations of the mesh are provided in appendix B.
The flow is assumed to be laminar (see also section 5.2). At the inlet a uniform
velocity parallel to the fin was imposed and the air inlet temperature was set to
20○C. At the outlet the static pressure was set to 0 Pa (pressure outlet boundary
condition). The tube wall thickness was not meshed, but the shell conduction
approach was used [151]. A tube wall thickness of 0.27 mm was specified. When
heat is exchanged with air, the main thermal resistance is located at the air side
(75% or more) [24]. Consequently, the tube wall temperature is mainly determined
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by the temperature of the fluid flowing through the tubes. For evaporators and
condensers, the fluid (refrigerant) temperature remains nearly constant at the
saturation temperature throughout the heat exchanger. For other heat exchangers
(e.g. the cooling of water), the fluid temperature typically varies about 4○C per
meter tube [155]. Due to the high thermal conductivity of the tube material (λ =
400 W/mK for copper) and the small change in fluid temperature when passing
through the heat exchanger, a constant tube wall temperature can be assumed.
In the current simulations a constant tube wall temperature of 50○C was applied
in the three tube rows. No slip boundary conditions were applied on the tube
and fin surfaces. The double precision segregated solver was used to solve the
standard Navier-Stokes equations. The energy equation was turned on to compute
the heat transfer through the tube walls and fin material and in the air. The SIMPLE
algorithm was applied for the pressure-velocity coupling. The discretization
of the convective terms in the governing equations is done via a second order
upwind scheme, while a second order central differencing scheme is applied for
the diffusive terms. The gradients are evaluated via the least squares cell based
method. The pressure gradient in the momentum equations is treated via a second
order discretization scheme. Convergence criteria were set to 10−8 for continuity,
velocity components and energy. Setting smaller values for these criteria did not
result in any notable differences in the flow field and heat transfer predictions.
For the air properties the same settings were used as by T’Joen et al. [25] and
Perrotin and Clodic [83]: the air density was calculated as for an incompressible
ideal gas, the specific heat and thermal conductivity were set to constant values (cp
= 1006 J/kgK and λ = 0.02637 W/mK ) and the dynamic viscosity was calculated
with the Sutherland approximation. The properties of the aluminum fin and tubes
are assumed to be constant: ρ = 2719 kg/m3, λ = 202.4 W/mK and cp = 871
J/kgK. Only for the smallest Reynolds numbers (ReDh < 200, Reynolds number
based on the hydraulic diameter and maximum velocity in the heat exchanger)
steady simulations were performed. The difference with the unsteady results was
negligible. For higher Reynolds numbers unsteady simulations were performed
(first order accurate in time). The time step varied between 1 ms and 1 µs
(dependent on the Reynolds number). This allowed the residuals to decrease below
10−8 in less than 50 iterations per time step. The mass-weighted average pressure
drop and outlet temperature were monitored during the iterations to determine if
the simulations had converged. Local temperatures in the tube and louver wakes
were also monitored. Once convergence was reached, these temperatures varied
in function of the time around a mean value. The data of the unsteady simulations
reported in this chapter are averaged in time. They are averaged out over the
time interval an air particle needs to travel about three times the length of the
computational domain. Averaging out over a longer time interval did not result in
any notable differences in the simulation results. For each simulation the energy
122 CHAPTER 6
balans was checked: the net heat transfer rate between the air inlet and outlet
differs less than 0.01% from the total heat transfer rate of the tube and fin surface.
All simulations were performed on two six core Intel Xeon X5680 processors
with 48 Gb RAM and 3.33 GHz CPUs. The average computational time for one
case was about three days. For the highest Reynolds numbers the computational
time could reach up to six days.
6.2 Data reduction
The heat transfer rate Q at the air side was determined as:
Q = m˙air ⋅ c¯p,air ⋅ (Tair,out − Tair,in) (6.1)
The air side (or exterior) convective heat transfer coefficient was calculated
using the LMTD (logarithmic mean temperature difference) method (see also
section 2.2.2.2):
ho = Q
ηo ⋅Ao ⋅ F ⋅LMTD (6.2)
Ao is the total exterior heat transfer surface area and ηo is the surface efficiency.
The correction factor F is dependent on the flow arrangement, the temperature
effectiveness P (Eq. (6.3); c and h refer to the cold fluid and the hot fluid,
respectively) and the heat capacity rate ratio R (Eq. (6.4)). Figure 6.2 shows
the correction factor F as function of the temperature effectiveness P and different
R for a cross-flow heat exchanger with one fluid mixed and one fluid unmixed.
During the simulations Th,in = Th,out = Twall and thus R = 0. In this case, the
correction factor F is equal to unity [16].
P = Tc,out − Tc,in
Th,in − Tc,in (6.3)
R = Th,in − Th,out
Tc,out − Tc,in (6.4)
The logarithmic mean temperature difference is expressed as:
LMTD = (Twall − Tair,out) − (Twall − Tair,in)
ln (Twall−Tair,out
Twall−Tair,in ) (6.5)
The surface efficiency ηo was calculated with the fin efficiency ηf :
ηo = 1 − Af
Ao
⋅ (1 − ηf) (6.6)
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Figure 6.2: Correction factor F plotted as function of the temperature effectiveness P for
different R for a cross-flow heat exchanger with one fluid mixed and one fluid unmixed
Calculating the actual fin efficiency ηf for each simulated geometry is too time
consuming as it requires an extra simulation per case, i.e. the ideal case with the
entire fin at the fin base temperature. To overcome this problem, the fin efficiency
ηf is often obtained using correlations. A commonly used method is the equivalent
circular fin method of Schmidt [156]. He suggested to approximate the fin
efficiency of plain continuous fins (with an inline or staggered tube arrangement)
by the circular fin efficiency and an equivalent circular radius. For a staggered tube
layout the fin surface is divided into hexagonal unit cells, as is illustrated in Figure
6.3. Correlations were developed for an equivalent circular fin having the same fin
efficiency as the hexagonal fin. Using this equivalent radius, the fin efficiency can
then be calculated with Eqs. (6.7)-(6.13). Even though Schmidt’s method [156]
is less accurate for interrupted fin surfaces, it is still frequently used to determine
the fin efficiency of interrupted fin surfaces [31, 58, 91, 157]. Due to the lack of
more accurate approximations and to be able to compare the current results with
literature data, the method of Schmidt was also used here. A detailed discussion
of the fin efficiency of interrupted fin designs can be found in appendix C.
Req
r
= 1.27 ⋅ Xm
r
⋅√ Xl
Xm
− 0.3 (6.7)
r = Do
2
(6.8)
Xm = Pt
2
(6.9)
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Figure 6.3: Hexagonal unit cell for a staggered tube layout [158]
Xl = 1
2
⋅¿ÁÁÀ(Pt
2
)2 + P 2l (6.10)
φ = (Req
r
− 1) ⋅ (1 + 0.35 ⋅ ln(Req
r
)) (6.11)
m = ¿ÁÁÀ 2 ⋅ ho
λf ⋅ tf (6.12)
ηf = tanh (m ⋅ r ⋅ φ)
m ⋅ r ⋅ φ (6.13)
Because the fin efficiency is dependent on the air side convective heat transfer
coefficient ho (Eq. (6.12)), the air side convective heat transfer coefficient ho (Eq.
(6.2)) resulted from iterative calculations. The air side convective heat transfer
coefficient is represented dimensionless as the Colburn j-factor:
j = ho
ρ ⋅ cp ⋅ Vc ⋅ Pr2/3 (6.14)
Vc is the velocity in the minimum cross sectional flow area and Pr is the Prandtl
number. The fanning friction factor is calculated as proposed by Kays and London
[154], using Eq. (5.1). It includes the entrance and exit pressure loss.
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6.3 Validation of the numerical results
6.3.1 Grid independency study
The computational domain should be meshed in such a way that the mesh is fine
enough to result in accurate predictions, but also not too fine as this results in a
too long computational time. The mesh spacing near the walls has a significant
influence on the accuracy of the computed convective heat transfer coefficients. In
laminar flows the grid adjacent to the wall should obey [151]:
yp ⋅√U∞
νx
≤ 1 (6.15)
Here yp is the distance to the fin surface from the adjacent cell centroid, U∞
is the free-stream velocity, ν is the kinematic viscosity of air and x is the distance
along the fin surface from the starting point of the boundary layer. Eq. (6.15) is
based upon the Blasius solution for laminar flow over a flat plate at zero incidence
[151].
parameter symbol value
Outer tube diameter Do (mm) 6.75
Fin thickness tf (mm) 0.12
Louver pitch Lp (mm) 1.50
Louver angle θ (○) 22
Fin pitch Fp (mm) 1.99
Transversal tube pitch Pt (mm) 17.6
Longitudinal tube pitch Pl (mm) 13.6
Streamwise delta winglet position ∆x (mm) 0.5Do
Spanwise delta winglet position ∆z (mm) 0.3Do
Angle of attack α (○) 30
Delta winglet height h (mm) 0.7 ⋅ s
Delta winglet base b (mm) 2 ⋅ h
Table 6.1: Geometry of the compound design used in the grid independency study
A grid independency study was performed for a compound design with a
geometry as listed in Table 6.1. Two mesh resolutions were evaluated. For the
fine mesh yp was estimated in a conservative way. The shortest surfaces for the
simulated geometry are the louvers (streamwise lenght Lp). To have cells which
are small enough for 95% of the boundary layer length, x was set to 0.05 Lp. The
highest inlet velocity used in the calculations is 5.25 m/s (see section 6.5). The
maximum velocity in the heat exchanger is then 5.25/σ (with σ the contraction
ratio, see Eq. (4.2)). This velocity was chosen as upper limit of the free-stream
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velocity U∞. The height of the boundary layer cells adjacent to the fin surface
for the fine mesh is then 2yp = 22 µm. The aspect ratio of these cells was set to
2. The boundary layer meshes consist of 4 cell rows with a growth rate equal to
1.3. The maximum cell size in the heat exchanger domain is 0.08 mm. This fine
mesh counts about 14,000,000 cells. As for this mesh resolution yp was estimated
in a conservative way, a second coarser mesh was examined. The height of the
boundary layer cells adjacent to the fin surface was set to 40 µm. This corresponds
to the same cell size as used in the fin material (= tf /3). The aspect ratio of the
boundary layer cells is 2.5 and the growth rate is 1.3. The boundary layer meshes
consist of 3 cell rows. The maximum cell size in the heat exchanger domain is
0.10 mm. The coarse mesh counts about 4,300,000 cells.
The Colburn and friction factors are calculated for four inlet velocities (Vin =
0.63 m/s, 1.26 m/s, 2.69 m/s and 5.25 m/s). In Figure 6.4 the results are plotted
for both mesh resolutions. The differences between the coarse and fine mesh
simulations are very small for the thermal as well as the hydraulic characteristics.
Together with the computing resource and time considerations, this justifies the
use of the coarse mesh for the simulations. As the maximum cell size of the coarse
mesh is 0.10 mm, it is much finer than the mesh used by Atkinson et al. [64] (their
minimum cell size equals the fin thickness) and Perrotin and Clodic [83] (their
average cell size equals the fin thickness) for their three-dimensional simulations.
They reported a good to very good agreement between the experimental data and
the 3-D numerical predictions of pressure drop and heat transfer in louvered fin
flat tube heat exchangers (see section 3.3.4).
6.3.2 Validation experiment
CFD is a powerful tool to simulate the flow, heat transfer and pressure drop
characteristics of heat exchangers. However, Shah et al. [159] pointed out that
a comparison of the simulations with experimental data is necessary to validate
the numerical results. To this purpose an aluminum model of a louvered fin heat
exchanger with delta winglet vortex generators was made and tested in a wind
tunnel. The results of this validation experiment are presented in chapter 7.
6.4 Flow physics
A black box approach as described in section 6.2 is very valuable to determine
the heat transfer and friction characteristics. However, they do not provide
any information on the flow physics inside the heat exchanger. As the thermal
hydraulic behaviour of a heat exchanger is strongly related to its flow behaviour,
understanding the flow physics is very important for optimization purposes. That
is why first the flow structures which affect the heat transfer and pressure drop in
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Figure 6.4: Comparison of the fine and coarse mesh resolution: (a) Colburn j-factors and
(b) friction factors
compound designs are analyzed. In this section the flow physics is investigated for
a fixed geometry. However, the geometry itself also influences the flow structures
and thus the heat transfer and pressure drop. This is discussed in sections 6.5 and
6.6.
The geometry of the studied configuration is listed in Table 6.2. The geometrical
parameters are selected based on a literature review of louvered fins and plain fins
with delta winglets. The punched delta winglets have an angle of attack of 35○
and a height equal to 90% of the fin spacing. Their base to height ratio is 2 in the
first and second tube row. In the third tube row, however, the base to height ratio
is only 1.5 due to space restrictions (b = 2h does not fit on the fin).
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parameter symbol value
Outer tube diameter Do (mm) 6.75
Fin thickness tf (mm) 0.12
Louver pitch Lp (mm) 1.50
Louver angle θ (○) 35
Fin pitch Fp (mm) 1.71
Transversal tube pitch Pt (mm) 17.6
Longitudinal tube pitch Pl (mm) 13.6
Streamwise delta winglet position ∆x (mm) 0.5Do
Spanwise delta winglet position ∆z (mm) 0.3Do
Angle of attack α (○) 35
Delta winglet height h (mm) 0.9 ⋅ s
Delta winglet base b (mm) 2 ⋅ h; 1.5 ⋅ h
Table 6.2: Geometry used to analyze the flow structures in the compound design
6.4.1 Velocity field
First the velocity vectors are plotted in planes parallel with the inlet downstream
of the delta winglets in the first and second tube row. As is indicated in Figure
6.5, five different streamwise positions are considered per tube row. The velocity
vectors downstream of a delta winglet pair of the first tube row (green planes in
Figure 6.5) as viewed from the outlet are shown in Figure 6.6 for an inlet velocity
of 5.25 m/s. The vectors are colored by the velocity magnitude. This inlet velocity
corresponds to a Reynolds number ReLp = 857 and a Reynolds number ReDh =
1216. The Reynolds number ReDh is based on the velocity Vc in the minimum
cross sectional flow area and the hydraulic diameter Dh:
Dh = 4AcL
Ao
(6.16)
Here is Ac the minimum cross sectional flow area, L is the flow depth and Ao is
the total heat transfer surface area. Plane (a) is located immediatetly downstream
of the punched holes in the fin surface. The longitudinal vortices generated by
the delta winglet pair are indicated by 1 . The swirling motion associated with
these longitudinal vortices is clearly illustrated. Figure 6.6a, which shows one
fin passage, indicates that the rotation direction of these vortices is such that the
air in between the vortex cores flows down towards the fin surface on which the
delta winglets are mounted. This downwash region (indicated by 2 ) explains
the name “common flow down” of the delta winglet configuration. The tube
wakes are zones of poor heat transfer. Due to the swirling motion caused by
the vortices, hot air is removed from the tube wake to the mainstream regions
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Figure 6.5: Indication of planes parallel with the inlet downstream of the vortex
generators in the first (green) and second (blue) tube row. The velocity vectors of Figures
6.6 and 6.7 are visualized in these cross planes.
and vice versa. This enhanced mixing is an important mechanism of heat transfer
enhancement. Another heat transfer enhancement mechanism is caused by the
downwash flow on the fin with winglets. The induced wall-normal flow locally
thins the boundary layer. The larger temperature gradient enhances the heat
transfer. Correspondingly, for the nonwinglet fin an upwash region (indicated by
3 ) exists which is associated with a decrease in heat transfer. As explained by
Joardar and Jacobi [106], the heat transfer enhancement in the downwash region is
greater than the reduction in the upwash region. Thus a net enhancement results.
Figure 6.6a also shows recirculation in the wake regions behind the delta winglets,
indicated by 4 : a counter-rotating vortex is apparent. Four more downstream
velocity planes are shown in Figure 6.6. The vortex strength reduces rapidly with
downstream distance. Plane (c) corresponds with the entrance of the louver bank
in the second tube row. Further downstream the longitudinal vortices are no longer
present. They are destroyed by the upward air flow which follows the louvers.
The louvers are represented by the horizontal gray zones in Figures 6.6d and 6.6e.
Thus, the vortices do not propagate far downstream due to the flow deflection in the
downstream louver bank which is characteristic for louvered fin heat exchangers.
This is in contrast to plain fins with vortex generators where the vortices persist
for several wing spans downstream and enhance the heat transfer over large fin
areas [106, 109]. The velocity vectors downstream of a delta winglet pair of the
second tube row are shown in Figure 6.7. The cross planes correspond with the
blue lines in Figure 6.5. A similar flow behaviour as downstream of the delta
winglets of the first tube row is found here: the vortices cause a good mixing in
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Figure 6.6: Velocity vectors in cross planes parallel with the inlet downstream of the delta
winglets of the first tube row at Vin = 5.25 m/s (ReLp = 857 and ReDh = 1216)
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Figure 6.7: Velocity vectors in cross planes parallel with the inlet downstream of the delta
winglets of the second tube row at Vin = 5.25 m/s (ReLp = 857 and ReDh = 1216)
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the tube wake, but they do not live long as they are destroyed by the deflected
flow in the downstream louver bank. Also note the strong flow acceleration in the
transition zone between the flat landing and the angled louver in Figures 6.6e and
6.7e. This acceleration (indicated by 5 ) is due to the smaller cross sectional flow
area close to the flat landing and the flow area contraction due to the presence of
the tubes.
6.4.2 Temperature field
The velocity field can be linked with the temperature distribution in the heat
exchanger. In Figure 6.8 the temperature contours in three planes parallel with the
fin surface are presented for an inlet velocity Vin = 5.25 m/s (ReLp = 857 and ReDh
= 1216). The results are shown for the baseline geometry without delta winglets
(left column) and the compound design with delta winglets (right column). The
three considered planes are (with s the fin spacing):
• ∆y = -0.15s: a plane parallel with the fin surface located at a distance of
15% of the flow channel height under the fin surface;
• ∆y = 0.5s: a plane parallel with the fin surface located halfway the flow
channel height;
• ∆y = +0.15s: a plane parallel with the fin surface located at a distance of
15% of the flow channel height above the fin surface.
If no delta winglets are present (Figure 6.8a-c-e), the wake zones behind the
tubes are very pronounced. The air temperature in these zones is very high (close
to 50○C, i.e. the tube wall temperature) which indicates that these are regions
with low heat transfer. By punching delta winglets in a common flow down
configuration behind each tube, the size of the wake zones is significantly reduced
(Figure 6.8b-d-f). The area averaged temperature in the near tube zone behind
the tubes is lower than when no delta winglets are present. The heat transfer is
thus improved. Comparing Figures 6.8b and 6.8f indicates that there is a clear
difference in the shape of the wake zones underneath the fin surface and above the
fin surface. In Figure 6.8b (closely under the fin surface) the flow narrows the wake
and the wake seems more closed, while Figure 6.8f (closely above the fin surface)
suggests that the hot air is removed from the wake towards the mainstream region.
This is in accordance with the vortex effect of the delta winglets on the wake zones
(see Figures 6.6 and 6.7): the inflow closes the wake zones under the fin surface
and removes hot air from the tube wakes above the fin surface. The reduction
of the wake zones due to the swirling motion of the generated vortices mainly
contributes to the local heat transfer enhancement in the first and second tube row.
In the third tube row, however, the influence of the vortex generators on the local
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Figure 6.8: Temperature contours in three planes parallel with the fin surface at Vin =
5.25 m/s (ReLp = 857 and ReDh = 1216). Left column: without delta winglets; right
column: with delta winglets
Figure 6.9: Temperature contours in three planes parallel with the fin surface at Vin =
1.26 m/s (ReLp = 201 and ReDh = 285). Left column: without delta winglets; right
column: with delta winglets
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temperatures is much less because the generated longitudinal vortices immediately
leave the heat exchanger. Figure 6.9 shows the temperature distributions for an
inlet velocity Vin = 1.26 m/s (ReLp = 201 and ReDh = 285). The same effect of
the generated vortices on the temperature profiles was also found at this lower inlet
velocity.
6.4.3 Vorticity field
Figure 6.10 presents vorticity magnitude plots in a plane parallel with the fin
surface at a distance of 25% of the channel height above the fin surface at an inlet
velocity Vin = 2.69 m/s (ReLp = 434 and ReDh = 616) ((a) baseline geometry
without delta winglets and (b) compound design with delta winglets). As seen in
Figures 6.6 and 6.7, the cores of the generated longitudinal vortices are located
around this height in the flow channel. The high vorticity associated with these
vortices is limited to the tube wake zones. They do not last far downstream as they
are destroyed by the deflected flow when entering the downstream louver bank.
In addition to the longitudinal vortices generated by the delta winglets, horseshoe
vortices are formed at the tube fin junction upstream of the tubes. The horseshoe
vortices are clearly stronger in the downstream tube rows than in the first tube row.
This is partly because the distance between the fin leading edge and the tube in the
first tube row is shorter than the distance between the exit louver and a downstream
tube (see Figure 4.22). However, the main reason for the difference in horseshoe
vortex development between the first and the downstream tube rows is caused by
the flow deflection, as was explained in section 5.5. The horseshoe vortices wrap
around the front half of the tube, but they also do not persist far downstream as
they are destroyed by the louvers in the same tube row. For uninterrupted fin
surfaces the vortices persist much longer: the vortex legs extend to the rear of
the tube and thus enhance the heat transfer over a larger part of the fin [56, 106].
It is important to note that the horseshoe vortex system exists in the geometry
without vortex generators and that also in the geometry where vortex generators
in a common flow down configuration are added this naturally occurring vortex
system is formed (compare to X shape louver layouts around the tubes where no
horseshoe vortices are present). If the vortex generators prevent the horseshoe
vortices to form, this would deteriorate the enhancement strategy.
6.4.4 Heat flux distributions
Figure 6.11 shows the local heat flux distribution on the fin surface for the baseline
geometry without delta winglets and the compound design with delta winglets.
The computations were performed for an inlet velocity Vin = 2.69 m/s (ReLp
= 434 and ReDh = 616). Both sides of the fin are shown. Several heat flux
regions can be distinguished. At the leading edge of the fin the heat flux is
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Figure 6.10: Vorticity magnitude in a plane parallel with the fin surface at a distance of
25% of the channel height above the fin surface for an inlet velocity Vin = 2.69 m/s (ReLp
= 434 and ReDh = 616)
Figure 6.11: Heat flux distribution on both sides of the fin surface for the baseline
geometry without delta winglets and the compound heat exchanger with delta winglets at
Vin = 2.69 m/s (ReLp = 434 and ReDh = 616)
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very high and then decreases rapidly in the flow direction. This is due to the
development of the thermal boundary layer on the fin surface. The local heat flux
values are also high upstream of the tubes. This is caused by the presence of the
horseshoe vortex systems which enhance the local convective heat transfer. The
two vortex legs wrap around the front half of each tube. However, they do not
extend further downstream as they are destroyed by the louvers. In the third tube
row the influence of the horseshoe vortex on the local heat flux distribution is
much less pronounced than in the first two tube rows. This is because the driving
temperature difference is too small in the last tube row. In the tube wake regions
there is a better heat transfer if the delta winglets are present because the generated
vortices cause a better thermal mixing and thin the thermal boundary layers.
Figure 6.12: The averaged tube surface heat flux in the three tube rows for the baseline
geometry and compound design at Vin = 2.69 m/s (ReLp = 434 and ReDh = 616)
The vortex generators do not only affect the fin surface heat transfer, but also
the tube surface heat transfer. This is illustrated in Figure 6.12. The averaged
tube surface heat flux in the three tube rows is plotted for the baseline geometry
and compound design at an inlet velocity Vin = 2.69 m/s (ReLp = 434 and ReDh
= 616). The tube surface heat flux decreases with tube row number due to the
decrease in driving temperature difference. In the third tube row the heat flux
is almost identical for both configurations, which again illustrates that the delta
winglets in the third tube row do not have a large contribution to the thermal
performance. In the first and second tube row, however, there is a significant
increase in tube surface heat flux (about 6-7%) when delta winglets are added.
This is explained by the better thermal mixing and the reduction of the wake
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Figure 6.13: The X component of the wall shear stress averaged over the tube height along
the tube circumference for a tube in each of the three tube rows at Vin = 2.69 m/s (ReLp =
434 and ReDh = 616): (a) first tube row, (b) second tube row and (c) third tube row
size. The addition of vortex generators causes the separation point on the tube
surface to move downstream. This is illustrated in Figure 6.13. The X component
of the wall shear stress averaged over the tube height is plotted along the tube
circumference for a tube in each of the three tube rows. The point of separation is
where the wall shear stress vanishes. Flow reversal is indicated here by negative
values of the X component of the wall shear stress. The separation behaviour in
the first and second tube row are very similar (Figures 6.13a and 6.13b). For the
baseline geometry without delta winglets flow separation from the tube surface
occurs at about 120○. When delta winglets are added the separation is delayed
and flow separation occurs at about 130○. Also note that at about 150○ there is a
reattachment of the flow to the tube surface (positive values of the X component
of the wall shear stress), which is not the case for the baseline configuration.
Compared to the first and second tube row, the flow separation angle in the third
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tube row is smaller. This is shown in Figure 6.13c. The separation angle is about
110○ for the baseline geometry and 120○ for the compound design. This is in
accordance with the observations made in the water tunnel, see section 4.5. There
it was explained that the tube wake behaviour in the third tube row tends towards
the wake flow behind an infinite cylinder because the tubes in the last tube row
are located near the fin trailing edge. For an infinite cylinder the flow typically
separates at about 90○ at the considered Reynolds number (Re = 1200 based on
the cylinder diameter and freestream velocity) [160]. The separation of boundary
layers also modifies the pressure field: the form drag is increased. As the use of
delta winglets delays the flow separation from the tube surface, the associated form
drag in the compound design is lower than when no delta winglets are present.
However, the addition of delta winglets also increases the frictional pressure drop
and the flow blockage. The net core pressure drop is higher in the compound
design than in the baseline geometry. This is shown next.
6.4.5 Heat transfer and pressure drop characteristics
The black box approach described in section 6.2 was used to determine the heat
transfer and pressure drop characteristics of the simulated baseline geometry and
compound design. The Colburn j-factors and friction factors are plotted as function
of the Reynolds number ReDh in Figure 6.14.
The Reynolds number range 142-1216 corresponds to inlet velocities ranging
from 0.63 m/s to 5.25 m/s. Figure 6.14a illustrates that the Colburn j-factor
increases when delta winglets are used. The maximum increase is 16% compared
to the baseline geometry. This enhancement of thermal performance is caused
by the generated longitudinal vortices which reduce the wake size, cause a
better thermal mixing and modify the boundary layers downstream of the tubes.
However, as is clear from Figure 6.14b, the delta winglets also cause a penalty in
pressure drop.
A commonly used criterion to evaluate the thermal hydraulic performance of a
heat exchanger is the area goodness factor. It is defined as the ratio of the Colburn
j-factor to the friction factor (Eq. (2.32)). High values of j/f are preferred as this
means less frontal area for a fixed heat transfer rate and pressure drop (see section
2.5). The area goodness factor for the baseline geometry and the compound design
are plotted in Figure 6.15a. The required frontal area is larger if delta winglets are
present. This is due to the increase in pressure drop. However, as the use of delta
winglets improves the heat transfer, for the same heat duty the heat exchanger can
be made more compact by reducing the flow depth. This results in a reduction of
the pressure drop. LaHaye et al. [161] suggested to evaluate the thermal hydraulic
performance of heat exchangers by plotting the heat transfer performance factor J
(Eq. (6.17)) as function of the pumping power factor F (Eq. (6.18)). They showed
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Figure 6.14: Comparison of (a) the Colburn j-factor and (b) the friction factor for the
baseline geometry without delta winglets and the compound design with delta winglets
Figure 6.15: Performance evaluation of the baseline geometry without delta winglets and
the compound design with delta winglets: (a) area goodness factor and (b) performance
evaluation suggested by LaHaye et al. [161]
that for the same hydraulic diameter Dh, J is proportional to the heat transfer per
unit volume and F is proportional to the pumping power per unit volume. J vs. F
is thus a modification of the volume goodness factor discussed in section 2.5.
J = j ⋅ReDh (6.17)
F = f ⋅Re3Dh (6.18)
The performance plot J vs. F is presented in Figure 6.15b (note the logarithmic
scale). For the same pumping power per unit volume, the compound design
yields a higher heat transfer per unit volume than the baseline design without
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delta winglets. This clearly shows the potential of compound designs. Using the
augmentation in heat transfer, the heat exchangers can be made smaller in size and
thus also more economical in cost. The material cost is lower because less material
is needed. If the smaller volume also results in a smaller pressure drop, then the
pumping power (and thus the operational cost) is also reduced.
6.5 Screening of the geometrical parameters
Now that the associated flow physics which affect the local heat transfer and
pressure drop are understood, the influence of the geometry can be studied. Many
geometrical parameters have an influence on the thermal hydraulic performance of
the compound design. Some of these parameters have a small impact, others have
a larger impact. If only one factor is varied at a time (the so called full factorial
analysis), a very large number of cases has to be simulated if more than three
parameters are considered. This is very time and resource consuming. However,
Taguchi [162] suggested the use of orthogonal arrays, which significantly reduces
the number of simulations. Orthogonal arrays only identify the main effects,
but not the interactions between the geometrical parameters (also called control
parameters or design variables). This allows for a time efficient screening of a
large number of parameters. The Taguchi method [162] allows to determine which
control parameters have a higher impact on the performance. Hence, it indicates
with a limited number of simulations which parameters are most important for
optimization. This method was already used for heat exchanger optimization by
Qi et al. [72], Sahin [163] and Zeng et al. [164].
6.5.1 Selection of the control parameters
The louver pitch and louver angle significantly influence the thermal hydraulic
performance of louvered fin heat exchangers [71,72,129]. These parameters most
probably also have an important impact on the performance of compound designs
and thus they are considered as two of the control parameters during the Taguchi
analysis. The delta winglet geometry is determined by the angle of attack α,
the delta winglet height h, the delta winglet aspect ratio Λ and the delta winglet
position. The delta winglet aspect ratio is defined as the ratio of the delta winglet
base to the delta winglet height. Pesteei et al. [111] studied the optimal position
of a delta winglet pair in common flow down configuration and they found that
∆x = 0.5Do and ∆z = ±0.5Do resulted in the best heat transfer to pressure drop
performance (Do is the outer tube diameter and ∆x and ∆z are respectively the
streamwise and spanwise distance between the tube center and the point where the
leading edge of the winglet intersects with the fin surface, as indicated in Figure
6.1b). In the compound design ∆z has to be smaller than 0.5Do due to the presence
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of the louvers (for ∆z = 0.5Do no angle of attack is possible for the delta winglet in
common flow down orientation). A fixed vortex generator position of ∆x = 0.5Do
and ∆z = ±0.3Do was selected which allows a maximum angle of attack of 35○.
The angle of attack α, delta winglet height h and delta winglet aspect ratio Λ are
considered as control parameters.
Three levels are assigned to each of the five control parameters. Table 6.3 lists
the control parameters and their levels. The delta winglet height (h∗) is made
dimensionless with the fin spacing. The levels are selected based on a literature
review. The database of Wang et al. [31] contains samples with a fin pitch ranging
from 1.20 to 1.99 mm for louvered fin heat exchangers similar to the geometry
tested in this study. The three fin pitches were chosen in this range. The louver
angle in louvered fin heat exchangers typically lies between 14○ and 35○ [138].
Here, louver angles of 22○, 28○ and 35○ were selected. Fiebig et al. [112] showed
that for a plain fin heat exchanger the highest convective heat transfer coefficients
on the fin are obtained for a delta winglet pair with an angle of attack α = 45○. Due
to the presence of the louvers, the delta winglet angle in the compound design is
smaller than 45○. The three angles of attack used in the Taguchi analysis are 25○,
30○ and 35○. The delta winglet height used by Fiebig et al. [112] was half of the
channel height. A delta winglet height equal to 90% of the channel height is also
frequently used [107,118,126,165]. The third level of the delta winglet height was
set in between these two levels, i.e. 70% of the channel height. The three aspect
ratio levels used in the simulations are 1.0 [112], 1.5 [111] and 2.0 [107,110,126].
control parameter symbol level 1 level 2 level 3
Fin pitch Fp (mm) 1.20 1.71 1.99
Louver angle θ (○) 22 28 35
Angle of attack α (○) 35 30 25
Height ratio h∗ 0.9 0.7 0.5
Aspect ratio Λ 1.0 1.5 2.0
Table 6.3: Levels of each control parameter
6.5.2 Orthogonal array
For a full factorial analysis 243 (= 3∧5) simulations are required. This number
can be reduced by selecting an appropriate orthogonal array. The orthogonal
array L9 (3∧5) developed by Bolboaca˘ and Ja¨ntschi [166] is used in this study
(see Table 6.4). Thus, nine geometries are simulated to test the influence of the
five control parameters. For each of these five factors, three geometries need to
be simulated per level, which is a characteristic of the orthogonal matrix. The
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remaining geometrical parameters are fixed during the simulations. They are listed
in Table 6.5. The effect of the inlet velocity on the thermal hydraulic performance
of heat exchangers is obvious. That is why the velocity is not considered as a
control parameter, but each of the nine geometries is simulated for four different
inlet velocities (Vin = 0.63 m/s, 1.26 m/s, 2.69 m/s and 5.25 m/s). The effect of
the control parameters on the Colburn j-factor and friction factor is evaluated for
each inlet velocity individually. In this chapter the results are only reported for one
velocity, Vin = 1.26 m/s. This is typically the velocity of air blown into the room
by the indoor unit of an air conditioning system. The results for the other three
velocities can be analyzed in a similar way. They are summarized in appendix D.
no. Fp (mm) θ (○) α (○) h∗ Λ
1 1.20 22 35 0.9 1.0
2 1.20 22 25 0.5 1.5
3 1.20 35 35 0.5 2.0
4 1.71 28 25 0.9 2.0
5 1.71 35 30 0.9 1.5
6 1.71 35 25 0.7 1.0
7 1.99 22 30 0.7 2.0
8 1.99 28 35 0.7 1.5
9 1.99 28 30 0.5 1.0
Table 6.4: The orthogonal array L9 (3∧5) used for geometry screening
parameter symbol value
Outer tube diameter Do (mm) 6.75
Fin thickness tf (mm) 0.12
Louver pitch Lp (mm) 1.5
Transversal tube pitch Pt (mm) 17.6
Longitudinal tube pitch Pl (mm) 13.6
Streamwise delta winglet position ∆x (mm) 0.5Do
Spanwise delta winglet position ∆z (mm) 0.3Do
Table 6.5: Geometrical parameters kept fixed during the Taguchi analysis
6.5.3 Colburn j-factor
The calculated Colburn j-factors for the nine simulation cases at an inlet velocity of
1.26 m/s are shown in Table 6.6. The factorial effect and contribution ratio of each
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no. Fp (mm) θ (○) α (○) h∗ Λ j
1 1.20 22 35 0.9 1.0 0.0363
2 1.20 22 25 0.5 1.5 0.0361
3 1.20 35 35 0.5 2.0 0.0352
4 1.71 28 25 0.9 2.0 0.0360
5 1.71 35 30 0.9 1.5 0.0373
6 1.71 35 25 0.7 1.0 0.0351
7 1.99 22 30 0.7 2.0 0.0295
8 1.99 28 35 0.7 1.5 0.0341
9 1.99 28 30 0.5 1.0 0.0333
Table 6.6: Colburn j-factor for each simulation case at Vin = 1.26 m/s
level Fp (mm) θ (○) α (○) h∗ Λ
Colburn j-factor 1 0.0359 0.0340 0.0352 0.0365 0.0349
2 0.0361 0.0345 0.0334 0.0329 0.0358
3 0.0323 0.0359 0.0357 0.0349 0.0336
R (max - min) 0.014 0.0038 0.0019 0.0024 0.0036 0.0023
Contribution ration (%) 100 27.4 13.6 16.9 26.0 16.2
Table 6.7: Factorial effect on and contribution ratio to the Colburn j-factor for each
control parameter at Vin = 1.26 m/s
control parameter are presented in Table 6.7 and Figure 6.16. The Colburn j-factor
of each control parameter in Table 6.7 is the arithmetic mean of the Colburn
j-factors corresponding to each level in Table 6.6. R is the difference between
the minimum and maximum averaged Colburn j-factor for each control parameter.
The contribution ratio equals the value R of each control parameter divided by the
total R of all control parameters. The contribution ratio thus indicates the influence
of each control parameter on the Colburn j-factor (and thus on the heat transfer).
The calculation results show that the fin pitch Fp and the height ratio h∗
contribute most to the Colburn j-factor (27.4% and 26.0%, respectively). When
only heat transfer is taken into account, they are the main geometrical parameters
for optimizing the compound heat exchanger (at Vin = 1.26 m/s) . The contribution
ratios of the other three geometrical parameters are less than 17% (i.e. 16.9% for
the delta winglet attack angle α, 16.2% for the aspect ratio Λ and 13.6% for the
louver angle θ). They also play an important role in the design process, but their
influence on the heat transfer is smaller than the effect of the fin pitch Fp and the
height ratio h∗.
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Figure 6.16: Contribution ratio to the Colburn j-factor of each control parameter at Vin =
1.26 m/s
6.5.4 Friction factor f
When designing a heat exchanger, also the pressure drop is an important
characteristic. Similar to the tables for the Colburn j-factors, Table 6.8 lists the
calculated friction factors for the nine simulation cases at an inlet velocity of 1.26
m/s. The factorial effect on and the contribution ratio to the friction factor of
each control parameter are presented in Table 6.9 and Figure 6.17. The fin pitch
and the louver angle largely contribute to the friction factor (32.1% and 34.5%,
respectively). The contribution of the delta winglet geometry is much smaller: h∗
contributes 16.3%, α contributes 12.0% and Λ contributes 5.1%.
no. Fp (mm) θ (○) α (○) h∗ Λ f
1 1.20 22 35 0.9 1.0 0.1244
2 1.20 22 25 0.5 1.5 0.1232
3 1.20 35 35 0.5 2.0 0.1456
4 1.71 28 25 0.9 2.0 0.1283
5 1.71 35 30 0.9 1.5 0.1447
6 1.71 35 25 0.7 1.0 0.1373
7 1.99 22 30 0.7 2.0 0.1038
8 1.99 28 35 0.7 1.5 0.1203
9 1.99 28 30 0.5 1.0 0.1153
Table 6.8: Friction factor for each simulation case at Vin = 1.26 m/s
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level Fp (mm) θ (○) α (○) h∗ Λ
friction factor 1 0.1310 0.1171 0.1301 0.1324 0.1257
2 0.1367 0.1213 0.1213 0.1204 0.1294
3 0.1131 0.1425 0.1296 0.1280 0.1259
R (max - min) 0.074 0.0236 0.0254 0.0088 0.0120 0.0037
Contribution ration (%) 100 32.1 34.5 12.0 16.3 5.1
Table 6.9: Factorial effect on and contribution ratio to the friction factor for each control
parameter at Vin = 1.26 m/s
Figure 6.17: Contribution ratio to the friction factor of each control parameter at Vin =
1.26 m/s
6.5.5 Area goodness factor
The area goodness factors were calculated for four inlet velocities (Vin = 0.63 m/s,
1.26 m/s, 2.69 m/s and 5.25 m/s). The calculations are similar to the method used
for the Colburn and friction analysis. Here the results are only shown graphically.
The corresponding tables are listed in appendix D.
Figure 6.18 presents the contribution ratio to the area goodness factor of each
control parameter. There is a clear difference between the lowest velocity (Vin =
0.63 m/s - Figure 6.18a) and the three higher velocities (Vin = 1.26 m/s, 2.69
m/s and 5.25 m/s - Figure 6.18b-d). For the three high velocities the louver
angle provides the main contribution to the area goodness factor (about 45 to
50%), followed by the fin pitch (around 30%). The influence of the delta winglet
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(a) Vin = 0.63 m/s (b) Vin = 1.26 m/s
(c) Vin = 2.69 m/s (d) Vin = 5.25 m/s
Figure 6.18: Contribution ratio to the area goodness factor of each control parameter at
different inlet velocities
geometry is much smaller: the winglet parameters contribute less than 13% to the
area goodness factor. For an inlet velocity of 0.63 m/s (Figure 6.18a) the main
contribution is provided by the fin pitch (36.7%). But for this low velocity also
the angle of attack and height ratio of the delta winglets are important design
parameters. Their contribution is of the same order as the contribution of the
louver angle (about 20%). The effect of the delta winglet aspect ratio is negligible.
The difference in contribution to the thermal hydraulic performance of the low
and high velocities is related to the difference in the flow field. At low air
velocities the flow passage between the louvers is blocked by the thick boundary
layers and thus the flow efficiency is low. The flow is more duct directed and
thus the longitudinal vortices generated by the delta winglets are not immediately
destroyed by the deflected flow when entering the downstream tube row. Also the
wake zones behind the tubes are large and stable. Hence the reduction of these
wake zones by the delta winglets has a large contribution to the thermal hydraulic
performance. At high velocities, however, the flow is more louver directed. The
longitudinal vortices do not propagate far downstream in the heat exchanger as
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they are destroyed by the deflected flow when entering the downstream tube row.
The wake zones are also less stable and thus the influence of the delta winglet
geometry is relatively smaller. At high velocities the louvers dominate the thermal
hydraulic performance, while at low velocities also the delta winglet geometry
plays an important role.
Cowell [42] stated that for a true comparison the area goodness factor should be
σ2j/f , thus taking the contraction ratio σ into account. As shown in Eq. (2.32),
j/f is inversely proportional to the square of the minimum cross sectional flow
area A2c . As σ is the ratio of Ac to Afront, the performance characteristic σ
2j/f
is inversely proportional to the square of the heat exchanger frontal area A2front.
Thus the higher σ2j/f , the smaller the required heat exchanger frontal area for a
fixed heat transfer and pressure drop. The contribution ratio of each of the control
parameters is presented in Figure 6.19. The results are similar as in Figure 6.18: at
high inlet velocities the performance is mainly determined by the louvers, while at
lower inlet velocities also the delta winglet geometry has a significant contribution.
(a) Vin = 0.63 m/s (b) Vin = 1.26 m/s
(c) Vin = 2.69 m/s (d) Vin = 5.25 m/s
Figure 6.19: Contribution ratio to the performance evaluation criterion σ2j/f of each
control parameter at different inlet velocities
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6.5.6 Modified volume goodness factor
The volume goodness factor allows a comparison in terms of the total heat transfer
surface or core volume. As the fin pitch varies, the hydraulic diameter of the
three geometries is not fixed. In contrast to the area goodness factor, the volume
goodness factor suggested by London and Ferguson [37] (Eqs. (2.33) and (2.34))
and also the performance parameters developed by LaHaye et al. [161] (Eqs. (6.17)
and (6.18)) are strongly dependent on the hydraulic diameter. Hence, a comparison
based on these volume goodness factors is not valid (see also section 2.5). To
overcome this problem, Soland et al. [39] modified the performance evaluation
method of LaHaye et al. [161]. The heat transfer performance parameter Jn and
the pumping power performance parameter Fn are given by Eqs. (6.19) and (6.20),
respectively. The contraction ratio σ is added as Soland et al. [39] based the
Reynolds number on the inlet velocity instead of the maximum velocity. Both
performance parameters are very similar to those of LaHaye et al. [161]. However,
the assumption of a fixed hydraulic diameter is eliminated.
Jn = σ j ⋅ReDh
D2h
(6.19)
Fn = σf ⋅Re3Dh
D4h
(6.20)
Usually Jn is plotted as function of Fn for volume goodness comparison [39].
In the current analysis, however, a single performance characteristic is needed to
determine the contribution of each control parameter. The ratio Jn/Fn could be
considered (Eq. (6.21)). But for a fixed inlet velocity and kinematic viscosity
Jn/Fn is proportional to the area goodness factor σ2j/f . The modified volume
goodness plot is thus similar to the area goodness plot of Figure 6.19. It is
not discussed further here. The volume goodness plot Jn vs. Fn is used in the
sensitivity analysis, which is described next.
Jn
Fn
= j ⋅D2h
f ⋅Re2Dh = σ2 jf ⋅ ν
2
V 2in
(6.21)
6.6 Sensitivity analysis
A sensitivity analysis is performed. A reference geometry is defined and one
geometrical parameter is changed at a time. Variations of the fin pitch Fp, louver
angle θ, delta winglet angle of attack α, delta winglet height ratio h∗ and delta
winglet aspect ratio Λ are considered. The different simulation cases are listed in
Table 6.10. The other geometrical parameters are fixed with values given in Table
6.5.
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case no. Fp (mm) θ (○) α (○) h∗ Λ parameter?
reference 1.71 28 35 0.9 2.0
1 1.20 28 35 0.9 2.0 Fp2 1.99 28 35 0.9 2.0
3 1.71 22 35 0.9 2.0
θ4 1.71 35 35 0.9 2.0
5 1.71 28 30 0.9 2.0
α6 1.71 28 25 0.9 2.0
7 1.71 28 35 0.5 2.0 h∗
8 1.71 28 35 0.9 1.5 Λ
Table 6.10: Simulation cases considered in the sensitivity analysis
6.6.1 Variation of the fin pitch Fp
The effect of the fin pitch on the Colburn j-factor and the friction factor is shown
in Figures 6.20a and 6.20b, respectively. The results for three different fin pitches
(Fp = 1.20 mm, 1.71 mm and 1.99 mm) are plotted as function of the inlet
velocity Vin. The Colburn j-factor and the friction factor decrease with the inlet
velocity. For the smallest fin pitch Fp = 1.20, the Colburn j-factor flattens off
for velocities below 1.2 m/s. This is because at low inlet velocities the heat
exchanger with the smallest fin pitch Fp = 1.20 mm is oversized. In other words,
the air reaches the tube wall temperature before the end of the heat exchanger.
Consequently, part of the heat exchanger does not contribute to the heat transfer,
but only causes pressure drop. For Vin > 1.2 m/s the highest Colburn j-factors
are found for the smallest fin pitch (Fp = 1.20 mm). However, the largest fin
pitch (Fp = 1.99 mm) does not correspond with the lowest Colburn j-factors. This
is because different enhancement effects interact. First, for large fin pitches, the
flow development length is long. On average, the boundary layers are thinner than
for small fin pitches and thus the overall Colburn j-factors are higher. Second,
consider the louver and delta winglet geometry. Zhang and Tafti [73] and DeJong
and Jacobi [74] showed that in louvered geometries the thermal performance is
enhanced through alignment of the flow with the louvers. From a thermal point of
view a smaller fin pitch is preferred as this results in a more louver directed flow.
The delta winglet geometry, on the other hand, enhances the thermal performance
because the generated longitudinal vortices reduce the size of the tube wakes, thin
the boundary layers and cause a better fluid mixing. In contrast to the louver
geometry, a too small fin pitch is not preferred because then the generation of
vortices is suppressed. The vortices do also not propagate far downstream as they
are destroyed by the deflected flow in the downstream tube row. This is illustrated
in Figure 6.21. Here the X vorticity is plotted in a plane parallel to the inlet
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(a) (b)
(c) (d)
Figure 6.20: Influence of the fin pitch Fp as function of the inlet velocity Vin: (a) the
Colburn j-factor, (b) the friction factor, (c) the area goodness factor and (d) the modified
volume goodness factor
halfway between the punched delta holes in the first tube row and the inlet louver
of the second tube row (thus plane (b) indicated by the green line in Figure 6.5).
Positive and negative values indicate rotation in opposite directions. For the small
fin pitch Fp = 1.20 mm the X vorticity is much lower than for the large fin pitch
Fp = 1.99 mm. The velocity vectors in the same plane are shown in Figure 6.22.
The small fin pitch clearly suppresses the vortex development. Thus for large fin
pitches the generated vortices have a stronger enhancement effect compared to
geometries with small fin pitches. This results in higher convective heat transfer
coefficients and thus higher Colburn j-factors. Next to the reduced impact of the
artificially created vortices by the delta winglets, the naturally occurring horseshoe
vortices are also suppressed for the smallest fin pitch. This was observed during
the visualization experiments in the water tunnel (see section 4.7). The absence
of horseshoe vortices also lowers the average Colburn j-factor. Thus the high
Colburn j-factors corresponding to the smallest fin pitch Fp = 1.20 mm in Figure
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Figure 6.21: X vorticity in a plane parallel to the inlet halfway between the punched delta
holes in the first tube row and the inlet louver of the second tube row (Vin = 1.26 m/s)
Figure 6.22: Velocity vectors in a plane parallel to the inlet halfway between the punched
delta holes in the first tube row and the inlet louver of the second tube row (Vin = 1.26 m/s)
6.20a (for Vin > 1.2 m/s) are caused by the enhancement effect of the louvers.
The effect of the delta winglets is negligible. When increasing the fin pitch,
the flow development length gets longer. On average, the boundary layers are
thinner and the overall Colburn j-factor increases. The enhancement effect of the
delta winglets also increases, while the enhancement effect caused by the louvers
reduces (the flow becomes more duct directed). As long as the effect of the louver
geometry is dominant over the effect of the delta winglet geometry and the flow
development, the Colburn j-factor decreases with increasing fin pitch at a fixed
inlet velocity. From a certain fin pitch onwards, the distance between the fins is
so large that the delta winglet effect outweighs the louver effect. When further
increasing the fin pitch, the Colburn j-factor starts to increase again. This explains
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why the Colburn j-factor in Figure 6.20a drops significantly when increasing the
fin pitch from 1.20 mm to 1.71 mm, but then increases again when the fin pitch is
further increased to Fp = 1.99 mm.
Figure 6.20b shows that for Vin < 2.8 m/s, the highest friction factors
correspond with the smallest fin pitch (Fp = 1.20 mm). In this case the fin density
is high and the flow is more louver directed (high flow efficiency). For Vin > 2.8
m/s, however, the highest friction correspond with the largest fin pitch (Fp = 1.99
mm). The generation of longitudinal vortices thus causes additional pressure drop.
For high velocities the vortices are stronger and then the friction factors become
higher than when no vortices are present (i.e. case 1 where the vortex development
is suppressed). Section 6.4.4 explained that the form drag associated with the
tube surface is reduced when vortices are generated because the separation point
on the tube wall moves downstream. Figure 6.20b illustrates that this reduction
in form drag is smaller than the increase in frictional pressure drop and flow
blockage caused by the delta winglet geometry: the net pressure drop increases
when longitudinal vortices are generated.
The area goodness factor j/f is plotted in Figure 6.20c. Case 1 (Fp = 1.20 mm)
should not be used at low velocities. The area goodness factor shows a very strong
drop-off because the heat exchanger is oversized. In the low velocity range, the
reference case (Fp = 1.71 mm) requires the smallest frontal area: the Colburn
j-factor is smaller than for case 2 (Fp = 1.99 mm), but also the friction factor is
significantly smaller. At higher velocities case 1 (Fp = 1.20 mm) is preferred.
As the hydraulic diameter is not fixed, the modified volume goodness factor
suggested by Soland et al. [39] is used to make a comparison in terms of the
total heat transfer surface or core volume (Eqs. (6.19) and (6.20)). Jn is plotted
as function of Fn in Figure 6.20d. The difference between the two highest fin
pitches is small. Case 1 (Fp = 1.20 mm) clearly shows a better volume goodness
performance. Thus with a high fin density (i.e. small fin pitch) the heat exchanger
can be made more compact.
In Figure 6.20 the Colburn j-factors, friction factors and area goodness factors
are plotted as function of the inlet velocity Vin. More commonly, these factors are
plotted as function of the Reynolds number ReDh (based on the hydraulic diameter
Dh and the velocity in the minimum cross sectional flow area Vc). The hydraulic
diameter Dh (Eq. (6.16)), however, is dependent on the fin pitch Fp. An increase
in Reynolds number ReDh can thus correspond with an increase in velocity, an
increase in hydraulic diameter (and thus fin pitch) or a change of both. Because
here the influence of the fin pitch was studied, it was preferred to present plots
as function of the inlet velocity. The performance can easily be evaluated from
these plots at a fixed velocity. For completeness, Figure 6.23 shows the Colburn
j-factor, friction factor and area goodness factor as function of the Reynolds
number ReDh. At a fixed velocity, the Reynolds numbers of the reference case
THERMAL HYDRAULICS OF COMPOUND DESIGNS 153
(a) (b)
(c)
Figure 6.23: Influence of the fin pitch Fp as function of the Reynolds number ReDh: (a) the
Colburn j-factor, (b) the friction factor and (c) the area goodness factor
and case 1 are smaller compared to case 2 due to the smaller hydraulic diameter.
Consequently, the Colburn j-curves are shifted towards smaller Reynolds numbers.
In the next sections all performance evaluation criteria are plotted as function of the
Reynolds number ReDh, because for all the cases studied the hydraulic diameter
is fixed (the hydraulic diameter is independent of the geometrical parameter under
consideration).
6.6.2 Variation of the louver angle θ
The effect of the louver angle on the Colburn j-factor and friction factor is plotted
in Figures 6.24a and 6.24b, respectively. The three louver angles considered are
θ = 22○, 28○ and 35○. The highest Colburn j-factors are obtained for the largest
louver angle (and thus high flow efficiency). When the louver angle is reduced
from 35○ to 28○, the flow efficiency decreases. The flow is less aligned with the
louvers and thus the Colburn j-factor and friction factor decrease. As is explained
in section 5.5, less flow deflection also results in weaker horseshoe vortices in the
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Figure 6.24: Influence of the louver angle θ on (a) the Colburn j-factor, (b) the friction
factor, (c) the area goodness factor and (d) the modified volume goodness factor
downstream tube rows. This also causes a lower Colburn j-factor and friction
factor. When further reducing the louver angle from 28○ to 22○, the Colburn
j-factor again increases. This is due to the presence of the delta winglets. For
small louver angles the flow is strongly duct directed. In this case the Y velocity
component of the flow is small and the pressure difference across the delta winglet
is larger than when the flow is strongly deflected (important Y velocity component
due to the large louver angle). Hence, for small louver angles the generated
longitudinal vortices are stronger than for large louver angles. Besides, for a more
duct directed flow the generated vortices also last further downstream as they are
less destroyed by the deflected flow in the downstream tube row. As is shown
in Figure 6.24b, the increase in pressure drop associated with this heat transfer
enhancement is very small. As a result, the area goodness factor for θ = 22○ is
high and thus the required frontal area is small. This is shown in Figure 6.24c.
In Figure 6.24d the volume goodness comparison is presented. As the hydraulic
diameters of the three geometries are identical, the performance evaluation method
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Figure 6.25: Influence of the delta winglet angle of attack α on (a) the Colburn j-factor, (b)
the friction factor, (c) the area goodness factor and (d) the modified volume goodness
factor
of LaHaye et al. [161] is used (Eqs. (6.17) and (6.18)). The smallest core volume
corresponds with the largest louver angle (θ = 35○) where the enhancement is
dominated by the louvers. The performance for θ = 22○ is only slightly smaller.
6.6.3 Variation of the delta winglet angle of attack α
The effect of the delta winglet angle of attack on the Colburn j-factor and friction
factor is plotted in Figures 6.25a and 6.25b, respectively. The three angles of
attack considered are α = 25○, 30○ and 35○. In plain fin heat exchangers with
vortex generators, a larger angle of attack results in higher convective heat transfer
coefficients because the vortices are stronger and thus the boundary layer is thinned
more effectively and there is a better flow mixing [164]. In a compound design,
however, the effect of the angle of attack on the thermal performance is different.
Figure 6.25a indicates that the highest Colburn j-factors occur for α = 30○. A
smaller angle of attack (α = 25○) results in lower Colburn j-factors because the
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Figure 6.26: Spanwise variation of the vorticity magnitude halfway the fin passage at a
distance of 3/4⋅Fp downstream of a tube in the second tube row
(Vin = 2.69 m/s, ReDh = 616)
generated vortices are weaker. However, for a higher angle of attack (α = 35○), the
Colburn j-factors are also lower compared to those for α = 30○. Figure 6.26 shows
the vorticity magnitude halfway the fin passage at a distance of 3/4⋅Fp downstream
of the tube in the second tube row as function of the spanwise length coordinate z
(Vin = 2.69 m/s, ReDh = 616). z = 0 corresponds to the center of the tube wake
and z ≈ 2.0 mm corresponds to the delta winglet position. In the tube wake (z ≈ 0
- 1.0 mm) the vorticity magnitude is low. For higher z the vorticity increases due
to the generated vortices. An increase of the angle of attack α results in higher
vorticity peaks and thus stronger vortices. But for larger α the vorticity peaks also
shift away from the tube wake center. As the vortices are located further away
from the tube wake center, their effect on the wake zone is smaller. This explains
why for α = 35○ the Colburn j-factors are smaller than for α = 30○, even though
the generated vortices are stonger.
It was expected that the pressure drop penalty is minimal for the smallest angle
of attack as this results in the smallest flow blockage. However, Figure 6.25b
shows that this is not the case. The smallest friction factors correspond with
an angle of attack α = 35○. This again illustrates that the delta winglet vortex
generators not only cause an increase in frictional pressure drop. They also reduce
the form drag. The optimal values of the delta winglet geometry correspond with
the lowest overall pressure drop, including frictional pressure drop and form drag.
The area goodness factor and volume goodness factor are plotted in Figure
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6.25c and 6.25d, respectively. The smallest frontal area is required for α = 35○.
The difference between α = 25○ and α = 30○ is small. The smallest heat exchanger
volume is required for α = 30○. Notice that the influence of a variation of the angle
of attack reduces with increasing Reynolds number. This is consistent with the
earlier finding that the delta winglets mainly contribute to the performance at low
velocities (see section 6.5).
6.6.4 Variation of the delta winglet height ratio h∗
Two delta winglet height ratios are considered: h∗ = 0.5 and h∗ = 0.9. The results
are plotted in Figure 6.27. The effect of the height ratio is very small, especially at
high Reynolds numbers. This again illustrates that at high Reynolds numbers the
thermohydraulics of the compound design are not dominated by the delta winglets.
From a thermal point of view the height ratio h∗ = 0.5 seems preferential. Higher
Colburn j-factors are penalized by increased friction factors. The reference case
(h∗ = 0.9) requires the smallest frontal area (highest area goodness factor). This
is mainly due to the smaller friction factor. The difference in volume goodness is
very small.
6.6.5 Variation of the delta winglet aspect ratio Λ
The effect of the delta winglet aspect ratio is plotted in Figure 6.28. Two aspect
ratios are considered: Λ = 1.5 and Λ = 2.0. The smallest aspect ratio results
in the highest Colburn j-factor. Similar to the effect of the angle of attack α
(see section 6.6.3), a too large aspect ratio results in vortices too far from the
tube wake. Consequently, their enhancement effect on the wake zone is smaller.
High Colburn j-factors are penalized by high friction factors. Taking the Colburn
j-characteristic as well as the friction characteristic into account, the reference case
(Λ = 2.0) requires the smallest frontal area, while case 8 (Λ = 1.5) can be made
smaller in volume. Similar to the delta winglet angle of attack and height ratio, the
influence of a variation of the aspect ratio on the thermohydraulics decreases with
the Reynolds number.
As explained, the aspect ratio of the delta winglets may not be too large. On
the other hand, the aspect ratio may also not be too small because then the delta
winglets are completely located in the wake zone and their enhancement effect is
also smaller. However, for small aspect ratios the spanwise location of the delta
winglet can be changed. This is discussed next.
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Figure 6.27: Influence of the delta winglet height ratio h∗ on (a) the Colburn j-factor, (b)
the friction factor, (c) the area goodness factor and (d) the modified volume goodness
factor
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Figure 6.28: Influence of the delta winglet aspect ratio Λ on (a) the Colburn j-factor, (b)
the friction factor, (c) the area goodness factor and (d) the modified volume goodness
factor
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6.6.6 Variation of the delta winglet position
In all previous simulations the delta winglets were placed in a common flow down
orientation at a distance of ∆x = 0.5Do and ∆z = ±0.3Do from the tube center
(see Figure 6.1b). For plain fin heat exchangers with delta winglets, Pesteei et
al. [111] found the best heat transfer to pressure drop performance for ∆x = 0.5Do
and ∆z = ±0.5Do. In compound designs ∆z has to be smaller than 0.5Do due to
the presence of the louvers. For an angle of attack α = 35○ and an aspect ratio Λ =
2, the maximum ∆z possible is 0.3Do. However, ∆z can be larger if the angle of
attack or aspect ratio are smaller.
parameter symbol value
Outer tube diameter Do (mm) 6.75
Fin thickness tf (mm) 0.12
Louver pitch Lp (mm) 1.50
Louver angle θ (○) 22
Fin pitch Fp (mm) 1.99
Transversal tube pitch Pt (mm) 17.6
Longitudinal tube pitch Pl (mm) 13.6
Streamwise delta winglet position ∆x (mm) 0.5Do
Spanwise delta winglet position ∆z (mm) 0.3Do, 0.4Do
Angle of attack α (○) 30
Delta winglet height ratio h∗ 0.7
Delta winglet aspect ratio Λ 1
Table 6.11: Geometry used to study the influence of the spanwise position of the delta
winglets
Two simulations were performed for the geometry listed in Table 6.11. In this
case α = 30○ and Λ = 1. The spanwise positions of the delta winglets are ∆z
= ±0.3Do and ∆z = ±0.4Do. The streamwise position is fixed at ∆x = 0.5Do.
The results are plotted in Figure 6.29. An increase in ∆z results in an improved
thermal performance, mainly at higher Reynolds numbers. Also the friction
factor increases. Figure 6.30a shows that for ∆z = ±0.3Do all delta winglets are
completely located in the wake zone. Then no longitudinal vortices are generated
and thus the delta winglets do not cause any heat transfer enhancement. If the
spanwise position of the delta winglets is increased to ∆z = ±0.4Do, the delta
winglets of the first and second tube row are no longer located in the tube wakes
(see Figure 6.30b). The generated vortices reduce the wake zones and thus the
local heat transfer is increased. In the third tube row, however, the delta winglets
are still located in the tube wake. There the tube wake is wider than in the
first two tube rows due to the absence of the effect of the staggered tube layout.
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Figure 6.29: Influence of the delta winglet position ∆z on (a) the Colburn j-factor, (b) the
friction factor, (c) the area goodness factor and (d) the modified volume goodness factor
Thus the delta winglets in the last tube row do not contribute to the heat transfer
enhancement. This was also found in section 6.4.2. Considering the area goodness
factor (Figure 6.29c), ∆z = ±0.4Do is preferred. For a given pumping power per
unit volume, the heat transfer per unit volume is larger for ∆z = ±0.4Do (Figure
6.29d). Thus a smaller heat exchanger can be used. In general a larger ∆z is better
from a thermal hydraulic point of view. For the studied geometry, however, the
gain is very small.
6.7 Comparison with other enhanced fin designs
The performance of the compound design developed in this work is compared to
the performance of slit fin and louvered fin designs. These are the most widely
used interrupted fin surfaces. Also plain fins are considered for comparison. Their
Colburn and friction characteristics are determined with correlations found in
literature (louvered fins [31], slit fins [167] and plain fins [168]). These three
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Figure 6.30: Velocity contours in a plane 0.15⋅s above the fin surface (Vin = 1.26 m/s)
literature correlations are developed by the same research group and the data
reduction method is identical to the method described in section 6.2.
The compound design which is considered for comparison is listed in Table
6.2. For this geometry, the heat transfer and pressure drop of heat exchangers
in which the individual enhancement techniques are applied separately (thus only
delta winglets or only louvers) are also simulated. The resulting louvered fin heat
exchanger differs from the louvered fin heat exchangers covered by the literature
correlation [31] as the latter have X shaped louvers surrounding the tubes (in
contrast to the rectangular louver design used in the simulations). This difference
is illustrated in Figure 5.18. The X shapes have more louvered fin surface per
unit heat transfer surface area and they cause a better mixing in the tube wakes.
However, they prevent the formation of horseshoe vortices and they also cause
a higher pressure drop. The literature correlations can only be used within the
geometry ranges of the experimental data they are based on. Outside these ranges
no reliable predictions can be made. Hence, the geometries used to evaluate the
literature correlations were chosen within their applicability ranges. To make a fair
comparison two different cases are studied:
• heat exchangers with the same fin pitch Fp
• heat exchangers with the same heat transfer surface Ao
The performance is evaluated based on the Colburn j-factor, the friction factor and
the modified volume goodness factor.
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6.7.1 Heat exchangers with the same fin pitch Fp
As explained in section 6.6.1, the fin density (i.e. the number of fins per unit length
or thus 1/Fp) affects the pressure drop, the suppression of the vortex development,
the flow development length and - in the case of louvered fins - the flow deflection.
Consequently, an identical fin pitch means that all these effects are the same for
the studied heat exchangers.
The dimensions of the heat exchangers for the comparison study are listed
in Table 6.12. The fin pitch equals 1.71 mm, identical to the fin pitch of the
simulated geometry of Table 6.2. For all three geometries this value is within
the applicability range of the corresponding correlations. The values of the other
geometrical parameters are the dimensions of existing heat exchangers with a tube
diameter as close as possible to the simulated Do = 6.75 mm. They are selected
from the database which was used to fit the correlations. These databases are
published in the respective papers [31, 167, 168]. The louvered fin heat exchanger
of the database of Wang et al. [31] has the same number of louvers per louver array
as the simulated compound heat exchanger and louvered only heat exchanger: an
inlet louver, an exit louver and two louvers on either side of the turnaround louver.
parameter symbol louvers [31] slits [167] plain [168]
Outer tube diameter Do (mm) 6.7 7.3 6.7
Transversal tube pitch Pt (mm) 17.6 20 17.6
Longitudinal tube pitch Pl (mm) 13.6 17.32 13.6
Fin pitch Fp (mm) 1.71 1.71 1.71
Fin thickness tf (mm) 0.115 0.11 0.115
Number of tube rows N 2 3 2
slit height Sh (mm) 1.6
slit breadth Ss (mm) 1
number of slits Sn 7
louver height Lh (mm) 1.4
louver angle θ (○) 39
Table 6.12: Heat exchanger dimensions used in the comparison study: the fin pitch Fp is
fixed and the other dimensions are selected from the respective databases [31, 167, 168]
The results are plotted in Figure 6.31. The symbols represent simulated data
of the compound heat exchanger, the heat exchanger with only louvers and the
heat exchanger with only delta winglets. The Colburn j-factors of the compound
design are higher than when the individual enhancement techniques are applied
separately (up to 16% higher compared to the louvered fin heat exchanger and up
to 87% higher compared to the delta winglet heat exchanger). Also the associated
friction factors are higher (up to 37% higher compared to the louvered fin heat
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Figure 6.31: Comparison of the simulation data with louvered fins [31], slit fins [167] and
plain fins [168] (fixed Fp): (a) Colburn j-factor, (b) friction factor and (c) modified volume
goodness factor
exchanger and up to 156% higher compared to the delta winglet heat exchanger).
If heat transfer as well as pressure drop are considered in terms of the volume
goodness factor, then the compound design outperforms the simulated louvered
fin heat exchanger and delta winglet heat exchanger. For a fixed pumping power
per unit volume, the heat transfer per unit volume of the compound design is up
to 14% higher compared to the louvered fin heat exchanger and up to 72% higher
compared to the delta winglet heat exchanger. For the same thermal hydraulic
performance, the compound heat exchanger can thus be made smaller in size. As
a result, the material cost is lower and also the operational cost (pumping power)
is (often) reduced.
The full lines in Figure 6.31 correspond to the literature correlations of the
louvered fin heat exchanger, the slit fin heat exchanger and the plain fin heat
exchanger of Table 6.12. The louvered fin and slit fin correlations consist of two
parts depending on the Reynolds number. This explains the discontinuity in the
curves. The plain fin heat exchanger shows the lowest Colburn j-factor, friction
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factor and volume goodness. This heat exchanger is only used if a low pressure
drop is demanded and volume is not an issue. If a high compactness is needed,
interrupted fin surfaces are used. The thermal performance of the compound
design is better than the thermal performance of the louvered fin and slit fin heat
exchanger. The difference between the compound design and the louvered fin heat
exchanger is mainly significant at low Reynolds numbers. At higher Reynolds
numbers the gain is small. As explained before, at low Reynolds numbers the delta
winglets highly contribute to the improved Colburn j-factors. The discontinuity in
the louvered fin Colburn correlation appears for ReDc = 1000 (Reynolds number
based on the collar diameter Dc and the velocity in the minimum cross section flow
area Vc). This corresponds for the given geometry with an inlet velocity of about
1.5 m/s. Thus for low Reynolds applications, such as HVAC&R and compressed
air cooling, the combination of louvered fins and delta winglets clearly shows
potential. For domestic air conditioning devices, for instance, the inlet velocity
is typically 1.3 m/s [48]. When using a compound design instead of a louvered
fin heat exchanger the heat exchanger can be smaller in volume for the same heat
duty. The associated pumping power is then also lower. Alternatively, for the same
heat exchanger volume, the compound design can work at lower velocities. This
is interesting for air conditioning applications with a unit installed in the room,
because then low velocities are preferred: a high velocity air jet blown into the
room feels uncomfortable for the room occupants and lower velocities also cause
less noise. For heat exchangers used in compressed air coolers, compactness and
pumping power are also important. Low velocities are preferred due to noise
restrictions, but also because the pressure loss of the compressed air should be
limited.
It is also interesting to compare the louvered fin correlations of Wang et al. [31]
to the simulated performance of the louvered only heat exchanger. The correlations
of Wang et al. [31] are fitted to experimental data of heat exchangers with an X
shape louver layout, while the simulations are performed for a heat exchanger with
a rectangular louver layout. The number of louvers per louver bank is for both heat
exchangers the same: an inlet louver, an exit louver and two louvers on either side
of the turnaround louver. Figure 6.31a illustrates that for Reynolds numbers ReDh> 300 the simulated louvered only Colburn j-characteristic shows the same trend as
the louvered fin correlation. The correlation is slightly higher than the simulation.
This is explained by the larger louver angle (θ = 39○ vs. 35○) and the X shape
louver layout (more louvered fin surface per unit heat transfer surface area and
a better mixing of the tube wakes). Both outweigh the absence of the horseshoe
vortices compared to the rectangular louver layout. At ReDh = 300 the louvered
fin correlation shows a discontinuity. In the actual heat transfer characteristic
this discontinuity is not present, but the transition between both correlation parts
around ReDh = 300 is continuous. At small Reynolds numbers the rectangular
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louver layout has higher Colburn j-factors because the flow is more duct directed
and thus the benefits of the louver alignment associated with the X shape louver
layout vanish. Figure 6.31b shows that the friction factors of the louvered fin
correlation are smaller than the friction factors of the simulated louver only heat
exchanger. This is due to the longer flow depth in the simulated geometry (same
longitudinal tube pitch, but 3 tube rows for the simulated heat exchanger compared
to 2 tube rows for the correlation).
6.7.2 Heat exchangers with the same heat transfer surface Ao
A same heat transfer surface means that the material cost of the heat exchangers
is the same. The dimensions of the heat exchangers are listed in Table 6.13. The
number of tube rows and the longitudinal tube pitch are chosen the same as for the
compound design (N = 3 and Pl = 13.6 mm). The transversal tube pitch Pt of the
louvered, slit and plain fin heat exchangers is then changed until the heat transfer
surface Ao is identical to the heat transfer surface of the compound design. The
values are within the applicability range of the corresponding correlations. The
values of the other geometrical parameters are the dimensions of a heat exchanger
with a tube diameter as close as possible to the simulated Do = 6.75 mm. These
are selected from the database which was used to fit the correlations [31,167,168].
Also here the louvered fin heat exchanger selected from the database of Wang et
al. [31] consists of louver arrays with an inlet louver, an exit louver and two louvers
on either side of the turnaround louver, which is similar to the louver arrays of the
simulated compound heat exchanger and louvered only heat exchanger.
parameter symbol louvers [31] slits [167] plain [168]
Outer tube diameter Do (mm) 6.7 7.3 6.7
Transversal tube pitch Pt (mm) 17.5 18.2 17.5
Longitudinal tube pitch Pl (mm) 13.6 13.6 13.6
Fin pitch Fp (mm) 1.98 1.6 1.98
Fin thickness tf (mm) 0.115 0.11 0.115
Number of tube rows N 3 3 3
slit height Sh (mm) 1.6
slit breadth Ss (mm) 1
number of slits Sn 7
louver height Lh (mm) 1.4
louver angle θ (○) 39
Table 6.13: Heat exchanger dimensions used in the comparison study: the heat transfer
surface Ao is fixed (by changing Pt and N = 3, Pl = 13.6 mm) and the other dimensions
are selected from the respective databases [31, 167, 168]
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Figure 6.32: Comparison of the simulation data with louvered fins [31], slit fins [167] and
plain fins [168] (fixed Ao): (a) Colburn j-factor, (b) friction factor and (c) modified volume
goodness factor
The results are plotted in Figure 6.32. From a thermal point of view, the
compound design again clearly shows advantage at low Reynolds numbers: the
Colburn j-factors are higher. The associated friction factors are also higher. The
volume goodness plot indicates that for the same pumping power and heat transfer
surface, the compound design yields a higher heat transfer performance. Thus for
the same material cost and pumping power cost, the compound design has a better
cooling or heating capacity.
6.8 Closure
In this chapter delta winglets in a common flow down orientation were added to
the louvered fin surface. These delta winglets enhance the thermal performance,
especially at low Reynolds numbers. The flow physics responsible for this
enhancement were discussed. The delta winglets improve the mixing between
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the tube wakes and the main flow, they locally thin the boundary layers and they
delay the flow separation of the tube surface. The latter results in a reduction of
the tube wake size and a reduction of the associated form drag. The increased heat
transfer is penalized by an increase in pressure drop.
The influence of the most important geometrical parameters is examined
through a screening and sensitivity analysis. A well-considered geometry and
location of the delta winglets is essential for an improved thermal hydraulic
performance. Care should be taken that the delta winglets are not completely
located in the tube wakes. Different parameters have an effect here: the fin pitch
(as this parameter affects the wake width), the delta winglet base, the spanwise
winglet position ∆z and the delta winglet angle of attack α. But also other
parameters, which were not studied in this doctoral work, might have an influence:
the tube pitches (these also affect the wake dimensions, especially in a staggered
tube layout), tube arrangement, number of louvers per tube row, etc. A more
detailed optimization is necessary which takes more geometrical parameters into
account and also the interactions between the different parameters.
Delta winglets in a common flow down orientation behind the tubes in the
last tube row do not contribute to the heat transfer enhancement. The generated
longitudinal vortices immediately leave the heat exchanger and thus do not have
any enhancement effect. The wake zones in the last tube row are also wider than
in the other tube rows. If the delta winglets are badly located or too small, even no
vortices are created because the delta winglets are completely located in the tube
wakes.
The compound design has a higher thermal hydraulic performance than when
the individual enhancement techniques are applied separately. Comparing the
developed compound design with existing enhanced fin heat exchangers, clearly
shows its potential. Especially for low Reynolds applications, the compound
design can be made smaller in size and thus more economical in cost.
7
Validation experiment
In chapter 6 the thermal and hydraulic performance of louvered fin heat exchangers
with delta winglet vortex generators were studied. A numerical CFD approach
was used. The quality of the grid was carefully assessed during the meshing.
The applied boundary conditions and solution algorithms were carefully selected.
Even though CFD is a powerful tool to simulate the flow, heat transfer and
pressure drop of a heat exchanger, Shah et al. [159] pointed out the need for
experimental validation of the numerical results. That is why a scaled-up model of
a compound heat exchanger was built and tested. The heat transfer and pressure
drop characteristics were determined and compared to the numerical simulations.
7.1 Experimental equipment
The test rig consists of an open air wind tunnel and a closed water cycle.
Measurements are performed on the air side and the water side of the heat
exchanger.
The wind tunnel is shown in Figure 7.1. It is the same wind tunnel as used by
T’Joen et al. [25] to study the heat transfer and pressure drop of inclined louvered
fins. Only the straight settling channel upstream of the test section to obtain a
developed flow was removed because a uniform inlet velocity profile was desired
as this was the inlet condition in the CFD simulations. A centrifugal fan (1) sucks
air through a calibrated orifice (2). The orifice was designed according to the
standards ISO 5167-1:1991 [169] and VDI/VDE 2041 [170]. To determine the air
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(a) Fan, diffuser, settling chamber and contraction
(b) Insulated test section and sensors
Figure 7.1: Open air wind tunnel used during the experiments
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mass flow rate the pressure drop over the orifice was measured using a differential
pressure transducer. The detailed geometry of the orifice is presented in appendix
E. The fan engine is driven by a frequency controller which allows setting an air
mass flow rate between 0.035 and 0.12 kg/s. This corresponds to a velocity range
from 0.4 to 1.3 m/s at the inlet of the test section. The air flows through a diffuser
(3), a settling chamber (4) (with honeycomb) and a sinusoidal contraction section
(5) before entering the test section (6). The area contraction ratio was 15:1, which
is larger than the recommended 6-9 by Mehta and Bradshaw [134]. The sinusoidal
contraction was designed and numerically optimized by Leo´n Patin˜o [135]. The
contraction together with the honeycomb ensures a uniform velocity profile at the
inlet of the test section. This was verified through hotwire measurements. In
Figure 7.2 two contour plots of the X component of the velocity (i.e. in the main
flow direction) at the inlet of the test section are plotted. The corresponding mass
flow rates are 0.035 kg/s and 0.12 kg/s. The velocity profile is very flat across
the test section. Outside the boundary layer the maximum variation is about 0.05
m/s. The velocity components in the Y and Z direction are about 10 times smaller
than the velocity component in the X direction. This justifies the use of a uniform
inlet velocity during the simulations. The turbulent intensity at the inlet of the
test section, which is defined as the ratio of the root-mean-square of the turbulent
velocity fluctuations to the mean velocity, varied between 1.3% (for m˙ = 0.035
kg/s) and 2.7% (for m˙ = 0.12 kg/s).
Figure 7.2: Contour plot of the X velocity component (i.e. in the main flow direction) at the
inlet of the test section: (a) m˙ = 0.035 kg/s and (b) m˙ = 0.12 kg/s
A louvered fin heat exchanger with delta winglets in common flow down
orientation behind each tube is placed in the test section (6). The heat exchanger is
scaled-up with a factor 4.15:1. Upscaling was necessary to be able to use the
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same wind tunnel as T’Joen et al. [25]. Besides, the unscaled dimensions of
the compound heat exchanger are too small for in-house assembly of the tubes
and fins (see further). The inlet velocities in the test section (0.4 m/s - 1.3 m/s)
correspond to inlet velocities ranging from 1.6 m/s to 5.4 m/s for the unscaled
heat exchanger. The geometry of the tested heat exchanger is listed in Table 7.1.
The heat exchanger consists of 24 fins and the heigth equals five transversal tube
pitches Pt. The number of fins is more than the minimum number of fins required
to avoid wall effects [137]. The number of transversal tube pitches is more than the
three transversal tube pitches of the heat exchanger models used in the water tunnel
(see section 4.1.2). There it was explained that the wall effects are negligible. Here
five transversal tube pitches were selected because then the frontal area of the heat
exchanger was the same as the cross section of the test section of the wind tunnel
used by T’Joen et al. [25]. The aluminum fins were made with a die forming
technique. Fins and tubes were assembled together in a similar way as the water
tunnel models (see Figure 4.2). Aluminum rings (outer diameter 28 mm, i.e. Do)
with a height equal to the fin spacing were slid over the aluminum tubes (outer
diameter 25 mm, inner diameter 22 mm) ensuring the correct distance between the
fins. A bullet (diameter 22.2 mm) was pushed through each tube with a hydraulic
press. This expansion of the tubes resulted in a good thermal contact between
the tubes, rings and fins. An aluminum fin and the assembled heat exchanger are
shown in Figure 7.3.
parameter symbol unscaled scaled
Outer tube diameter Do (mm) 6.75 28.10
Fin thickness tf (mm) 0.12 0.50
Louver pitch Lp (mm) 1.50 6.20
Louver angle θ (○) 28 28
Fin pitch Fp (mm) 1.97 8.20
Transversal tube pitch Pt (mm) 17.52 72.98
Longitudinal tube pitch Pl (mm) 13.54 56.40
Streamwise delta winglet position ∆x (mm) 0.52 ⋅Do
Spanwise delta winglet position ∆z (mm) 0.28 ⋅Do
Angle of attack α (○) 35
Delta winglet height h (mm) 0.83 ⋅ s
Delta winglet base b (mm) 1.53 ⋅ h
Table 7.1: Geometrical details of the unscaled and scaled compound heat exchanger used
in the validation experiment
Figure 7.4 shows the heat exchanger mounted in the test section. Hot water
was sent through the tubes. The water flows through the heat exchanger in three
passes (one pass per tube row). The heating system is shown in Figure 7.5. The
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main components of the closed water cycle are the electric flow heater (7) with a
power limit of 9 kW, a circulation pump (8), a three-way valve (9) and a calibrated
Coriolis flow meter (10). The three-way valve is driven by a servomotor and used
to set a water flow rate: part of the water flows to the heat exchanger and the
rest is immediately recirculated to the heater inlet. Due to the large recirculation
rate, the cooled water coming from the heat exchanger does not cause a large
disturbance at the inlet of the heater. This allows an easy control and a fast
temperature response. The water temperature, pressures, mass flow rate and power
input are controlled via LabVIEW©. The hot water cycle and control strategy was
previously validated extensively by De Schampheleire [155]. The test section, the
tubes and the distributors bringing the hot water to the heat exchanger are well
insulated to avoid heat losses to the environment during the measurements. This is
clear from Figure 7.1b.
(a)
(b)
Figure 7.3: (a) Aluminum fin made with a die forming technique (b) Louvered fin heat
exchanger with delta winglets used in the validation experiment
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Figure 7.4: Heat exchanger mounted in the test section of the wind tunnel
Figure 7.5: Water heating system used during the experiments
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7.2 Experimental procedure
All temperatures were measured using calibrated K type thermocouples and read
into LabVIEW© with a National Instrument© Data Acquisition System ((11)
in Figure 7.1b). Because of uniform inlet conditions, only one thermocouples
was inserted in the test section upstream of the heat exchanger to measure the
incoming air temperature. Downstream of the heat exchanger the temperature
profile over the cross section was no longer uniform. Exit air temperatures were
simultaneously measured at 13 different locations spread over the cross section
one meter downstream of the heat exchanger. The average of these 13 values was
used as the overall average air exit temperature. A similar technique was used
by T’Joen et al. [171, 172] and Huisseune et al. [173]. The water inlet and exit
temperatures were measured with two thermocouples placed in the center of the
inlet and outlet of the respective distributors. The pressure drop across the heat
exchanger and the pressure drop across the orifice were measured with differential
pressure transducers and also immediately read into LabVIEW©. A summary of
the measurement equipment and their uncertainty can be found in Table 7.2.
Measurement equipment Accuracy
Differential pressure transducer heat exchanger ±0.2 Pa
Differential pressure transducer orifice ±0.5 Pa
Coriolis water mass flow meter ±2%
K type thermocouple ±0.1○C
Table 7.2: Measurement equipment and their accuracy
The measurements were performed under steady state conditions for different
Reynolds numbers. The steady state regime was verified by monitoring the water
temperature variation at the inlet and outlet of the heat exchanger. Once steady
state was reached, each thermocouple took a series of 500 samples over a period
of 1500 seconds. The averaged values over the measurement period were used
in the calculations. The uncertainty on the averaged values is twice the standard
error of the 500 measurements [139]. As this uncertainty is much smaller than the
measurement uncertainty of the thermocouple (±0.1○C), an uncertainty of ±0.1○C
was used on the temperature measurements. The signal of the water flow meter,
the pressure drop over the orifice and the pressure drop over the heat exchanger
were also logged 500 times and averaged. The test conditions are listed in Table
7.3.
To check if the forced convection was dominant over the natural convection
the Richardson number was calculated using Eq. (2.30). The hydraulic diameter
Dh of the heat exchanger was used as characteristic length and the maximum
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Quantity Range
Air mass flow rate 0.035 kg/s - 0.12 kg/s
Water mass flow rate 0.2 kg/s
Air inlet temperature 21○C
Water inlet temperature 67○C
Water pressure 0.8 bar
Table 7.3: Test conditions during the measurements
velocity Vc in the heat exchanger was used as characteristic velocity. The density
variation is driven by a change in temperature: ∆ρ ≈ ρ β ∆T , with β the thermal
expansion coefficient. For the temperature difference ∆T the maximum possible
temperature difference in the heat exchanger was chosen, i.e. Tw,in - Tair,in. This
temperature difference is larger than the actual driving temperature difference for
natural convection. Thus if this Richardson number is small (i.e. smaller than 0.1),
it surely indicates that no natural convection occurs throughout the heat exchanger.
For all measurements the Richardson number Ri < 0.04.
7.3 Data reduction
The air and water mass flow rates and temperature measurements are used to
determine the overall heat balance on the water and air side of the heat exchanger,
according to Eqs. (7.1) and (7.2). Tair,in is the time averaged air temperature
at the inlet of the heat exchanger (1 thermocouple), whereas Tair,out is the
time and space averaged air temperature at the outlet of the heat exchanger (13
thermocouples). The specific heat capacities c¯p are determined at the averaged
temperature between inlet and outlet and the corresponding pressure. The mean
heat transfer rate Qm is calculated as suggested by Park et al. [174], taking the
uncertainties on Qair and Qw into account (Eqs. (7.3)-(7.5)). The difference
between the heat transfer rates at the air and water side is for all measurements
smaller than 5%.
Qair = m˙air ⋅ c¯p,air ⋅ (Tair,out − Tair,in) (7.1)
Qw = m˙w ⋅ c¯p,w ⋅ (Tw,in − Tw,out) (7.2)
φair = δQ2w
δQ2air + δQ2w (7.3)
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φw = δQ2air
δQ2air + δQ2w (7.4)
Qm = φairQair + φwQw (7.5)
The mean heat transfer rate Qm is used to determine the overall heat transfer
coefficient U using the -NTU method. In contrast to the data reduction method
used in the numerical analysis of chapter 6, here the -NTU method is preferred
over the LMTD method because the LMTD method requires the graphical
determination of the correction factor F. During the simulations the correction
factor F is equal to 1 due to the fixed temperature applied to the tube walls, see
section 6.2. This is not the case during the experiments. The effectiveness  is
determined using Eq. (7.6), where Cmin is the minimum of the water and air heat
capacities (m˙ ⋅ cp). In the wind tunnel experiment the minimum heat capacity was
always at the air side. The number of transfer units (NTU) of the heat exchanger
is calculated using Eq. (7.7). This is the -NTU relationship taken from the
ESDU [175] for a crossflow configuration with three tube rows and air the side
of Cmin. This relationship was also suggested by Wang et al. [31] for louvered fin
heat exchangers. C∗ is the heat capacity ratio. The overall heat transfer resistance
(UA)−1 can then be determined using Eq. (7.8).
 = Qm
Cmin ⋅ (Tw,in − Tair,in) (7.6)
 = 1
C∗ [1 − e−3KC∗ (1 +C∗K2 (3 −K) + 3 (C∗)2K42 )] (7.7)
K = 1 − e−NTU/3
1
UA
= 1
CminNTU
(7.8)
As is clear from Eq. (2.20), the overall heat transfer resistance (UA)−1 consists
of convective heat transfer and fouling on the air side, contact resistance between
the fins and tube, conduction through the tube wall and fouling and convective
heat transfer on the water side. Clean air and filtered water are used during
the experiments resulting in negligible fouling. Because it is very difficult to
separate the contact resistance from the air side convective heat transfer during the
experiments, it is common to lump both together during the data reduction [31].
Moreover, the influence of the contact resistance is small as the fins and tubes
were carefully assembled to ensure a good thermal contact between both. Thus
Eq. (2.20) reduces to Eq. (7.9).
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1
UA
= 1
hiAi
+ ln (DoDi )
2piλtLt
+ 1
ηohoAo
(7.9)
For the tested heat exchanger configuration, the thermal resistance on the water
side contributes on average 30.0% to the overall heat transfer resistance, while the
contributions of the thermal resistances of the tube material and the air side are
0.4% and 69.6%, respectively. Hence, the controlling heat transfer resistance is
located on the air side. The Gnielinski correlation [176] was used to calculate the
water side convective heat transfer coefficient hi. This correlation was developed
for transitional and turbulent tube flows (Reynolds number Rew = Vw ⋅Di/νw >
2300). However, Abraham et al. [177] found that the Gnielinski correlation is only
supported by experimental data in the range Rew > 4800 and should not be used
below that value. During the experiments Rew in the heat exchanger tubes was
larger than 5300 for all measurements. Thus the Gnielinski correlation can be used.
The water flows through the heat exchanger in 3 passes. In the first and the third
tube row the water flows through five tubes in parallel, while in the second tube
row the water flows only through four tubes in parallel. This is due to the staggered
tube layout. In the second tube row two plexi half-tubes are added to avoid bypass
flow. The Reynolds number in the first and third tube row is thus smaller than
the Reynolds number in the second tube row. The Nusselt number in the first and
third tube row (Nuw,1/3) and the Nusselt number in the second tube row (Nuw,2)
are calculated with the corresponding Reynolds numbers. Consequently, Nuw,1/3< Nuw,2. The overall Nusselt number on the water side is determined using Eq.
(7.10). The weight factors correspond to the number of tubes. An uncertainty
of ±10% on the overall water side Nusselt number was taken into account in the
uncertainty analysis.
Nuw = 10
14
Nuw,1/3 + 4
14
Nuw,2 (7.10)
The surface efficiency ηo was calculated with the fin efficiency ηf (Eq. (6.6)).
As in chapter 6, the fin efficiency ηf was obtained using Schmidt’s equivalent
circular fin method [156], Eqs. (6.7)-(6.13). An uncertainty of 7% on the fin
efficiency was taken into account in the error propagation (see also appendix
C). The air side convective heat transfer coefficient ho was determined from Eq.
(7.9). Because the fin efficiency is dependent on the air side convective heat
transfer coefficient (Eq. (6.12)), it resulted from iterative calculations. The air
side convective heat transfer coefficient is presented dimensionless as the Colburn
j-factor (Eq. (6.14)). The pressure drop across the heat exchanger is presented as
the fanning friction factor. It is calculated as proposed by Kays and London [154],
using Eq. (5.1). The friction factor includes the entrance and exit pressure loss.
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7.4 Uncertainty analysis
In order to be able to indicate the quality of the measurements a thorough
uncertainty analysis was performed according to the procedures outlined by Moffat
[139]. The uncertainties on the calculated results were determined with the
root-sum-square method [139], unless it is mentioned otherwise. The uncertainties
estimated on the thermodynamic properties of water and air are tabulated in
Table 7.4. They were determined based on recommendations in open literature
[140, 141, 178]. The air density was calculated from the ideal gas law and its
uncertainty resulted from the uncertainties on the air temperature (±0.5○C) and
the atmospheric pressure (±50 Pa). The thermodynamic properties of water were
calculated based on the IAPWS IF-97 formulation [140]. The calculation of the
uncertainty on the air mass flow rate is described in appendix E.
parameter symbol water air
Dynamic viscosity µ 1% 2%
Density ρ 0.001% 0.04%
Specific heat capacity cp 0.1% 2%
Thermal conductivity λ 1.8% 2%
Table 7.4: Relative uncertainties on the thermodynamic properties of water and air
parameter symbol Uncertainty range (%)
air mass flow rate m˙air 0.6 - 1.5
mean heat transfer rate Qm 2.1 - 2.5
exterior heat transfer surface area Ao 0.8
overall thermal resistance UA 4.6 - 8.4
water side Reynolds number Rew 2.3
air side Reynolds number ReDh 2.5 - 2.8
water side convective heat transfer coefficient hi 10.2
air side convective heat transfer coefficient ho 11.1 - 13.2
air side Colburn j-factor j 11.6 - 13.7
air side friction factor f 3.2 - 15.3
Table 7.5: Uncertainty range of the most important calculated variables
Table 7.5 presents the minimum and maximum relative uncertainty for the most
important calculated variables. The average relative uncertainty is 12.1% on the
air side Colburn j-factor and 7.1% on the air side friction factor. One week
after the measurements, the same measurements were repeated. The resulting
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Colburn j-factors and friction factors fell within each other’s uncertainty range.
This illustrates the reproducibility of the measurements.
7.5 Simulation of the tested heat exchanger
The periodic representation of the heat exchanger tested in the wind tunnel, was
simulated using CFD. The computational domain, grid generation, discretization
schemes and solvers are similar to what is explained in section 6.1. At the inlet
a uniform velocity parallel to the fin was imposed and the air inlet temperature
was set to 22○C. At the outlet the static pressure was set to 0 Pa (pressure outlet
boundary condition). The tube wall thickness was not meshed, but the shell
conduction approach was used [151]. A tube wall thickness of 3 mm was specified
and a constant tube wall temperature of 70○C was applied in the three tube rows.
The aluminum properties were selected from the fin and tube material datasheet:
ρ = 2710 kg/m3, λ = 220 W/mK and cp = 900 J/kgK. The Colburn j-factors and
friction factors are calculated as explained in section 6.2.
7.6 Air side heat transfer and pressure drop
The Colburn j-factors are plotted as function of the Reynolds numbers ReDh
in Figure 7.6. The open symbols represent the wind tunnel measurements and
the filled symbols are the simulation results. The uncertainty bars are indicated
on the experimental data. The simulated data agree well with the experimental
results within the considered uncertainty ranges. The friction factors are plotted
in Figure 7.7. The simulated friction factors show an acceptable agreement with
the experimental data, especially for low Reynolds numbers. At higher Reynolds
numbers, the simulations overpredict the experimental friction factor.
Even though there is an acceptable match between the simulations and the
experimental data within the uncertainty, the slopes of both data sets differ.
Possible explanations are:
• The tube wall temperature is not constant. In the simulations a constant
tube wall temperature is assumed. During the experiments the maximal
temperature drop at the water side is 2.7○C. The tube wall temperature is
mainly determined by the water temperature because the water side thermal
resistance is much smaller than the air side thermal resistance. The small
temperature drop at the water side and the high thermal conductivity of the
tube material (λ = 210 W/mK) justifies the use of the constant tube wall
temperature boundary condition.
• The tube wall temperature during the experiments is smaller than the tube
wall temperature applied in the simulations. During the simulations a
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Figure 7.6: Comparison between the experimental data and the simulation results:
Colburn j-factor vs. Reynolds number
Figure 7.7: Comparison between the experimental data and the simulation results:
Friction factor vs. Reynolds number
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constant tube wall temperature of 70○C was applied in the three tube rows
for all Reynolds numbers. As discussed above, at a fixed air side Reynolds
number the tube wall temperature can be assumed constant. However, this
temperature decreases with increasing Reynolds number. For each Reynolds
number, a simulation was performed with a constant tube wall temperature
equal to the tube wall temperature during the experiment. The experimental
tube wall temperature was determined via an iterative procedure and varied
between 52○C and 60○C. The results are reported in appendix F. They
indicate that the effect of the tube wall temperature is negligible.
• The contact resistance is not negligible. Even though the heat exchanger
tested in the wind tunnel was carefully assembled, a contact resistance
between the tubes, rings and fins is unavoidable. This contact resistance
should be as small as possible, which is ensured by a tight thermal contact.
Because it is very difficult to determine the contact resistance, during the
data reduction of the experimental measurements the contact resistance was
lumped together with the convective heat transfer resistance at the air side.
Simulations were performed to evaluate the effect of the contact resistance
on the Colburn j-factor. This is described in appendix F. The results indicate
that the influence of the contact resistance is negligible.
• During the experiments the flow was not laminar. All simulations are
performed assuming a laminar flow. In section 5.2 it was explained that
this assumption is reasonable for the considered Reynolds number range. In
the wind tunnel the turbulent intensity at the inlet of the test section was
measured using the hotwire. The turbulent intensity is defined as the ratio
of the root-mean-square of the turbulent velocity fluctuations to the mean
velocity. It varied between 1.3% (for Vin = 0.4 m/s) and 2.7% (for Vin
= 1.3 m/s). Thus in the wind tunnel a certain level of turbulence exists,
which is mainly important at higher Reynolds numbers. In turbulent flows
the friction factor is also dependent on the surface roughness: a higher
surface roughness results in a higher friction factor [16]. The fins and tubes
of the tested heat exchanger have a certain surface roughness. This is in
contrast to the simulations where the heat transfer surfaces are smooth.
Rough surfaces also trigger turbulence at lower Reynolds numbers than
smooth surfaces. Tian et al. [124] showed that at low Reynolds numbers the
difference between the simulation results using a laminar model and a RNG
k- turbulence model are small. At higher Reynolds numbers, however,
the RNG k- model predicts higher Colburn j-factors and lower friction
factors than the laminar model. Thus the turbulence inherent to the wind
tunnel setup and the surface roughness might explain the difference in slope
between the experimental data and the numerical predictions in Figures 7.6
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and 7.7. To decrease the level of turbulence in the setup a suction fan
downstream of the test section could be used (instead of the blower fan
upstream of the test section used in the current work).
7.7 Closure
In this chapter the numerical results were validated. A wind tunnel experiment
was set up and a compound heat exchanger was tested. A thorough uncertainty
analysis was performed. The same geometry was also simulated using CFD. In
general, there is an acceptable match between experiments and simulations. This
indicates the quality of the numerical results presented in this doctoral work.

8
Conclusions
In compound heat exchangers different enhancement techniques are combined.
The combination should lead to better performance than when the individual
techniques are applied separately. This will be the next generation of enhanced
fin surfaces. More energy efficient heat exchangers help to meet the 20-20-20
climate and energy targets of the European Union.
In this doctoral work the flow behaviour in louvered fin and round tube heat
exchangers was studied and regions where heat transfer enhancement is possible
were identified. Next, delta winglets were added to the louvered fin surface and the
thermal hydraulic performance of the compound design was investigated. Finally,
the compound heat exchanger was compared to existing enhanced fin designs.
Both experiments and simulations were performed.
Flow structures were visualized in six scaled-up models of louvered fin heat
exchangers with round tubes in a staggered layout. The flow visualizations
were performed in a water tunnel using the dye injection technique. At low
Reynolds numbers no horseshoe vortices are developed in front of the tubes and
the recirculation regions downstream of the tubes are small. As the Reynolds
number is increased the wake zones grow and finally become unstable. Horseshoe
vortices are formed and they become stronger with the Reynolds number. The
fin spacing also influences the horseshoe vortex development: increasing the fin
spacing results in a larger and stronger horseshoe vortex. The two resulting
streamwise vortex legs are destroyed by the louvers downstream of the turnaround
louver in the same tube row, especially at higher Reynolds numbers, smaller fin
pitches and larger louver angles. A reduction of the fin spacing also results
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in a suppression of the wake development. Furthermore, at the same Reynolds
number the horseshoe vortices in the downstream tube rows are stronger than in
the first tube row, sometimes resulting in secondary induced vortices. There is
also a difference between the vortex system above and underneath the fin surface
in the downstream tube rows. Numerical simulations showed that the difference
in horseshoe vortex system between the first and the downstream tube rows is
due to the flow deflection, which is typical for louvered fin heat exchangers. The
flow deflection affects the local pressure distributions upstream of the tubes of
the downstream tube rows and thus the horseshoe vortex development at these
locations.
Horseshoe vortices are very interesting from a thermal point of view as they
locally increase the convective heat transfer coefficients due to boundary layer
modification and a mixing effect. Utilizing the horseshoe vortex system to improve
heat transfer provides a natural gain in thermal performance (in contrast to vortices
created artificially by vortex generators). Hence, it is important that the louvers
do not destroy the horseshoe vortices immediately or even prevent them to form.
From this point of view the use of rectangular shaped louver layouts seems more
preferential than the use of X shaped louver layouts surrounding the tubes, because
in X shaped designs the horseshoe vortices are immediately destroyed by the
louvers or even prevented to form. However, at higher Reynolds numbers the
absence of the horseshoe vortices might be outweighed by the benefits associated
with the X shaped louver layout (i.e. more louvered fin surface per unit of heat
transfer surface area and a better flow mixing in the tube wakes).
The flow field study of louvered fin heat exchangers revealed zones of poor heat
transfer in the tube wake regions. This doctoral work focused on the reduction
of these tube wakes. Delta winglets in a common flow down orientation were
punched out of the louvered fin surface behind each tube. Three-dimensional
numerical simulations indicated that the generated longitudinal vortices cause
three important mechanisms of heat transfer enhancement. First, due to the
swirling motion of the generated vortices, hot air is removed from the tube wake
to the mainstream regions and vice versa. Second, the induced wall-normal flow
locally thins the boundary layer, which also enhances the heat transfer. Third, the
size of the wake zones is reduced because the flow separation from the tube surface
is delayed. This also results in a smaller form drag of the tube surface compared to
the geometry where no delta winglets are present. However, due to the increased
flow blockage and frictional pressure drop, the net core pressure drop increases
when delta winglets are added to the louvered fins. Further, it was found that the
vortices do not propagate far downstream as they are destroyed by the deflected
flow in the downstream louver bank.
A screening and sensitivity analysis of the most important geometrical
parameters were performed. At low Reynolds numbers the delta winglet geometry
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highly contributes to the thermal and hydraulic performance, while at higher
Reynolds numbers the performance is mainly determined by the louver geometry.
At low Reynolds numbers, the flow is more duct directed and thus the longitudinal
vortices generated by the delta winglets are not immediately destroyed by the
deflected flow when entering the downstream tube row. Also the wake zones
behind the tubes are large and stable. Hence, the reduction of these wake zones
by the delta winglets largely contributes to the thermal hydraulic performance.
At high Reynolds numbers, however, the flow is more louver directed. The
longitudinal vortices do not propagate far downstream in the heat exchanger as
they are destroyed by the deflected flow when entering the downstream tube row.
The wake zones are also less stable and thus the influence of the delta winglet
geometry is relatively smaller.
The smallest friction factor does not necessarily correspond with the ‘smallest’
delta winglet geometry. Next to the increase in frictional pressure drop, delta
winglets also cause a reduction in form drag of the tube surface. The optimal
values of the delta winglet geometry correspond with he lowest overall pressure
drop, including frictional pressure drop and form drag.
The compound design has a better thermal hydraulic performance than when
the louvers or the delta winglets are applied separately. The performance of the
compound design is also compared to existing heat exchanger types. This clearly
shows its potential. Especially for low Reynolds applications, such as HVAC&R
applications and in compressed air systems, the compound design can be made
smaller in size and thus more economical in cost (lower material and operational
cost).
Recommendations for future research
A well-considered geometry and location of the delta winglets is essential for
an improved thermal hydraulic performance. In this work a screening analysis
and a sensitivity analysis with five geometrical parameters were performed.
However, also other geometrical parameters contribute to the performance (louver
pitch, number of louvers, tube diameter, tube pitches, tube arrangement, etc.).
Besides, the performed analyses do not take the interactions between the different
parameters into account. Further improvement is thus possible by using more
advanced optimization techniques [179].
In general, staggered tube arrangements are preferred over inline tube
arrangements, because inline tube arrangements result in a smaller heat transfer.
This is due to the shorter flow path through the inline heat exchanger and the
larger tube wakes. Often the tubes are even located in the wake of the upstream
tube. The advantage of the inline arrangements, however, is the smaller pressure
drop compared to the staggered tube arragements. From this point of view the
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addition of delta winglets to heat exchangers with an inline tube arrangement
seems interesting, because the generated vortices can reduce the tube wakes and
thin the boundary layers. They will also impinge on the downstream tube, which
also augments the heat transfer. Compound designs with inline tube arrangements
are thus an interesting research topic.
In section 3.4.5.3 the idea of using small vortex generators mounted on both
sides of the fin surface was discussed. The motivation is that large vortex
generators are required to enhance the heat transfer on both fin surfaces, but these
vortex generators cause a high pressure drop which might dominate over the heat
transfer augmentation. In actual heat exchangers, however, vortex generators are
not mounted on the fin surface, but they are usually punched out of the fin surface.
Consequently, vortex generators on both sides of the fin surface cannot be located
at the same position. Different arrangements may be investigated, e.g. a delta
winglet pair in common flow down arrangement with both delta winglets on either
side of the fin surface.
Here two enhancement techniques were combined in the same tube row. As
explained in chapter 3, another example of compound heat exchangers are designs
with different fin patterns in subsequent tube rows. In the first tube row a large
driving temperature difference exists and the flow is still developing. Thus even
without enhanced fin types, the heat transfer in the first tube row is high. There it
is mainly important to keep the pressure drop as small as possible. Plain fins seem
a good candidate. Vortex generators may be added. These cause a secondary flow
enhancement and the associated pressure drop is thus low (the form drag can even
be reduced due to separation delay). The driving temperature difference decreases
with the tube row number. Consequently, to ensure a high heat transfer rate in
the downstream tube rows, high convective heat transfer coefficients are preferred.
Main flow enhancement with interrupted fin surfaces can be used in these tube
rows. Such compound designs seem promising. More research on this topic is
suggested.
A
Influence of the dye injection system
on the flow field
As is discussed in section 4.2, the dye injection system used in the water tunnel
consists of a 1.2-mm-diameter injection tube of which the end is bent in the flow
direction. Thin circular discs (diameter 20 mm, thickness 0.1 mm) were mounted
over the height of the injection tube at a mutual distance of 5 mm to suppress the
vortex development and propagation from the tube surface. A similar injection
system was also used by T’Joen [23] during his water tunnel experiment.
Numerical simulations were performed to study the effect of the dye injection
system on the flow field. The thee-dimensional computational domain is shown
in Figure A.1: the test section with the dye injection system. At the inlet a
uniform velocity of 6 cm/s was imposed. This is the highest water velocity during
the experiments. Thus for this velocity the largest flow field disturbance can
be expected. The outflow boundary condition is applied at the outlet. No slip
boundary conditions were applied on the injection system and test section walls.
Laminar unsteady simulations were performed. The double precision segregated
solver was used to solve the standard Navier-Stokes equations [151]. The SIMPLE
algorithm was applied for the pressure-velocity coupling. The discretization
of the convective terms in the governing equations is done via a second order
upwind scheme, while a second order central differencing scheme is applied for
the diffusive terms. The gradients are evaluated via the least squares cell based
method. The pressure gradient in the momentum equations is treated via a second
order discretization scheme. Convergence criteria were set to 10−8 for continuity
190 APPENDIX A
and velocity components. Setting smaller values for these criteria did not result in
any notable differences in the flow field prediction. Water properties were set to a
constant value (ρ = 998.2 kg/m3 and µ = 1.003⋅10−3 Pas).
Figure A.2a shows the contour plot of the velocity magnitude in a horizontal
plane halfway the test section height. The horizontal part of the injection tube is
located in this plane. The dashed line indicates the position of the leading edge
of the heat exchanger model. Figure A.2b shows the contour plot of the velocity
magnitude in a horizontal plane 3 cm above the center of the test section. The
influence of the dye injection system on the flow field is limited to a small region
downstream of the injection tube. At the entrance of the heat exchanger model the
flow disturbances have almost completely disappeared: the maximum deviation of
the inlet velocity is about 5%. Thus the effect of the dye injection system on the
flow field in the heat exchanger model is negligible.
Figure A.1: Three-dimensional computational domain: test section with dye injection
system
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Figure A.2: Simulation of the influence of the dye injection system on the flow field in the
test section. The dashed line indicates the position of the leading edge of the heat
exchanger model. (a) horizontal plane showing the velocity magnitude halfway the height
of the test section. In this plane the horizontal part of the injection tube is located; (b)
horizontal plane showing the velocity magnitude 3 cm above the center of the test section.

B
Meshing the computational domain
The computational domain described in chapters 5 and 6 is meshed using
Gambit©. The quality of the mesh was carefully assessed during the meshing.
The computational domain was divided into several subdomains. Most of
the air subdomains were meshed with quad elements. Only the subdomains
with the transition zone between the angled louver and flat landing and the
subdomains surrounding the delta winglets were meshed using unstructured
tetrahedral elements. The mesh gets finer towards the fin surface to capture the
temperature and velocity gradients in the near wall regions.
It is difficult to show a clear representation of the mesh at the air side in a
picture due to the three-dimensionality. Figure B.1 shows the mesh on the fin and
tube surfaces and on the periodic boundaries. Close-ups of some critical regions
are provided in Figure B.2.
Because chapter 5 focuses on the flow behaviour and not on the heat transfer,
only the air surrounding the heat exchanger is meshed. In chapter 6, however, the
conjugate heat transfer was computed. Hence, next to the air domain, also the solid
fin material was meshed. The fin material was meshed with quad elements using
three cells over the fin thickness. This is illustrated in Figure B.3.
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Figure B.1: Mesh on the fin and tube surfaces and on the periodic boundaries
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Figure B.2: Mesh in some critical regions: (a) mesh on the tube and fin surface ((1) tube
wall, (2) flat landing, (3) transition zone and (4) angled louver); (b) mesh around the
louvers
Figure B.3: Side view of some louvers: the air is meshed in yellow and the fin material is
meshed in brown

C
Fin efficiency of compound design
To determine the airside convective heat transfer coefficient from the airside heat
transfer resistance, the fin efficiency has to be calculated (see section 2.2.3). The
fin efficiency ηf is the ratio of the actual heat transferred by the fin (Qf,actual)
to the amount of heat which would have been transferred if the entire fin were at
the base temperature of the fin (Qf,ideal), Eq. (C.1). The fin temperature differs
from the base temperature due to conduction through the fin cross section and
convective heat transfer from the fin surface.
ηf = Qf,actual
Qf,ideal
(C.1)
To determine the exact value of the fin efficiency an extra simulation of the
ideal case is necessary. As this is very time consuming, commonly correlations
are used to calculate the fin efficiency [16]. In this doctoral work the fin efficiency
ηf was obtained using the equivalent circular fin method of Schmidt [156]. He
suggested to approximate the fin efficiency of plain continuous fins (with an inline
or staggered tube arrangement) by the circular fin efficiency and an equivalent
circular radius. For a staggered tube layout the fin surface is divided into hexagonal
unit cells, as is illustrated in Figure 6.3. Correlations were developed for an
equivalent circular fin having the same fin efficiency as the hexagonal fin. Using
this equivalent radius, the fin efficiency can be calculated with Eqs. (6.7)-(6.13).
Due to the lack of more accurate approximations, the method of Schmidt is
also frequently used to calculate the fin efficiency of interrupted fin surfaces
[31, 58, 91, 157], which explains why it is also used in this doctoral work.
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The equivalent circular fin method is a modification of Schmidt’s formula for
the efficiency of a plane circular fin [156]. The difference between the exact value
of the fin efficiency of a plane circular fin and the predicted value with Schmidt’s
formula is less than 1% [17]. Correlations of the fin efficiency obtained from
a circular fin analysis are based on several assumptions. These assumptions are
refered to as the ideal fin assumptions [180]:
1. One-dimensional radial conduction through the fin;
2. steady state conditions;
3. negligible radiative heat transfer;
4. constant fin conductivity;
5. constant convective heat transfer coefficient over the entire fin surface;
6. constant fin base temperature;
7. negligible thermal contact resistance between the primary surface and the
fin;
8. the surrounding fluid is assumed at contant temperature.
Fin surface interruptions, such as louvers or punched vortex generators, alter
the conduction path through the fin compared to plain fins. Consequently, the
assumption of a one-dimensional radial conduction through the fin is no longer
valid. Perrotin and Clodic [181] compared the exact fin efficiency of a slit
fin with the predicted value obtained from the approximation of Schmidt [156].
The convective heat transfer coefficient over the fin was constant during the
calculations. They showed that the approximation can overestimate the slit fin
efficiency up to 5%.
Normally, the convective heat transfer coefficient also varies over the fin surface
and the surrounding air temperature is not constant. Thus assumptions 5 and 8 are
not valid. The effect of a variable convective heat transfer coefficient over the
surface of straight, pin and annular fins was studied by Mokheimer [182, 183].
He found that the assumption of a constant fin convective heat transfer coefficient
results in a significant underestimation of the fin efficiency (differences up to 20%
and more are reported).
To have an idea of the difference between the exact fin efficiency of a compound
design and the predicted fin efficiency, the fin efficiency of a compound design
was determined with Eq. (C.1) using CFD and compared to the predicted
value obtained with Schmidt’s equivalent circular fin method [156]. Two CFD
simulations were performed for the geometry listed in Table C.1. In both cases
the tube wall adjacent to the air was adiabatic and the tube wall in contact with
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parameter symbol value
Outer tube diameter Do (mm) 6.75
Fin thickness tf (mm) 0.12
Louver pitch Lp (mm) 1.50
Louver angle θ (○) 22
Fin pitch Fp (mm) 1.99
Transversal tube pitch Pt (mm) 17.6
Longitudinal tube pitch Pl (mm) 13.6
Streamwise delta winglet position ∆x (mm) 0.5Do
Spanwise delta winglet position ∆z (mm) 0.3Do
Angle of attack α (○) 30
Delta winglet height h (mm) 0.7 ⋅ s
Delta winglet base b (mm) h
Table C.1: Geometry of the compound design used to determine the actual fin efficiency
the fin base was isothermal at 50○C. In the first simulation the fin surface itself
was also isothermal at 50○C. This ideal case allows the determination of Qf,ideal.
In the second simulation the conduction through the fin was computed. This is
thus the real situation with a temperature gradient over the fin surface. From this
simulation case Qf,actual was determined.
The results are plotted in Figure C.1. Schmidt’s approximation significantly
underestimates the fin efficiency of the compound design (up to 7%). This is due
to the strong variation of the local convective heat transfer coefficient along the
fin surface. Calculating the exact value of the fin efficiency for each simulated
geometry is too time consuming as this requires extra simulations of the ideal case
with constant fin temperature. Due to the lack of more accurate correlations for
interrupted fin designs, the equivalent circular fin method of Schmidt [156] was
used in this doctoral work. This method is also frequently used by other authors to
calculate the fin efficiency of interrupted fin surfaces [31, 58, 91, 157]. Using the
same method allows an easy comparison of the performance of the compound
designs studied in this PhD with the performance of compact heat exchangers
discussed in literature.
Some authors suggest to report to product of the surface efficiency and the
convective heat transfer coefficient as they form one component of the airside heat
transfer resistance [171, 181]. This approach has not yet been established, but is
certainly to be considered in the future.
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Figure C.1: Comparison between the exact values of the fin efficiency determined using
CFD and the predicted values calculated with Schmidt’s equivalent circular fin
method [156]
D
Parameter screening of the compound
design
Five main geometrical parameters of the compound design are screened: the fin
pitch Fp, the louver angle θ, the delta winglet angle of attack α, the delta winglet
height ratio h∗ and the delta winglet aspect ratio Λ. The screening analysis is
performed for four different inlet velocities. The results for Vin = 1.26 m/s are
discussed in section 6.5. Here the findings for the three other velocities (Vin =
0.63 m/s, 2.69 m/s and 5.25 m/s) are reported. The calculations and interpretation
of the tables and figures in this appendix are similar as in section 6.5 and they are
not repeated here.
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D.1 Colburn j-factor
no. Fp (mm) θ (○) α (○) h∗ Λ j
1 1.20 22 35 0.9 1.0 0.0423
2 1.20 22 25 0.5 1.5 0.0423
3 1.20 35 35 0.5 2.0 0.0423
4 1.71 28 25 0.9 2.0 0.0532
5 1.71 35 30 0.9 1.5 0.0544
6 1.71 35 25 0.7 1.0 0.0528
7 1.99 22 30 0.7 2.0 0.0413
8 1.99 28 35 0.7 1.5 0.0515
9 1.99 28 30 0.5 1.0 0.0504
Table D.1: Colburn j-factor for each simulation case at Vin = 0.63 m/s
no. Fp (mm) θ (○) α (○) h∗ Λ j
1 1.20 22 35 0.9 1.0 0.0217
2 1.20 22 25 0.5 1.5 0.0219
3 1.20 35 35 0.5 2.0 0.0234
4 1.71 28 25 0.9 2.0 0.0220
5 1.71 35 30 0.9 1.5 0.0240
6 1.71 35 25 0.7 1.0 0.0226
7 1.99 22 30 0.7 2.0 0.0199
8 1.99 28 35 0.7 1.5 0.0213
9 1.99 28 30 0.5 1.0 0.0209
Table D.2: Colburn j-factor for each simulation case at Vin = 2.69 m/s
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no. Fp (mm) θ (○) α (○) h∗ Λ j
1 1.20 22 35 0.9 1.0 0.0141
2 1.20 22 25 0.5 1.5 0.0141
3 1.20 35 35 0.5 2.0 0.0163
4 1.71 28 25 0.9 2.0 0.0152
5 1.71 35 30 0.9 1.5 0.0168
6 1.71 35 25 0.7 1.0 0.0160
7 1.99 22 30 0.7 2.0 0.0139
8 1.99 28 35 0.7 1.5 0.0144
9 1.99 28 30 0.5 1.0 0.0142
Table D.3: Colburn j-factor for each simulation case at Vin = 5.25 m/s
level Fp (mm) θ (○) α (○) h∗ Λ
Colburn j-factor 1 0.0423 0.0420 0.0454 0.0500 0.0485
2 0.0535 0.0517 0.0487 0.0485 0.0494
3 0.0477 0.0498 0.0494 0.0450 0.0456
R (max - min) 0.034 0.0112 0.0097 0.0041 0.0050 0.0038
Contribution ration (%) 100 33.1 28.9 12.1 14.7 11.3
Table D.4: Factorial effect on and contribution ratio to the Colburn j-factor for each
control parameter at Vin = 0.63 m/s
level Fp (mm) θ (○) α (○) h∗ Λ
Colburn j-factor 1 0.0223 0.0212 0.0221 0.0226 0.0217
2 0.0229 0.0214 0.0216 0.0213 0.0224
3 0.0207 0.0233 0.0222 0.0221 0.0218
R (max - min) 0.007 0.0022 0.0022 0.0006 0.0013 0.0007
Contribution ration (%) 100 31.6 31.6 8.3 18.9 9.7
Table D.5: Factorial effect on and contribution ratio to the Colburn j-factor for each
control parameter at Vin = 2.69 m/s
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level Fp (mm) θ (○) α (○) h∗ Λ
Colburn j-factor 1 0.0148 0.0140 0.0149 0.0154 0.0148
2 0.0160 0.0146 0.0150 0.0148 0.0151
3 0.0142 0.0164 0.0151 0.0149 0.0151
R (max - min) 0.005 0.0018 0.0023 0.0002 0.0006 0.0004
Contribution ration (%) 100 34.6 44.0 3.1 11.3 6.9
Table D.6: Factorial effect on and contribution ratio to the Colburn j-factor for each
control parameter at Vin = 5.25 m/s
Figure D.1: Contribution ratio to the Colburn j-factor of each control parameter at Vin =
0.63 m/s
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Figure D.2: Contribution ratio to the Colburn j-factor of each control parameter at Vin =
2.69 m/s
Figure D.3: Contribution ratio to the Colburn j-factor of each control parameter at Vin =
5.25 m/s
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D.2 Friction factor f
no. Fp (mm) θ (○) α (○) h∗ Λ f
1 1.20 22 35 0.9 1.0 0.2058
2 1.20 22 25 0.5 1.5 0.2033
3 1.20 35 35 0.5 2.0 0.2295
4 1.71 28 25 0.9 2.0 0.1934
5 1.71 35 30 0.9 1.5 0.2175
6 1.71 35 25 0.7 1.0 0.2089
7 1.99 22 30 0.7 2.0 0.1439
8 1.99 28 35 0.7 1.5 0.1749
9 1.99 28 30 0.5 1.0 0.1693
Table D.7: Friction factor for each simulation case at Vin = 0.63 m/s
no. Fp (mm) θ (○) α (○) h∗ Λ f
1 1.20 22 35 0.9 1.0 0.0774
2 1.20 22 25 0.5 1.5 0.0765
3 1.20 35 35 0.5 2.0 0.1014
4 1.71 28 25 0.9 2.0 0.0894
5 1.71 35 30 0.9 1.5 0.1056
6 1.71 35 25 0.7 1.0 0.0990
7 1.99 22 30 0.7 2.0 0.0752
8 1.99 28 35 0.7 1.5 0.0869
9 1.99 28 30 0.5 1.0 0.0834
Table D.8: Friction factor for each simulation case at Vin = 2.69 m/s
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no. Fp (mm) θ (○) α (○) h∗ Λ f
1 1.20 22 35 0.9 1.0 0.0566
2 1.20 22 25 0.5 1.5 0.0562
3 1.20 35 35 0.5 2.0 0.0822
4 1.71 28 25 0.9 2.0 0.0731
5 1.71 35 30 0.9 1.5 0.0870
6 1.71 35 25 0.7 1.0 0.0815
7 1.99 22 30 0.7 2.0 0.0605
8 1.99 28 35 0.7 1.5 0.0713
9 1.99 28 30 0.5 1.0 0.0686
Table D.9: Friction factor for each simulation case at Vin = 5.25 m/s
level Fp (mm) θ (○) α (○) h∗ Λ
friction factor 1 0.2129 0.1843 0.2034 0.2056 0.1947
2 0.2066 0.1792 0.1769 0.1759 0.1986
3 0.1627 0.2187 0.2019 0.2007 0.1889
R (max - min) 0.156 0.0502 0.0395 0.0265 0.0297 0.0097
Contribution ration (%) 100 32.3 25.4 17.1 19.1 6.2
Table D.10: Factorial effect on and contribution ratio to the friction factor for each control
parameter at Vin = 0.63 m/s
level Fp (mm) θ (○) α (○) h∗ Λ
friction factor 1 0.0851 0.0764 0.0886 0.0908 0.0866
2 0.0980 0.0865 0.0881 0.0870 0.0897
3 0.0818 0.1020 0.0883 0.0871 0.0887
R (max - min) 0.049 0.0162 0.0256 0.0005 0.0038 0.0031
Contribution ration (%) 100 32.9 52.2 1.0 7.7 6.3
Table D.11: Factorial effect on and contribution ratio to the friction factor for each control
parameter at Vin = 2.69 m/s
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level Fp (mm) θ (○) α (○) h∗ Λ
friction factor 1 0.0650 0.0578 0.0700 0.0722 0.0689
2 0.0805 0.0710 0.0720 0.0711 0.0715
3 0.0668 0.0836 0.0703 0.0690 0.0719
R (max - min) 0.050 0.0155 0.0258 0.0020 0.0032 0.0030
Contribution ration (%) 100 31.3 52.1 4.1 6.4 6.1
Table D.12: Factorial effect on and contribution ratio to the friction factor for each control
parameter at Vin = 5.25 m/s
Figure D.4: Contribution ratio to the friction factor of each control parameter at Vin =
0.63 m/s
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Figure D.5: Contribution ratio to the friction factor of each control parameter at Vin =
2.69 m/s
Figure D.6: Contribution ratio to the friction factor of each control parameter at Vin =
5.25 m/s
210 APPENDIX D
D.3 Area goodness factor j/f
Here only the tables with the calculated values of the area goodness factors are
listed. The contribution ratios to the area goodness factor of each control parameter
are plotted in Figure 6.18 for the inlet velocities Vin = 0.63 m/s, 1.26 m/s, 2.69
m/s and 5.25 m/s.
no. Fp (mm) θ (○) α (○) h∗ Λ j/f
1 1.20 22 35 0.9 1.0 0.2055
2 1.20 22 25 0.5 1.5 0.2080
3 1.20 35 35 0.5 2.0 0.1843
4 1.71 28 25 0.9 2.0 0.2751
5 1.71 35 30 0.9 1.5 0.2501
6 1.71 35 25 0.7 1.0 0.2527
7 1.99 22 30 0.7 2.0 0.2871
8 1.99 28 35 0.7 1.5 0.2944
9 1.99 28 30 0.5 1.0 0.2978
Table D.13: Area goodness factor for each simulation case at Vin = 0.63 m/s
no. Fp (mm) θ (○) α (○) h∗ Λ j/f
1 1.20 22 35 0.9 1.0 0.2919
2 1.20 22 25 0.5 1.5 0.2931
3 1.20 35 35 0.5 2.0 0.2418
4 1.71 28 25 0.9 2.0 0.2807
5 1.71 35 30 0.9 1.5 0.2578
6 1.71 35 25 0.7 1.0 0.2557
7 1.99 22 30 0.7 2.0 0.2843
8 1.99 28 35 0.7 1.5 0.2834
9 1.99 28 30 0.5 1.0 0.2887
Table D.14: Area goodness factor for each simulation case at Vin = 1.26 m/s
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no. Fp (mm) θ (○) α (○) h∗ Λ j/f
1 1.20 22 35 0.9 1.0 0.2804
2 1.20 22 25 0.5 1.5 0.2864
3 1.20 35 35 0.5 2.0 0.2308
4 1.71 28 25 0.9 2.0 0.2461
5 1.71 35 30 0.9 1.5 0.2273
6 1.71 35 25 0.7 1.0 0.2283
7 1.99 22 30 0.7 2.0 0.2645
8 1.99 28 35 0.7 1.5 0.2451
9 1.99 28 30 0.5 1.0 0.2507
Table D.15: Area goodness factor for each simulation case at Vin = 2.69 m/s
no. Fp (mm) θ (○) α (○) h∗ Λ j/f
1 1.20 22 35 0.9 1.0 0.2493
2 1.20 22 25 0.5 1.5 0.2507
3 1.20 35 35 0.5 2.0 0.1983
4 1.71 28 25 0.9 2.0 0.2081
5 1.71 35 30 0.9 1.5 0.1932
6 1.71 35 25 0.7 1.0 0.1962
7 1.99 22 30 0.7 2.0 0.2297
8 1.99 28 35 0.7 1.5 0.2021
9 1.99 28 30 0.5 1.0 0.2069
Table D.16: Area goodness factor for each simulation case at Vin = 5.25 m/s
level Fp (mm) θ (○) α (○) h∗ Λ
Area goodness factor 1 0.1993 0.2336 0.2281 0.2436 0.2520
2 0.2593 0.2891 0.2783 0.2781 0.2508
3 0.2931 0.2290 0.2453 0.2300 0.2488
R (max - min) 0.255 0.0938 0.0600 0.0502 0.0480 0.0032
Contribution ration (%) 100 36.7 23.5 19.7 18.8 1.2
Table D.17: Factorial effect on and contribution ratio to the area goodness factor for each
control parameter at Vin = 0.63 m/s
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level Fp (mm) θ (○) α (○) h∗ Λ
Area goodness factor 1 0.2756 0.2898 0.2724 0.2768 0.2788
2 0.2647 0.2843 0.2769 0.2745 0.2781
3 0.2855 0.2518 0.2765 0.2745 0.2689
R (max - min) 0.076 0.0208 0.0380 0.0046 0.0023 0.0099
Contribution ration (%) 100 27.5 50.3 6.1 3.0 13.1
Table D.18: Factorial effect on and contribution ratio to the area goodness factor for each
control parameter at Vin = 1.26 m/s
level Fp (mm) θ (○) α (○) h∗ Λ
Area goodness factor 1 0.2658 0.2771 0.2521 0.2512 0.2531
2 0.2339 0.2473 0.2475 0.2460 0.2529
3 0.2535 0.2288 0.2536 0.2560 0.2471
R (max - min) 0.102 0.0320 0.0483 0.0061 0.0100 0.0060
Contribution ration (%) 100 31.2 47.2 6.0 9.8 5.9
Table D.19: Factorial effect on and contribution ratio to the area goodness factor for each
control parameter at Vin = 2.69 m/s
level Fp (mm) θ (○) α (○) h∗ Λ
Area goodness factor 1 0.2328 0.2432 0.2166 0.2168 0.2175
2 0.1991 0.2057 0.2099 0.2093 0.2153
3 0.2129 0.1959 0.2183 0.2187 0.2120
R (max - min) 0.104 0.0336 0.0473 0.0084 0.0093 0.0054
Contribution ration (%) 100 32.3 45.4 8.1 9.0 5.2
Table D.20: Factorial effect on and contribution ratio to the area goodness factor for each
control parameter at Vin = 5.25 m/s
E
Air mass flow rate measurements
In the wind tunnel experiment described in chapter 7, the air mass flow rate is
measured with a standard orifice plate mounted at the beginning of the suction
pipe of the fan. The orifice plate was designed and manufactured according to the
standards ISO 5167-1:1991 [169] and VDI/VDE 2041 [170]. Figure E.1 shows
the axial plane cross-section of a standard orifice plate. The geometric parameters
are also indicated. The dimensions of the orifice plate used during the experiment
are listed in Table E.1. The straight pipe length downstream of the orifice is 10D
(with D the internal pipe diameter). A pressure tapping is located at a distance
D/2 downstream of the orifice. The air mass flow rate was determined from
Eq. (E.1). β is the diameter ratio d/D, C is the coefficient of discharge,  is
the expansibility factor, ρ is the air density and ∆p is the pressure drop over the
orifice plate. Subscript 1 refers to the upstream condition. As stated in the VDI
standard the discharge coefficient C is 0.60 and the factor (1 − β4)−1/2 is set equal
to 1 [170]. The coefficient of discharge 1 is calculated with Eq. (E.2). κ is the
isentropic exponent. The resulting range of mass flow rates and Reynolds numbers
are presented in Table E.1.
m˙air = 1√
1 − β4 pi4C1d2√2ρ1∆p (E.1)
1 = 1 − 0.41 ∆p
κp1
(E.2)
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Figure E.1: Axial plane cross-section of a standard orifice plate with indication of the
geometric parameters [169]
parameter symbol value
Plate thickness E (mm) 5.0
Orifice thickness e (mm) 3.0
Angle of bevel F (○) 45
Internal pipe diameter D (mm) 316.0
Diameter of the orifice d (mm) 101.0
Air mass flow rate m˙air (kg/s) 0.035 - 0.12
Reynolds number ReDh 360 - 1400
Table E.1: Dimensions of the orifice plate, air mass flow rates and Reynolds numbers
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The uncertainty on the air mass flow rate is calculated as described by the
standard ISO 5167-1:1991 [169] using Eq. (E.3). δ refers to the absolute
uncertainty. The straight pipe length downstream of the orifice plate is longer
than the specified values for “zero additional uncertainty”. Hence, the uncertainty
of the discharge coefficient C can be set to 0.6% and the relative uncertainty (in %)
of the expansibility factor 1 is 4∆p/p1 [169]. The uncertainty on the diameters
d and D is 50 µm. The uncertainty on the pressure drop ∆p is 0.5 Pa. The air
density was calculated from the ideal gas law and its uncertainty resulted from the
uncertainties on air temperature and atmospheric pressure. Applying Eq. (E.3)
yields a maximum relative uncertainty on m˙air of 1.5%.
(δm˙air
m˙air
)2 = (δC
C
)2 + (δ1
1
)2 + ( 2β4
1 − β4 )2 (δDD )2 + ( 21 − β4 )2 (δdd )2
+ 1
4
(δ∆p
∆p
)2 + 1
4
(δρ1
ρ1
)2 (E.3)
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Validation experiment: extra
simulations
In chapter 7 a validation experiment is described. There is an acceptable match
between the experimental data and the numerical predictions within the considered
uncertainty range. In this appendix some extra simulations are reported to evaluate
the influence of the wall temperature and the contact resistance on the Colburn
j-factors. The results are plotted in Figure F.1. The open circles (experiment) and
the filled circles (simulation) are the same data as reported in section 7.6.
During the simulations a constant tube wall temperature of 70○C was applied in
the three tube rows for all Reynolds numbers. However, during the experiment
the tube wall temperature decreases with increasing Reynolds number. For
each Reynolds number, a simulation was performed with a constant tube wall
temperature equal to the tube wall temperature during the experiment. The
experimental tube wall temperature was determined via an iterative procedure. It
varied between 52○C and 60○C. The square symbols in Figure F.1 represent the
simulation results. They indicate that the effect of the tube wall temperature is
negligible.
Even though the heat exchanger tested in the wind tunnel was carefully
assembled, a contact resistance between the tubes, rings and fins is unavoidable.
This contact resistance should be as small as possible, which is ensured by a tight
thermal contact. Because it is very difficult to determine the contact resistance,
during the data reduction of the experimental measurements the contact resistance
was lumped together with the convective heat transfer resistance at the air side.
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Figure F.1: Comparison between the experimental data and the simulation results: extra
simulations of the Colburn j-factors
Simulations were performed to evaluate the effect of the contact resistance on
the Colburn j-factor. This was done by reducing the wall thickness in the shell
conduction algorithm from 3.0 mm to 1.5 mm. That this is equal to an increased
contact resistance is explained in Figure F.2. Figure F.2a shows a schematic
representation of the heat exchanger tested in the wind tunnel. Aluminum rings
with a height equal to the fin spacing were slid over the aluminum tubes ensuring
the correct distance between the fins. A bullet was pushed through each tube with
a hydraulic press. This expansion of the tubes ensures a good contact between the
tubes and the fins and between the tubes and the rings. The tube wall and the rings
result in a total tube wall thickness of 3.0 mm. The geometry which is simulated in
Fluent© is presented in Figure F.2b. Here the tube wall is not meshed, but the shell
conduction approach is used (thus Fluent© automatically grows a layer of cells for
the tube wall). As illustrated in Figure F.2c, a tube wall thickness of 3.0 mm was
specified. This corresponds to a perfect thermal contact between the tubes, rings
and fins (no contact resistance). Due to the expansion of the tubes it is believed
that the air gaps between the tubes and the rings and between the tubes and the
fins are negligible. During the expansion process, however, the rings and fins were
only hold together using screws at both tube ends. Hence, small air gaps might be
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Figure F.2: Use of the shell conduction approach to evaluate the effect of the contact
resistance
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present between the rings and the fins (see Figure F.2d). This results in a contact
resistance. Due to the air gaps less heat flux flows towards the fins and thus the
tube wall temperature increases, i.e. Twall,airgaps > Twall,perfect. In Fluent© the
heat flux towards the fins can be reduced by reducing the tube wall thickness in the
shell conduction algorithm. Figure F.2e shows the new configuration with a shell
thickness of 1.5 mm instead of 3.0 mm (thus only the actual tube wall thickness
is considered and not the rings). This yields Twall,1.5mm > Twall,3.0mm. The
configuration with reduced shell thickness was used to evaluate the effect of the
contact resistance. The simulation results are plotted in Figure F.1 as triangular
symbols. They indicate that the effect of the contact resistance is very small. The
predicted Colburn j-factors are slightly higher than when a perfect thermal contact
exists between the fins and the rings.
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